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1 INTRODUCTION

Chemical and biological protective suits significantly reduce the human body's

natural cooling ability. Normally, the body responds to heat stress by sweating which

provides cooling through evaporation. The protective suit, however, is designed to be air

tight which blocks this cooling mechanism. Heat stress is therefore a serious risk for the

user and active cooling is often required. Current personal cooling solutions use battery

powered heat pumps or ice packs to remove heat from the body. However, either method

is limited by energy density. To obtain enough operating time for a typical eight hour

mission, the battery or ice packs become unacceptably heavy. A better solution is

needed.

Combustion driven heat actuated heat pumps have the potential to meet this need.

Liquid hydrocarbon fuels have an energy density of about 42 kJ/gm. In comparison, the

heat absorbed by melting ice is just 334 J/gm while the energy density of lithium-ion

batteries is about 700 JIgm. Thus, even with 10% to 20% conversion efficiency from

chemical to mechanical energy, combustion driven systems could provide much longer

operation for the same weight of energy storage.

1.1 Historical Background

Although miniature heat pumps are still in the developmental stage, heat pumps

on a larger scale have become quite refined due to their importance in the modern world.

Their development over the past two centuries has produced dramatic improvements in

our quality of life. The technology is the basis of refrigeration and air conditioning and is

now widely used in heating as well.
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Commercial uses of heat pumps for refrigeration began in the 1850's with plant

scale production of ice. Among the first in this period was the vapor compression

machine of Alexander Twinning built in Cleveland in 1853. The machine produced up to

1600 lbs / day of ice using sulphuric ether as the refrigerant. The ice was distributed to

residential and commercial customers for keeping perishables cold in "ice boxes". By

the mid-1870's refrigerated rail cars began to appear for transporting food from rural

production centers to urban consumers. Over the next fifteen years, the number of cars

reached 100,000 transport units. At the same time, refrigerated shipping was growing

rapidly. The first demonstration of refrigerated shipping was the transport of frozen beef

from Indianola, Texas to New Orleans in 1869. Within a decade frozen beef was being

shipped to Europe from Argentina and Australia [1J.

The use of heat pumps rapidly expanded in the late nineteenth century to include

air conditioning applications. Initially, the applications were industrial ones where

improvements in the quality or output of a production process could be obtained.

Examples include improvements in printing through moisture control of the plant air,

higher quality and yield of tobacco curing, and better precision in the production of fine

instruments through control of thermal expansion. Through the late nineteenth and early

twentieth centuries, heat pumps were also used to provide air conditioning for human

comfort, but to a lesser extent that in industrial applications. This began to change in the

l920s when air conditioning was used to stimulate business by comforting patrons.

Movie theaters, department stores, and railcars are examples [2].

Refrigeration on a small scale did not become common place until the advent of

the hermetically sealed, electric motor driven compressor. This device allowed small



vapor compression machines suitable for domestic use to operate with no loss of the

refrigerant. As early refrigerants such as ammonia and sulfur dioxide were toxic,

flammable, or both, it was important to have a completely sealed system. A sealed

system also allowed the heat pump to operate with minimal maintenanceanother key

feature for early market acceptance. Although prototype hermetic compressors were

demonstrated as early as 1908, commercial units did not appear in significant number

until the late 1920s. By the early 1940s, room-size air conditioners began to be produced

based on the refrigerator heat pump designs [3-5].

Today small heat pumps for refrigeration and air conditioning are ubiquitous in

domestic and automotive applications. Yet despite the wide spread use, current systems

for personal cooling applications are still in a relatively primitive state of development.

This is especially true for heat actuated systems which have been restricted to industrial

applications due to their higher first cost.

1.2 Heat Pump Technology

The foundation of the heat pump is the vapor compression cycle. The cycle uses

a mechanical compressor to draw a partial vacuum on an evaporator space. Liquid

contained in the evaporator vaporizes at a relatively low temperature and absorbs heat

through the walls of the evaporator. The vapor is then compressed to a higher pressure

where it will condense at a higher temperature. As it does so, it releases the absorbed

heat. The condensed liquid then returns to the low pressure section through an orifice

that restricts its flow, and the cycle repeats. The ratio of heat removed from the low

temperature space to the work input to the compressor is the coefficient of performance

(COP).
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Figure 1.1: Schematic of Vapor Compression Cycle

The most common source of work to drive the heat pump is an electric motor or a

power-take-off from an engine. Before electricity became widespread, however, it was

not always convenient to mechanically drive the compressor. Therefore, heat actuated

cycles were developed. These include the absorption cycle and jet ejector cycle. The

absorption cycle uses an absorbent solution to absorb vapor from the evaporator. The

solution is then pumped to the high pressure side where the refrigerant is driven off by

heating. The depleted solution returns to the low pressure side to be reused. The appeal

of the cycle is the mechanical power required to circulate the solution is a tiny fraction of

that needed to directly compress the vapor. A typical COP for an absorption cycle

system is about 0.7. To those familiar with mechanically actuated heat pumps, this

number may seem quite low. However, mechanically driven COPs do not include the

efficiency with which the mechanical work was produced. When this efficiency is

factored in, the COP of the mechanical driven heat pump is much closer to the heat

actuated number. For instance, a mechanically driven heat pump with a COP of 5

combined with a power generation efficiency of 24% would yield an overall COP of 1.2.

From this perspective, the absorption cycle COP is reasonable and absorption cycle

plants are still used today in applications where waste heat is readily available.
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Traditional absorption systems are bulky because of the large surface area required for

absorption and desorption [6].

The jet ejector utilizes gas dynamic principles to compress the refrigerant. A

portion of the liquid exiting the condenser is pumped to higher pressure and boiled to

produce a vapor. Inside the jet ejector, the high pressure vapor forms a jet which entrains

vapor from the low pressure side thereby compressing it. Although simple and reliable,

the method has a low coefficient of performancetypically less than 0.3. Because of

this, its use has been restricted to applications where steam was readily available [7].

1.3 Heat Pump Development at OSU

A research program is currently underway at Oregon State University (OSU) to

develop a miniature heat actuated heat pump for personal cooling applications. The

program is a joint effort between OSU and Pacific Northwest National Laboratory (PNL)

and is funded by the Department of Defense. Both an absorption system and mechanical

expander compressor system are being studied. This masters thesis is the result of work

on the mechanical system and focuses on the expander component of that system.

Figure 1.2 shows a schematic of the proposed heat actuated expander-compressor

heat pump. The cycle is similar to the jet ejector cycle, except the jet-ejector has been

replaced by a reciprocating expander-compressor. Like the jet-ejector cycle, a portion of

the liquid exiting the condenser is pumped to high pressure and boiled. The high pressure

vapor then passes through the expander which produces the mechanical power required to

directly compress the low pressure vapor. Like the jet ejector, the discharge streams from

both the expander and compressor are fed to the same condenser. Alternatively, the
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Figure 1.2: Schematic of expander-compressor driven heat actuated heat pump

expander exhaust may be directed to a regenerator where heat contained in the exhaust is

used to preheat the liquid entering the boiler.

Current plans are to test the heat pump with isopentane as the working fluid.

Isopentane was chosen for its moderate saturation pressures at the targeted evaporator

and condenser temperatures of 10 C and 40 C. The saturation pressures at these

temperatures are 52 kPa and 151 kPa, respectively. It is expected that the lower pressures

would ease the design difficulty in the prototype development. This is especially true in

the boiler and expander where the desired pressure is five to ten times the condenser

pressure. The targeted boiler pressure for isopentane is 1000 kPa with the corresponding

boiler exit temperature of 150 C. Under these conditions and assuming isentropic

efficiencies of 90% and 80% for the compressor and expander, respectively, a coefficient

of performance of 1.2 is possible with the regenerative cycle [8].

1.4 Scope of Work

This thesis focuses on the theoretical and measured performance of a prototype

miniature expander for the expander/compressor heat actuated heat pump cycle. First, a



thermodynamic model of the expander work production and efficiency is presented. The

model looks at the ideal performance and then evaluates the impact of losses on work and

efficiency. Although isopentane (or other polyatomic working fluid) is planned as the

working fluid in the heat pump, the prototype was tested using nitrogen for convenience.

The model therefore considers the performance with both fluids and contrasts the

differences.

Following the thermodynamic model, an experimental methods section presents

the details of the prototype design and the methods used to measure its performance.

This is followed by the results section where the test results are presented and compared

to the model predictions. The thesis finishes with conclusions and recommendations for

future work.



2 LITERATURE REVIEW

Drost et al. [9] reported on the conceptual design of a miniature absorption heat

pump for man-portable cooling under development at Pacific Northwest National

Laboratory. Their design was supported by laboratory tests of heat and mass transfer

rates in microstructured heat exchangers and absorber/desorbers. In their paper, they

propose that a miniature heat pump system capable of providing 35OWt of cooling for 8

hours could weigh as little as 4.6 kilograms. The heat pump itself would weigh just 1.

kg; the radiator, fuel tank, circulating pump, controls, and packaging would make up the

remaining 3.5 kg. Based on a lithium-bromide absorption cycle, the heat pump includes

desorber, absorber, regenerator (counterfiow heat exchanger), evaporator, and condenser

as shown in Figure 2.1. The primary difference from the standard vapor compression

cycle is that the absorptionldesorption processes chemically compresses the working fluid

vapor rather than by mechanical means. The appeal of the design is that all the

components operate on principles of heat and mass transfer which are enhanced when

Q I -- 5rk1 s5r1

Coruinsor

Re I

Valye L!xchi

PumpEratoL
Qe L ------- P -- ----I

Figure 2.1: Absorption Cycle Heat Pump



conducted in microstructures. The laboratory versions of these components demonstrated

heat and mass transfer rates can range from factors 4 to 10 greater than their macroscale

equivalents. While low weight and volume are the most important features of the

proposed design, the system also has reasonable efficiency. The projected heat actuated

coefficient of performance for the system is 0.68.

In the design of the expander-compressor-based heat pump, an important question

is, "what type of expansion device should be used?" Badr et al. 11101 compared the

performance characteristics of several types of expanders in an effort to select an

expander design suitable for a 5-20 kW steam Rankine-cycle power plant. Although this

is much larger than the expander required for the miniature heat pump, the wide range of

designs considered makes the work helpful. The authors considered both turbines and

positive displacement expanders. Turbine designs reviewed include drag, radial, and

axial, while positive displacement designs included reciprocating piston, rotary piston,

rotary sliding vane, helical screw, and rotary Wankel type expanders. Turbines were

found to be impractical for Rankine engines of less than 50 kW output due to low

efficiency, high cost, and intolerance of entrained moisture. Among the positive

displacement devices, the authors also eliminated reciprocating devices based on

complexity and difficulties operating with steam (their desired working fluid.) The

remaining rotary positive displacement devices were compared graphically by plotting

isentropic efficiencies reported for representative devices against nondimensionalized

parameters of specific speed and specific diameter, defined respectively as

N %/
1/2

N=
(Ah

)3/4

and
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D
D(Ah)"4

(2)
1/2

where N is the operating speed, D is the characteristic dimension of the device, and V is

the volumetric flow rate, and Ah is the isentropic enthalpy drop from inlet conditions to

exhaust pressure.

The Wankel devices were shown to operate best at low specific speed with

projected efficiencies ranging from 26% to 55%. Rotary vane expanders operate at much

higher specific speeds and show higher efficiency as well. Reported efficiency of a vane

expander was up to 71%. Screw expanders operate at specific speeds similar to rotary

vane devices, but are much less efficient due to their reliance on clearance seals. When

low quality fluid is supplied to the devices, the fluid itself acts as a seal and reasonable

efficiency is achieved. The authors cite a paper reporting 40% efficiency for a screw

expander with an inlet quality of 32%. Although reciprocating devices were eliminated

from consideration in this survey, a graphic is included in the paper which shows

reciprocating piston expanders as the most efficient device for very low specific speed.

From Eq. (1), specific speed decreases with diminishing volumetric flow rate.

An example of a miniature reciprocating piston device is the miniature Stirling

engine built and tested by Fukui et al. I 111. The device contains two pairs of pistons,

each with a bore of 5.6 mm and a stroke of 6 mm. Within each pair, one cylinder is

heated to 700 °K and the other is cooled to 310 °K. Because of the high temperature of

the hot cylinder, the pistons are made of graphite and slide inside Pyrex cylinders. A

unique feature of the device is the arrangement of the cylinder pairs to produce

continuously positive torque, thereby minimizing the need for a flywheel. With

atmospheric pressure air as the working fluid the device produces up to 0.35 W of power



at 7000 rpm. With helium pressurized to 300 kPa as the working fluid, the device ran at

up to 17,000 rpm. Unfortunately, authors were not able to measure power output with

helium due to torque limitations of a magnetic coupler in the drive train. The authors use

power per unit swept volume as a figure of merit for their device. With unpressurized air

as the working fluid, the device produced 1.18 W/cm3. In comparison to previously

tested Stirling engines that the authors list, their device exceeds the performance of next

best engine by more than a factor of 3. The authors do not provide any information on

the efficiency of their device.

In their article on the micro-Stirling engine, Fukui Ct al. present a summary of

scaling factors for various physical quantities. These factors are listed in Table 2.1. The

factors indicate the relative change in a quantity when scaling down the engine by a

factor of c. For instance, weight goes with the cube of the scaling factor. The authors

point out that small devices are able to operate at high speed because inertial force

decreases relative to engine power as the device becomes smaller. It also becomes easy

to heat and cool the working fluid since heat transfer becomes relatively fast at the small

scale. Pressure drop does not change with size, so attempts to operate at higher speed

will be penalized by higher pressure drop.

Although higher heat transfer rates at the small size are beneficial where heat

Physical Quantity Scale Factor Scale Factor / Power
Engine Power
Weight
Inertia Force
Moment of Inertia 2
Natural Frequency
Heat Transfer c c2

Pressure Loss I

Table 2.1: Scaling factors for physical quantities
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transfer is desired, they have the reverse effect on processes assumed to be adiabatic. Lee

and Smith 11121 described the loss in power and efficiency of a reciprocating Brayton

cycle engine due to cyclic heat transfer between the gas and the cylinder walls.

Previously, the authors had assumed that the compression and expansion processes in the

engine were isentropic. However, at low speed they found that power output (12 kW)

was much less than expected. Note that low speed has a similar effect to small size

longer time per cycle allows more heat transfer in proportion to the power generated. At

first, the authors assumed that leakage around the piston was the problem. Only after a

series of tests did they realize that heat transfer between the walls and the gas was the

primary loss.

Lee 1113] later presented a model of in-cylinder heat transfer for the simpler case

of a gas springsimpler because there is no inflow or outflow from the cylinder and no

associated turbulence. A key prediction of this model is that relative power loss

approaches zero as the cylinder space hydraulic diameter approaches either zero or

infinity. For near zero diameter, the heat transfer is very rapid and the gas in the cylinder

remains nearly isothermal. At the other end of the spectrum, the heat transfer with very

large hydraulic diameter is slow enough that the spring operation is essentially isentropic.

This implies that in order to minimize power loss, large devices should be designed to

minimize heat transfer while small devices should maximize heat transfer.

Inspired by the success of Lee's model, Smith and Komhauser [14] presented an

analysis of heat transfer in a cylinder with turbulence produced inflow of the working

fluid. Their model assumes that the cylinder space is divided into a laminar boundary

layer near the wall and a turbulent core. The thermal conductivity of the laminar
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boundary layer is set at the molecular level while the core is assumed to be isothermal

(infinite thermal conductivity). The thickness of the boundary layer varies with the

operating speed and Reynolds number of the intake flow. For low speeds or low

Reynolds numbers, the entire cylinder space becomes laminar and the results are similar

to those predicted by Lee's model. For high speeds or Reynolds numbers, however, the

cylinder space is mostly isothermal and heat transfer approaches that predicted by

Newton's law.
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3 THERMODYNAMIC MODEL

This section describes the operation of the expander and the power output that can

be expected under ideal conditions. This is followed by investigations of the effect of

non-ideal behavior on the expander work and efficiency. These include gas

compressibility, over- and under-expansion, heat transfer, clearance volume, friction, and

pressure drop.

3.1 Expander Cycle Description

The expander studied in this work is of the reciprocating piston type. Although

the prototype built during this work contains two pistons, the expander operation will be

discussed in terms of a single piston for clarity. The piston is moved up and down in the

cylinder by a scotch yoke linkage to the crankshaft. For each revolution of the shaft, the

piston completes one down stroke and one up stroke. At the start of the down stroke, an

inlet valve allows high pressure gas to enter the cylinder thus driving the piston

downward at constant pressure. At a predetermined position in the down stroke, the inlet

valve closes and the gas in the cylinder begins to expand as the piston continues to move

downward. Ideally, the closure point is chosen so that the gas pressure in the cylinder

drops to the outlet pressure just as the down stroke is completed. At bottom dead center

(BDC), an exhaust valve opens and the piston pushes the gas out during the upstroke.

This cycle is shown as a pressure-volume (pV) diagram in Figure 3.1. The

vertical axis is the pressure in the cylinder while the horizontal axis is the cylinder

volume. The line between points 1 and 2 represents the intake, the curve from 2 to 3 is

the expansion and the line from 3 to 4 is the exhaust. The vertical line from 4 to 1



represents the pressurization of the cylinder upon opening of the intake valve. The

processes shown are ideal representations of the real cycle behavior.

Volume

Figure 3.1: pV Diagram of Expander Cycle

3.2 Ideal Operation

Assuming the expander operates adiabatically, the maximum work that can be

produced per unit mass flow through the expander control volume is defined by the

enthalpy change of the working fluid under isentropic expansion from the given intake

pressure and temperature to the given exhaust pressure. For an ideal gas, this specific

work is given by

w, = c ( T0,)

where c is the constant pressure specific heat of the gas and and are the intake

15

(3)

and exhaust temperatures, respectively. Using the ideal gas law and the relationship that

pi/ is constant for an isentropic expansion of an ideal gas, Eq. (3) can be written in terms

of the ratio of inlet to exhaust pressure, r, the inlet temperature, and the ratio of

specific heats for the fluid, y.

wç =RTl_r (4)y1 )
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Multiplying the specific work by the mass flow per revolution of the expander

yields the work produced by the expander per revolution. The mass flow per revolution

is the amount drawn in during the intake stroke.

m
v

RTm
(5)

Again by using the isentropic constant relationship, the mass flow per revolution can be

written as

P0141 Vdl,,
( rI /\Ir ' I (6)

RT )

The cycle work is then obtained by multiplying Eqs (4) and (6).

W1 = Pout VP lJ (7)

Multiplying the work obtained from this equation by the operating speed of the expander

provides a reference for maximum power output that can be obtained from the expander

without significant irreversibilities under adiabatic conditions. As will be discussed in

more detail later, under-expansion allows more power to be produced but at the expense

of lower efficiency.

3.3 Effect of Non-ideal Behavior on Performance

To explore the effects of non-ideal expander operation, the expander has been

modeled using Engineering Equation Solver (EES), a software package specifically

created to perform thermodynamic calculations. The program allows the user to enter

any number of equations with an equal number of unknowns and then solves the

equations simultaneously. Built into the package are thermodynamic functions for

calculating the pressure, temperature, density, internal energy, enthalpy, and entropy of

numerous common substances based on any two thermodynamic properties. The
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functions use polynomials fitted to experimental data to calculate the properties and are

highly accurate. Use of this program allows the expander operation to be modeled when

using working fluids that do not behave as ideal gases.

To illustrate the value of the EES model, the expander work per cycle calculated

by Eq. (7) is compared to the results of an EES model with nitrogen and isopentane as the

working fluid. All assumptions about expander operation are the same in both models.

Only the treatment of the working fluid is different (ideal gas in the analytical solution,

real gas in the lEES model). The model takes as its inputs piston displacement, inlet

temperature, outlet pressure, and inlet-to-outlet pressure ratio. Work production is then

calculated in the following manner.

The intake pressure is obtained from the given pressure ratio and exhaust

pressure.

pfl rp, (8)

The intensive intake conditions of internal energy, enthalpy, entropy, and volume are

obtained from EES thermodynamic functions based on the given intake temperature and

pressure. Since the process is isentropic, the exhaust specific entropy is the same as that

of the intake. Using exhaust pressure and entropy as inputs, the EES function for specific

volume is used to obtain the exhaust specific volume, V()UF. The mass of gas expanded, m,

is then obtained by

m Vd/
(9)

where is the cylinder displacement volume. This mass is then used to go back and

calculate the optimal starting volume for the expansion, V2.

V2 = mc vm (10)
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where v is the intake specific volume calculated earlier. Finally, the work produced by

the cycle is calculated for each step and then added together to get the total work. Each

step is identified by the starting and ending state numbered as shown in Figure 3.1.

Accordingly, the work done in each step is

= 'n 2

= m (u u01) (12)

'Out (vdlSP) (13)

Figure 3.2 shows the work calculated by the EES model and by Eq. (7) for both

nitrogen and isopentane. The exhaust pressure and intake temperature were fixed in the

calculations at 100 kPa and 150 °C, respectively. The cylinder displacement was set at

0.0945 in3 (the displacement of the prototype.) As expected, the ideal gas approximation

is very good for nitrogen with a maximum difference between the calculation methods of

0.1%. For isopentane, however, the ideal gas approximation over estimates the work

produced by the expander relative to the EES estimate by nearly 10% at the highest

pressure ratio.

-Nitrogen (Analytical)
0 Nitrogen (EES)

0 0005

0000 34 56 78
Pressure Ratio

Figure 3.2: Comparison of expander work
estimated by EES vs. analytical result, Eq. (7)
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3.3.1 Over/Under-Expansion

The volume ratio of the expansion process is defined here as the initial volume of

the expansion process over the final volume. The optimal volume ratio is the value at

which the pressure at the end of the stroke equals the exhaust pressure. This optimal

value is closely tied to the given pressure ratio. When operating below the optimal

pressure ratio for a given volume ratio, the cylinder pressure drops to the exhaust

pressure before the stroke is completed. This is over-expansion. For simplicity, we'll

assume that the exhaust valve is slightly spring loaded so that it pops open when the

cylinder pressure equals the exhaust pressure. During the remaining stroke, the cylinder

draws in gas from the exhaust port that is immediately pushed back out during the

exhaust stroke. Under ideal conditions of no flow resistance, there is no penalty for this

back flow; the process is still isentropic. Therefore, the efficiency remains unity but the

work output is reduced from that at the optimal pressure ratio.

When operating above the optimal pressure ratio for a given volume ratio, the end

of the stroke is reached before the cylinder pressure drops to the exhaust pressure. This is

under-expansion. When the exhaust valve opens at the end of the stroke, the work

available from the remaining pressure is lost. Although the higher pressure produces

more work, the lost work results in a loss of efficiency.

Figures 3.3 and 3.4 show the effect of over- and under-expansion on expander

work and efficiency based on the EES model with a fixed intake volume (fixed volume

ratio). Because the ratio of specific heats is much higher for nitrogen than isopentane-

1.4 vs. 1.07the slope of the expansion curve is steeper for nitrogen than for isopentane.

This steeper slope means that the pressure drops to the exhaust pressure more quickly

with nitrogen than with isopentane and less work is produced for the same inlet pressure
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Figure 3.3: Effect of under/over-expansion on Figure 3.4: Effect of under/over-expansion on
expander work using nitrogen and isopentane expander efficiency using nitrogen and isopentane

and intake volume. However, the shallower expansion slope of isopentane results in a

higher optimal pressure ratio for nitrogen than for isopentane-6.99 vs. 4.17 for a volume

ratio of 0.25. At the optimal pressure ratio for each fluid the work produced per

revolution of the expander is 0.40 J with nitrogen and 0.22 J with by isopentane. It would

appear that nitrogen is clearly the better working fluid in terms of achieving high

performance, but the benefit of the higher ratio of specific heats is difficult to realize due

to heat transfer inside the cylinder.

It bears mentioning that although it appears in Figure 3.4 that the efficiency with

nitrogen is much less sensitive to the pressure ratio than it is with isopentane, it is

actually only slightly less sensitive. The primary difference between the two curves is

that the nitrogen curve is stretched horizontally.

3.3.2 Heat Transfer

Thus far, the expander operation has been discussed from the perspective of an

ideal adiabatic process in which there is no heat transfer to or from the gas as it passes

through the device. Practically speaking, however, there is always some heat transfer
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occurring. Heat transfer can be either internal to the expander or between the expander

and the environment. The following sections will discuss the impact of each on expander

work production and efficiency.

3.3.2.1 Internal Heat Transfer

When heat transfer is internal to the expander, the effect on performance is to

reduce isentropic efficiency. The heat transfer represents thermal energy that is passing

through the expander without producing work. Examples of internal heat transfer include

shunt heat transfer between the hot intake manifold and the cool exhaust manifold and

cyclic in-cylinder heat transfer. Shunt heat transfer occurs because the intake and exhaust

passages are physically close to each other at the top of the cylinder and yet must operate

as different temperatures as determined by the expansion-induced temperature drop of the

gas. This mode of heat transfer can be minimized by selecting a material for the cylinder

head which has low thermal conductivity such as stainless steel or a high temperature

thermoplastic like PEEK. For comparison, the thermal conductivity of aluminum is

about 240 W/m-K, while that of stainless steel and PEEK are 15 W/m-K and 0.25 W/m-

K, respectively.

Another factor in the heat transfer between the manifolds is the temperature

difference between the intake and exhaust. This is determined by the temperature drop

that occurs during expansion and is highly dependent on the working fluid. For a

pressure ratio of 5, the EES model for isentropic operation predicts a temperature drop of

156° C with nitrogen vs. a drop of just 37° C with isopentane. The shunt heat transfer

would therefore be expected to be more significant with nitrogen than isopentane.
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Inside the cylinder the gas temperature varies with time, so heat transfer between

the gas and walls is unavoidable. This mode of internal heat transfer is the cyclic in-

cylinder heat transfer mentioned above. Since the volumetric heat capacity of the walls is

orders of magnitude greater than the gas, the walls maintain an average temperature while

the bulk temperature of gas swings between that of the intake and exhaust. During the

intake step, heat is transferred from the hot intake gas to the cooler cylinder walls. Then

as the gas cools during the expansion, the direction of temperature difference changes and

heat is transferred from the walls to the now cooler gas. In the end, this shuttling of heat

back and forth between the gas and the walls has the same effect as the shunt heat

transfer between the manifolds; it reduces the isentropic efficiency of the device.

Since shunt heat transfer between the manifolds can be minimized by selecting a

material with low thermal conductivity, it is assumed to be a much less significant factor

than the in-cylinder heat transfer. Therefore, this work ignores the former and focuses on

the latter.

3.3.2.2 In-Cylinder Cyclic Heat Transfer

Several models of in-cylinder heat transfer were discussed in the literature review.

While these provide useful insight into the mechanism of in-cylinder heat transfer, they

are based on simplifications that do not hold in the expander. Key among these

simplifications is a moderate pressure swing which allows temperature fluctuation with

pressure to be linearized. Rather than try to extend these models to this application, the

limiting case will be considered. As heat transfer increases in the cylinder, the

temperature in the cylinder approaches isothermal conditions. In this limit, the gas
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entering the cylinder instantly cools to the temperature of the cylinder walls. Then as the

gas expands, the walls provide the heat needed to keep the gas at the same temperature.

Using EES, the expander work production and efficiency were modeled under the

assumption of isothermal expansion. The gas enters the cylinder at the given intake

temperature and immediately cools to the cylinder temperature. If no external heat is

supplied, the heat absorbed during expansion must equal that absorbed by the gas during

expansion. From the first law, heat absorbed during expansion is equal to the change in

internal energy of the gas plus the work done,

= m (u3 u2)+W23 (14)

where mT is the mass of gas expanded, U2 and U3 are the specific internal energies of the

gas at the start and end of expansion, respectively, and W23 is the work produced by the

expansion. For an ideal gas, U2 equals u3 and the work done is given by

W23 = p01 V ln(p1/p1) (15)

Isopentane, of course, does not behave ideally. For this reason the EES model uses the

built-in thermodynamic functions to obtain the internal energy at the inlet and outlet

pressures and the work is calculated by a modified version of Eq. (15),

zo
W23 = p0, V01 ln(pth /0) (16)

z3

where Z3 is the compressibility factor of the gas at the end of the expansion and zo is the

intercept of a linear approximation of compressibility factor as a function of pressure (see

Appendix). The compressibility at the start and end of the expansion are obtained in the

model by evaluating

z. (17)
RT
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with pressure and specific volume obtained from the thermodynamic functions at the

cylinder temperature and respective pressures.

The results of the EES model are shown in Figures 3.5 through 3.7 for nitrogen

and isopentane for varying pressure ratios and optimal volume expansion ratios. Again,

the process that is being model is internally isothermal, but externally adiabatic. At

pressure ratios above 7.5, the temperature drop in the intake is large enough to cause

condensation of the intake gas. Because of the way in which the model was constructed,

EES was unable find a solution when this occurred. Therefore, results for higher pressure

ratios are omitted.

Figure 3.5 shows the temperature of the gas exiting the expander as function of

pressure ratio. For reference, the intake temperature is also shown. Since the cycle is

assumed to be isothermal, the difference in temperature between the inlet and exit

temperature is the temperature drop that the gas experiences as it enters the cylinder. The

model shows that the drop is much greater for nitrogen than isopentane. For instance, at

a pressure ratio of 5 and intake temperature of 1500 C, nitrogen drops 133° C to a
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Figure 3.6: Work produced by isothermal,
adiabatic expander cycle
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temperature of 17° C whereas the isopentane drops only 36° C to 114° C.

Figure 3.6 shows the work produced with each fluid as a function of pressure

ratio. In contrast to temperature, the work produced is nearly identical. This is because

the shape of the pV curve does not change with working fluid. Since the expansion

process is assumed isothermal with either fluid the expansion curve with either fluid is

nearly identical. The slight difference visible is due to the compressibility effects with

isopentane. Although work is about the same, Figure 3.7 shows that efficiency is more

significantly affected when nitrogen is the working fluid. The large temperature drop of

the gas entering the cylinder results in greater density and higher mass flow.

3.3.2.3 External Heat Transfer

Since the function of the expander is to convert thermal energy added to the

working fluid in the boiler into mechanical work, it is obvious that heat loss from the

expander is undesirable. Heat that is lost from the intake gas directly reduces the

enthalpy of the intake gas and reduces the specific work that can be obtained. Heat lost

from the exhaust gas can also reduce system performance if there is a provision to reuse
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exhaust heat. For instance, a counter-flow heat exchanger may be included in the system

that allows heat in the expander exhaust to be used to heat liquid entering the boiler. In

this case, heat loss from the exhaust increases the heat input needed at the boiler to

achieve the same system performance. If no regenerator is used, then the heat loss from

the exhaust has no impact on performance since the heat would be rejected in the

condenser anyway. One might even argue that heat loss from the exhaust in the absence

of a regenerator would be beneficial since it would reduce the heat load on the condenser.

While heat loss reduces performance, heat input can appear to increase

performance. One can imagine an extreme case in which a quantity of heat transferred to

the device equals the work produced. This situation would result in no change in

enthalpy of the working fluid from intake to exhaust and a correspondingly infinite

"isentropic" efficiency. To obtain a more realistic measure of efficiency, the reference

work needs to account for fact that expansion process is now polytropicincludes both

heat and work.

One way to generate this "polytropic efficiency" is to compare the work obtained

from the expander to that produced by the ideal expansion processes in the Carnot cycle.

The Camot cycle is an ideal cycle which yields the highest efficiency possible for a heat

engine operating between two constant temperature heat reservoirs. The cycle consists of

isothermal expansion and compression processes connected by isentropic expansion and

compression processes as shown in T-s diagram in Figure 3.8. The ideal operation of the

expander is represented by the top and right arrows of the rectangle, while the actual

expansion process is represented by the dotted line.
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Figure 3.8: Temperature-Entropy Diagram of Carnot Cycle

For an ideal gas, the work produced by the isothermal expansion process equals

the heat input. It is also given by

WT = p1 v ln(pI/p2T) (18)

Substitituting Q for WT allows the pressure ratio for the ideal isothermal process to be

expressed in terms of the given amount of heat transfer.

PuP21 =exp(Q/p1v) (19)

The work done by the subsequent isentropic process is

W
P2TV2TP2172P1171P2V'2

y-1 y-1 (20)

Since the first process is isothermal, P2TV2T can be replaced with piVi. The work done by

an ideal expander utilizing this two step process includes the work done during intake

(piVi) less the work done during exhaust (p2V2).

W, p2V2)y1 (21)

Using the ideal gas law to substitute for the pV terms results in

W=Q+_mRTul_J
(22)

For the isentropic process, the ratio of initial to final temperatures is



y-1

T2T7(p2T7
T2 T2 p2) (23)

Substituting this into Eq. (22) yields

1-i

y1
[

p2J
j (24)

Utilizing Eq. (19) this becomes

7-I 1

Wj,=Q+mRJl_1RLexp( Q

7'
[

m rnR7JJ
j (25)

Taking the time derivative and using the ideal gas relationships, y= c/c and

R = c ci,, Eq. (25) can be written as

X1
1,=+thc1,l[l_1ñexp(

Pi thRT
] (26)

Polytropic efficiency is the ratio of the actual work to this ideal work.

3.3.3 Clearance Volume

Ideally, the volume of the expander cylinder goes to zero as the piston reaches

TDC. Practically, however, tolerance issues require a space be left between the expander

piston and cylinder head. In addition, there are small spaces in the cylinder such as the

pockets around the valves that add to the clearance volume. Thus a clearance volume

which is a few percent of the displacement volume is unavoidable. As a result, there is

an initial rush of gas into the cylinder when the intake valve opens. This unconstrained

flow is irreversible and represents a loss of efficiency.
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To explore the effect of clearance volume on work and efficiency, the EES model

of isentropic expander operation was modified to include a clearance volume. Where the

thermodynamic state of the gas during intake was previously assumed to be that of the

intake gas, the state is now determined from the first law. As the piston approaches TDC

at the end of the exhaust stroke, the temperature and pressure in the cylinder are those of

the exhaust gas. At TDC, the exhaust valve closes and the intake valve immediately

opens. An inrush of gas follows which raises the pressure in the cylinder from that of the

exhaust to that of the intake. Assuming this process occurs at TDC where the piston is

approximately stationary, no work is done during the process. Assuming the process is

also adiabatic, the first law may be stated for the process as

m1u1m4u4+h(m1m4)=O (27)

where mj and uj are mass and internal energy in the cylinder at the end of pressurization,

m4 and 114 are these quantities at the start of the process, and is the enthalpy of the

inflowing gas stream. For a given initial state (exhaust temperature and pressure), the

final mass and internal energy are the only unknowns in this equation. The internal

energy at the start of the process can be obtained from the EES function from the given

temperature and pressure. Similarly, the intake enthalpy can be determined from the

intake pressure and temperature.

A second equation to connect the two unknowns is provided by

m1 VcIear v(u1,p1) (28)

where V(/ear is the volume of the cylinder at TDC and v is the EES function for specific

volume with internal energy and pressure as the inputs. Thus for any given exhaust

pressure and temperature, the thermodynamic state after pressurization can be determined

by solving Eqs. (27) and (28) simultaneouslyexactly what EES is designed to do.



The same approach is implemented for determining the thermodynamic state at

the end of the intake step. The main change made is that work is done on the piston and

must be accounted for in the energy balance. The first law for the intake process is

u1m1u2m2+h(m2m1)W12=0

IiJ

(29)

where the 1 and 2 subscripts refer to the states at the start and end of the intake process,

respectively, and W12 is the work done on the piston during the process. Since the

pressure in the cylinder during intake is assumed to be that of the source, the work done

on the piston is simply

w12 = p1 (v2 Veiear) (30)

where V2 is the volume in the cylinder when the intake valve closes. As with the

isentropic model, V2 is obtained by assuming optimal isentropic expansion such that the

cylinder pressure at the end of expansion equals that of the exhaust. The pressure and

temperature during exhaust are assumed to remain constant.

Figures 3.9 through 3.12 show the results of the EES model for varying clearance

volume as a fraction of the displacement. The first two figures show the temperatures
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during the cycle with nitrogen and isopentane. The temperatures shown are the intake

source temperature, T,, and the post-pressurization temperature, T1, the post-intake

temperature, T2, and exhaust temperature, T4. As expected, the temperature swing with

nitrogen is much greater than with isopentane. Somewhat surprising is that the

temperature after pressurization is higher than the intake temperature. For instance, with

a clearance volume equal to 20% of the displacement and a pressure ratio of 5, nitrogen

which enters the cylinder at a temperature of 150° C rises to 182° C despite the fact that

the gas in the cylinder before pressurization is just 14° C. Although much less dramatic,

the same heating occurs with isopentane. For the same conditions, the temperatures

before and after pressurization are 122° C and 159° C, respectively.

Figure 3.11 shows the effect of clearance volume on optimal work production

with nitrogen and isopentane. As was predicted by the isentropic model, the optimal

work produced by the expander with zero clearance volume is greater with nitrogen than

with isopentane. With either fluid the work produced is reduced by the introduction of

clearance volume. This effect is explained graphically in Figure 3.13: (a) shows the pV

curve for the expander operating adiabatically with no clearance volume. When
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clearance volume is introduced as shown in (b), the expansion process is stretched

horizontally in proportion to the added volume and the area inside the pV curve is

reduced. The area difference is shown as the hatched region in (b).

Referring back to Figure 3.12, the figure shows that clearance volume has a

strong effect on efficiency. For instance, at 10% clearance volume fraction, the

isentropic efficiency of the expander drops 6.5% with nitrogen and 13.3% with

isopentane. This drop in efficiency follows the drop in work production discussed

previously. However, because the optimal intake volume shrinks with increasing

clearance volume (as shown in Figure 3.13) the overall mass flow also decreases despite

the mass flow required to pressurize the clearance volume. The result is that the drop in

efficiency is less than the drop in work production. For comparison, the drop in work

production with the same 10% clearance volume fraction relative to the zero clearance

volume case is 9.6% with nitrogen and and 14.2% with isopentane.

3.3.4 Friction
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Thus far, the losses discussed have acted on the gas to reduce the work done on
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Figure 3.13: pV curves for adiabatic expander operation without clearance volume (a) and with
clearance volume (b).
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the piston. Friction, however, acts on the kinematic linkages to reduce the transmission

efficiency of work from the piston to the shaft. The primary source of friction in the

expander is between the piston and the cylinder walls. All other kinematic linkages are

assumed to be connected with ball bearings which have negligible friction. A numerical

model has been developed using MathCAD which estimates the effect of friction on

transmission efficiency.

The model rotates the shaft of the expander in small increments through a

complete revolution. At each point, cylinder volume is determined from the kinematic

relationship between the piston position and shaft angle. For the scotch yoke, this

relationship is

V = A1 Rsin(G) (31)

where V is the cylinder volume, A1 is the cross-section area of the cylinder, R is the

length of the crank arm, and 0 is the angle of the crank from top dead center. From the

cylinder volume, the cylinder pressure, P(yl, is determined based on optimal isentropic

expander operation.

yr
j v., < VdjsP r

P1
(

/ "7 (32)
[P0 I otherwise

V,)

where Pin IS the intake pressure, Vj is the cylinder volume, is the displacement, r is

the intake to exhaust pressure ratio, is the exhaust pressure, and y is the ratio of

specific heats for the fluid.

Because of the miniature size of the expander, inertial forces on the piston are

assumed to be negligible. The forces on the piston are then determined from static free

body analysis. A free body of the piston and scotch yoke is shown in Figure 3.14. The
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working piston is shown at top while a guide piston is shown at bottom. The guide piston

has no pressure difference across it.

F

F

Figure 3.14: Free body diagram of piston and
scotch yoke.

The forces in the diagram are the pressure force, F, the bearing force, Fh, the normal

force acting on the side of the piston, F, and the tangential force on the side of the piston

due to friction, F. The pressure force acting on the piston is given by

F = A1 (33)

Assuming a constant coefficient of friction, the tangential force on the side of the piston

is related to the normal force by

F =uF, (34)

Not shown in the diagram is a friction force due to gas pressure acting on the lip

seal around the perimeter of the piston face. Assuming that the lip acts like a simple

beam as shown in Figure 3.15, some portion of the pressure force on the lip is carried by

the tip pressing against the cylinder wall with the remainder carried by the cantilever joint
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Figure 3.15: Free body diagram of lip seal.

with the piston. The fraction of the pressure load carried by the tip is defined as
fi.

Therefore, the normal force acting on the tip is

En sea1 = ,8rDh1 p1 (35)

where D is the piston diameter and h11 is the height of the lip. The corresponding

tangential frictional force is

seal =/JFnai (36)

A vertical force balance on the piston and yoke assembly yields

2E+Fea/F+Fh=O (37)

Similarly, a moment balance yields

XFb+2LFfl=O (38)

where L is the connecting rod length (half the length of the yoke assembly) and x is the

vertical distance from the yoke centerline to the bearing center, given by

x=Rsin(G) (39)

Since F and F seal are available directly from the cylinder pressure and F1 can be

expressed in terms of F, only Fh and F are unknowns. Thus Eqs. (37) and (38) can be

solved simultaneously for the bearing force
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Fh (Fpseai)
L

(40)

Torque delivered to the shaft is given by

r=xFb (41)

and the total work done on the shaft is obtained by integrating the torque through the

revolution.

Wshafl r dO (42)

Since the data is equally spaced with respect to angle, the integral is approximated by the

average torque times 2it,

in
haft

=2,r--r1 (43)

i=1

where n is the number of points in the simulation.

The model predictions of transmission efficiency are shown in Figure 3.16 for

varying coefficient of friction and tip loading fractions of the seal. The piston and

cylinder dimensions used were those of the prototype. The lip height used in the

simulations was 10% of the piston diameter (0.050") and the ratio of crank arm length to

connecting rod length was 0.254 (0.240" verses 0.944".)

The top line in the graph is the frictional loss with no seal drag. This represents

the limiting case where the pressure on the seal is carried entirely by the cantilever joint

with piston (the seal would, of course, be unlikely to function with so little force holding

it closed). The bottom line represents the opposite extreme where the seal joint with the

piston behaves as a pin joint and half the seal load is carried by the tip. For the simulated

dimensions the figure shows that the frictional drag on the piston in the latter case is

twice that of the former case. Reducing the lip height would likely reduce the seal drag
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proportionally, but it would also reduce the flexibility of the seal and require a closer fit

between the piston and the cylinder. Like the seal friction, the friction due to the piston

side loads (top line) could be reduced by changing dimensions. Lengthening the

connecting rod would reduce the side load force and, proportionally, the frictional drag.

However, this would increase the overall size (and weight) of the device.

As a frame of reference for interpreting the model results, the coefficient of

friction of Rulon LR sliding against polished metal is about 0.2. Rulon is a fluorocarbon

composite material developed for bearing applications and can be machined to form a

piston sleeve and lip seal. Using this material, the transmission efficiency of the

expander would be expected to range from 92.4% to 96.2%. If a lubricant is incorporated

into the expander design either by direct injection into the cylinder or by mixing with the

working fluid, the frictional loss could be greatly reduced. Lubrication would also be

beneficial in reducing wear on the Rulon sleeve and cylinder wall.

Ultimately, friction may not be as detrimental as predicted in the model. The

friction generates heat that may be utilized in the expander cycle. Heat absorbed by the

gas during intake or expansion directly increases the work done on the piston. On the



other hand, heat absorbed during the exhaust stroke has no beneficial effect unless it is

returned to the intake by a regenerator.

3.3.5 Pressure Drop

Pressure drop in the intake and exhaust lines reduces the expander power output

by decreasing the cylinder pressure during the intake phase and increasing the cylinder

pressure during the exhaust phase as shown in Figure 3.17. To make an estimate of these

losses, a model of the flow resistance in the ducts and their effect on the expander pV

curve needs to be developed. The first assumption made is that the pressure drop in the

intake and exhaust ducts is small relative to the overall pressure allowing the duct flow to

be treated as incompressible. This is reasonable since severe pressure drops would likely

result in unacceptably low expander performance.

Flow into or out of the cylinder is driven by the difference between the cylinder

pressure and the external reservoir pressure. Assuming the external pressure is fixed, the

flow rate then depends on the cylinder pressure which can be obtained from the ideal gas

law.

pV =mRT

C)

U)
U)
a)

Intake
Work Loss

4
Exhaust
Work Loss

Volume

Figure 3.17: Work lost to pressure drop in intake and exhaust.

(44)
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Here p is the cylinder pressure, V is the cylinder volume, m is the mass of gas in the

cylinder, R is the gas constant on a mass basis, and T is the mean cylinder temperature. If

the cylinder temperature is assumed constant during intake and exhaust, differentiating

the ideal gas law with respect to time produces a differential equation in p, V, and m.

/,V+pV =thRT (45)

The continuity equation allows the volume flow to be substituted for the mass flow. With

additional rearranging, Eq. (45) becomes

.pFRTpV
(46)

where p is the fluid density in the cylinder and F is the volumetric intake flow rate.

The volume of the cylinder is known from the kinematic equations of motion for

the piston.

1 cos(ofl)'\
v VdIP

+ 2 J

(47)

Here, Vd1 is the piston displacement, ç is the clearance volume as a fraction of the

displacement, w is the angular velocity of the crankshaft, and t is time. Substituting this

expression and its time derivative into Eq. (46) yields

(2pR T/ VdIJ, )F p sin( t)
(48)p 2Ø+lcos(an)

A simple model of flow resistance is to assume that the flow can be treated as

quasi-steady, incompressible flow in which the pressure drop is proportional to the

momentum flux of the intake or exhaust. In this instance, quasi-steady indicates that

changes in flow rate are slow enough that flow resistance is purely a function of flow rate

(i.e., the flow resistance does not lead or lag the flow rate). This model is written

mathematically as



(p0 p) o p (ye!)2 (49)

where po is the intake or exhaust reservoir pressure and ye! is the bulk velocity of the

fluid. Since velocity is proportional to flow, this proportionality can be written as the

equation,

F = CdU.,
I sign(p0 p) (50)1p

where Cdl(.( is the flow conductance (i.e., proportionality constant) and F is the volumetric

flow through the duct. Substituting Eq. (50) into Eq. (48) results in the ODE

(2cd,(,RT/vdI)jppO p sign(p p) pwsin(on)
(51)

20 + I cos(wt)

Density can now be eliminated using the ideal gas law.

(2 CdfCf /vd pjp0 ! sign(p0 p) pwsin(wt)
(52)

20 + I cos(wt)

Finally, dividing through by the intake pressure produces an ODE in the non-dimensional

pressure P/Po.

(2
Cd,(.f /vd,P) i 1 sign1 I -asin( wt)

PO 0i 0) 0

(53)
p0 20 + I cos(wt)
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Figure 3.18: Numerical solution of cylinder pressure ODE
and sine curve approximation.

Figure 3.18 shows a numerical solution of Eq. (53) for a hypothetical intake

stroke which lasts the entire length of the piston down stroke. In reality, the intake

process is much shortertypically covering just the first third of the down stroke.

However, showing a full length intake process allows the solution to be visually

compared to a sinusoidal approximation. As shown, the sine curve agrees well with the

numerical solution over the first half of the down stroke. Thus, as long as the intake

valve closes before midstroke, the pressure drop can be reasonably approximated by the

sine curve. This simplifies calculation of the work done on the piston during intake by

allowing the area under the curve to be determined through an analytical integration

rather than numerical integration.

The numerical solution in the figure was generated using a fourth order Runge-

Kutta algorithm. The parameters w, ç and were 2500 rpm, 0.085, and 0.0945 in3,

respectively. The parameters R and T were 296 J/kg-K and 293 K, respectively. The

flow conductance, Cduc.t was 0.00395 in2 and was chosen to yield a maximum relative

pressure drop of 0.067 (5 psi out of 75 psi). The solution uses an initial pressure equal to

the intake pressure and a step size is 6 jts (2000 steps).



To utilize the sine curve approximation in the thermodynamic model of the

expander performance, correlations between the maximum pressure drop (i.e., amplitude

of the sine curve) and the model parameters are needed. Looking at Eq. (53), there are

three independent parameters: operating speed, w, fractional clearance volume, , and the

lumped parameter, 2ç., f/Vp Figure 3.19 shows maximum pressure drops

obtained from the numerical solution of Eq. (53) with all parameters the same as

described above except operating speed which is shown on the horizontal axis. The time
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Figure 3.19: Maximum intake pressure drop vs. Figure 3.20: Maximum intake pressure drop vs.
operating speed. lumped parameter.
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Figure 3.21: Maximum intake pressure drop vs. clearance volume
fraction.



43

step in the solution was varied to maintain 2000 steps. A power curve has been fit to the

data to provide the needed correlation. Figure 3.20 and Figure 3.21 shows a similar

graph for variation due to the lumped parameter and the clearance volume fraction,

respectively.

An overall correlation between the sine curve approximation and the model

parameters is built by multiplying the amplitude of the sine curve in Figure 3.18 by the

relative change of the model parameters from those in Figure 3.18 raised to the power fit

exponents in Figures 3.19 and 3.20. Note that since Figure 3.21 indicates pressure drop

is nearly independent of clearance volume, it is omitted from the overall correlation. The

value of the lumped parameter for the parameter values used in Figure 3. 18 is 970.6 Hz.

-1893
1.871

2
Cd,4C( 1 ( 0)

=0.067[ I I (54)
970.6Hz ) 2500rpm)

An approximation of pressure drop in the intake duct has now been developed and

correlated to model parameters. Because of the nonlinear nature of the governing ODE,

the same correlation does not necessarily apply to the pressure drop through the exhaust

duct. Therefore, the same approach that was applied to pressure drop in the intake duct

will be applied to exhaust duct. Figure 3.22 shows the numerical solution of Eq. (53) for

the exhaust with the same parameters except Pu which is I atm. Note that where the

intake duct pressure drop reached a maximum of 0.067 times the intake pressure, the

exhaust duct pressure drop exceeds 0.076 times exhaust pressure. Plotted with the

numerical solution is a sine curve approximation with the same maximum value as the

solution. Although the numerical solution is skewed to the left of the sine approximation,

the area under each curve is about the same. Since the area under the curve represents the
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lost work, the sine approximation is acceptable for the purpose of estimating the effect of

exhaust flow resistance on expander power output.

Figures 3.23 and 3.24 show the effect of varying speed and lumped parameter,

respectively, on exhaust pressure drop. As with the intake pressure drop, the variation of

exhaust pressure drop with clearance volume is minimal and is not shown. As before,

power curves are fitted to the pressure drops predicted by the model. It is worth noting
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that although the exponents of the fitted power curves are similar to those of the intake

correlations, they are not the same. Using these exponents, the correlation for amplitude

of sine curve approximation to the model parameters is

2.032
2.020

(2 CdUd \//VdI 1

II

U)
= 0.075

I

970.6Hz ) 2500rpmJ
(55)

An EES model was used to determine the impact of pressure drop on optimal

expander work and efficiency. With the exception of pressure drop during intake and

pressure rise during exhaust, the model assumes ideal isentropic operation. The

amplitude of the pressure drop in the intake and exhaust are given as model inputs. The

model then determines the cylinder volume at which the intake pressure curve and the

expansion curve intersect. The mass and internal energy of the gas in the cylinder at this

point are determined by simultaneous solution of two equations. First is an energy

balance with the intake enthalpy assumed constant (i.e., gas passes through the intake

passage adiabatically and without producing any work.)

m2
2

= m2 U2 (56)

The intake enthalpy is obtained from the ESS function with the given intake pressure and

temperature as arguments. Second, the specific volume obtained from the EES function

using the internal energy and pressure at state 2 must match that obtained directly from

the mass and volume.

P2 ) = V2/m2 (57)

From the internal energy and pressure at state 2, the corresponding entropy can be

determined from the EES function. Assuming isentropic expansion, this is also the

entropy at state 3. Combining this entropy with the assumption that the pressure at state

3 equals the exhaust pressure allows the internal energy of the gas to be determined from



the EES function. By energy balance, the work done by the gas during expansion is the

change in internal energy of the gas.

W23 = m2 (h2 h3) (58)

The work done during the intake and exhaust processes is obtained by integrating

the pressure volume curve. For the intake process, the work is

w,2 = p
A51

(i _cos(02))] (59)
02

where is the amplitude of the intake pressure drop as a fraction of the intake

pressure and 02 is the angle equivalent of V2 defined by

V2
02-

V3

For the exhaust process, the work is given by

(60)

W34 = p0k, V31 + (61)

Summing the work done in each process provides the total work done by the expander in

one revolution. Isentropic efficiency is calculated by dividing the total work by the

isentropic change in enthalpy of the gas.

W
'is =

m2 (h h0,5)

(62)

where is obtained from the ESS function for enthalpy given the exhaust pressure and

the intake entropy.

The results of the ESS model with pressure drop are shown below. Figure 3.25

shows the effect of pressure drop in the intake and exhaust on the work production. The

work produced with no pressure drop (the ideal work) is 317 mJ. As the amplitude of the

intake pressure drop increases to 20% of the intake pressure, the work is reduced just 8%
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to 291 mJ even though the pressure drop at valve closure is 92 kPa, or 18% of 500 kPa

intake pressure. Although smaller in absolute magnitude, pressure rise in the cylinder

during the exhaust stroke has a similar effect on work. With exhaust pressure drop

amplitude of 20 kPa, or 20% of the exhaust pressure, the work produced by the expander

is reduced by 6% to 297 mJ.

Figure 3.26 shows the effect of pressure drop on isentropic efficiency. Efficiency

drops linearly with increasing exhaust amplitude reaching 93.8% at 20% of the exhaust

pressure. Intake pressure drop is slightly nonlinear; the efficiency drops faster at higher

pressure drops than lower. This is because the optimal intake volume increases with

pressure drop. Thus the area lost to intake pressure drop (shown in Figure 3.17) increases

not only in height, but in width as well. At an intake pressure drop amplitude of 20% of

the intake pressure, the isentropic efficiency is 94.8%.

The ESS model was enhanced to predict pressure drop as a function of operating

speed, temperature, and working fluid by using the correlations in Eqs. (54) and (55).

Note that the correlations assume the same duct conductance for the intake and exhaust.

In practice, the conductance values would likely be different since they correspond to



different ducts. The work output and efficiency predicted by the model are discussed

below. First the effect of varying speed is presented, followed by a discussion of the

intake temperature effects.

Figure 3.27 shows the work production predicted by the enhanced model versus

speed for nitrogen and isopentane. As discussed in earlier sections, the work produced

under adiabatic conditions is greater with nitrogen than with isopentane due to the steeper

expansion curve and longer intake stroke. The work produced at 500 rpm is 316 mJ with

nitrogen and 255 mJ with isopentane. As speed is increased to 2500 rpm the work drops

to 303 mJ and 235 mJ, respectively. The larger drop for isopentane is primarily due to its

higher molecular weight. This results is a lower value of gas constantI 15 i/kg-K for

isopentane vs 297 J/kg-K for nitrogen. By inspection of the correlation equations, it can

be seen that amplitude of the relative pressure drop is inversely proportional to the

working fluid's gas constant. Thus the amplitude of the intake pressure drop with

isopentane is nearly three times that of nitrogen (II .6% for isopentane at 2500 rpm vs.

4.7% for nitrogen at the same speed). Fortunately, the optimal intake volume for
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isopentane is significantly smaller than that for nitrogen so that the lost work is not

dramatically greater. For the exhaust stroke, the low temperature of the nitrogen exhaust

helps make the amplitude of the exhaust pressure drop more comparable to that of

isopentane. Like the gas constant, temperature also inversely affects the exhaust pressure

drop amplitude. As a result, the exhaust pressure drop amplitude at 2500 rpm is 8.1% of

the exhaust pressure with nitrogen and 14.7% with isopentanea ratio of 1.82.

Figure 3.28 shows predicted isentropic efficiency as a function of speed for

nitrogen and isopentane. Since isopentane has lower initial work production and greater

losses to pressure drop, efficiency drops much more rapidly with isopentane than

nitrogen. At 2500 rpm, the isentropic efficiency is 96.4% and 92.1% with nitrogen and

isopentane, respectively. In each case, the change in mass flow rate is minimal. Thus

changes in efficiency are almost entirely due to reduced work production.

Increasing intake temperature improves expander performance. Figure 3.29

shows predicted work production as a function of intake temperature with nitrogen and

isopentane. Figure 3.30 shows the corresponding isentropic efficiency. No data is
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presented for isopentane below 110 °C as the fluid condenses just below this temperature.

Increasing intake temperature reduces the relative pressure drop amplitude of both the

intake and exhaust. For nitrogen, the work produced increases from 297 mJ at 20 °C to

303 mJ to 150 °C. Correspondingly, efficiency increases from 94.8% to 96.4%. Because

of the narrow temperature range for the isopentane, the changes in work and efficiency

are smaller. Work changes just 3 mJ from 241 mJ to 244 mJ, and efficiency increases

from 9 1.2% to 92.0%.

3.4 Summary of Model Results

Based on the results of the thermodynamic model section, it is important to

minimize each of the identified losses in order to achieve the goal of 80% isentropic

efficiency in the expander operation. The losses discussed were:

Over/under-expansion

Cyclic in-cylinder heat transfer

Clearance volume

Friction

Pressure drop

Although under-expansion reduces the efficiency of the expander, it also

increases power output. Therefore, to achieve low system weight for the heat pump, it

may be desirable to operate the expander with a small amount of under-expansion. For

instance, the model results show that operating with isopentane at a pressure ratio 50%

above the optimal ratio nearly doubles power output while only reducing efficiency to

about 95%. Of course, other losses such as friction and intake pressure drop might also

increase in this scenario so that the overall loss of efficiency is much greater.
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In-cylinder heat transfer is driven by the temperature drop that occurs during

expansion and can be minimized selecting a working fluid with a low ratio of specific

heats. As shown previously, the efficiency loss in the limiting case of internally

isothermal operation is about three times greater for nitrogen than isopentane.

Furthermore, the work produced with each fluid becomes about the same in this limiting

case.

Clearance volume has a strong effect on efficiency and also reduces power output.

The loss increases in direct proportion to the ratio of clearance volume to displacement

and is most significant for fluids which are closest to isothermal. Although a fluid such

as isopentane lowers losses due to in-cylinder heat transfer, it increases losses due to

clearance volume. Therefore, it is of utmost importance in the expander design to

minimize the clearance volume.

Friction has a significant impact on expander efficiency. The main source of

friction is the piston pressing against the cylinder walls due to side loads on the piston

and pressure forces on the lip seal. Both of these losses increase with the coefficient of

friction of the piston material. Selecting a material with low friction is key to achieving

good efficiency. Alternatively, lubrication should provide the most beneficial effect.

The pressure drop is the primary loss that limits operating speed of the expander.

Based on the model that pressure drop is proportional to the momentum flux of the fluid,

the loss in efficiency is roughly proportional to the square of the operating speed. Thus,

losses of 5% at 1500 rpm would increase to 20% at 3000 rpm. The losses are also

expected to increase in proportion to fluid density, so isopentane which has roughly 2.5
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times the density of nitrogen would be expected to have 2.5 times the pressure drop.

Therefore, the valves ducts should be carefully designed to minimize pressure drop.
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4 EXPERIMENTAL METHODS

This section discusses the design of the prototype expander and the methods used

to test the device. The discussion is subdivided into three subsections. The first

describes the design of the expander, the second describes the experimental setups used

to test the prototype, and the final section details the procedures by which the expander

was tested.

4.1 Prototype Design

The prototype expander contains two 0.5" diameter pistons with a stroke of 0.48"

for a total displacement of 0.189 in3. Figure 4.1 shows a photograph of the prototype

expander. Although four cylinders can be seen in the picture, the bottom cylinders only

act as guides for the scotch yoke. The intake and exhaust valves are contained in the

Delrin block on the top of the expander. The relatively large aluminum block on the

front of the expander (where the shaft protrudes) holds an encoder which measures shaft

position. The electrical contacts can be seen extending from the top of the encoder.

Figure 4.1: Prototype expander with football for
scale.

Figure 4.2: Expander under test.



54

Figure 4.2 shows the expander in operation. A relatively large flywheel was added to

allow steady torque readings to be obtained. Due to the temperature drop during

expansion, frost can be seen on the exhaust lines.

A unique feature of the prototype is the use of piston actuated valves. A separate

cam shaft is not required to actuate the valves. This approach is expected to be

particularly applicable to miniature expanders due to the method's simplicity and

inherent timing characteristics. The inlet and outlet valves are poppet-type valves

actuated by spring-loaded tappets mounted within the piston as shown in Figure 4.3. The

inlet tappet first contacts the inlet poppet on the return stroke when the piston is about at

30% of the stroke from top-dead-center (TDC). The spring behind the tappet is selected

such that its spring force, upon compression, can not overcome the pressure difference

across the closed inlet valve. This causes the tappet spring to compress and the inlet

remains closed. Just before TDC, the tappet encounters a hard-stop that prevents further

spring compression and pops the inlet valve open. With the pressure difference across

In le

Inlet
behir

ml

r arm

St port

Cylinder
Wall

)oPPet

appet

Figure 4.3: Cross-section of expander cylinder and Figure 4.4: Cross-section of piston lip seal.
piston.
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the valve relieved, the tappet spring pushes the valve fully open and holds it there until

the piston has moved back down far enough that the tappet is fully extended. As the

piston continues to move down, a spring behind the inlet valvesofter than the tappet

springpushes the valve closed again.

The outlet valve is actuated by a separate tappet that pushes it closed just before

the inlet valve opens. A spring behind the outlet tappet absorbs the small amount of

interference between the tappet and valve. A rocker arm connects the outlet valves

between the two adjacent expansion cylinders which operate 1800 out of phase. This

ensures that as one outlet valve closes the other opens.

Another unique feature of the prototype design was the use of a flexible lip to seal

the piston shown in Figure 4.4. The pistons consist of an aluminum body covered by a

Rulon J cap. As shown in Fig. 3, a 0.045" deep groove was cut around the perimeter of

the piston face which creates a thin lip ranging from 0.015" wide at the base to about

0.005" wide at the tip. When the cylinder is pressurized, the lip is forced outward and

into the wall forming a seal. The Rulon J material was chosen because it is designed as

low friction bearing material able to operate at up to 300 °C. Because of its self

lubricating properties, the expander is able to be operated in an unlubricated condition.

Note that in the figure, the clearance between the piston and cylinder has been

exaggerated. Typically, the O.D. of the piston is approximately 0.004" less than the I.D.

of the cylinder.

The pistons were linked to the shaft via a scotch yoke mechanism. The yoke is

guided by the piston in the cylinder on one end and the false piston in a cylinder on the
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opposite side of the shaft. A bearing mounted on the arm of the crank shaft rides in a

horizontal slot in the yoke moving the piston up and down as the shaft rotates.

4.2 Experimental Setup

The experimental setup consisted of three components: A dynamometer to

measure the power output, process flow measurements to determine the potential

isentropic work, and a data acquisition system to record pressure-volume curves from the

expander. The following sections detail the design of each of the components.

4.2.1 Dynamometer

A dynamometer was constructed to measure the torque produced by the expander

at controlled speeds. The setup consisted of a 20 Watt motor for starting and loading the

expander and a torque/speed sensor for measuring expander output power. The motor

was a brushed DC motor (Maxon S2332) with an attached digital encoder for control

feedback to a motor controller (Maxon 4-Q-DC LSC 30/2). To allow the motor to

operate as a load, a four quadrant speed controller was used and a resistive load was

connected in parallel to the power input of the controller as shown in Figure 4.5. When

braking, the power produced by the motor offsets the power going to the fixed resistive

load. Since the resistor must be sized to absorb the maximum braking load, the power

Torque
SensoryconfroIierØE@

Expander
I I

Resistive I

Load

k/)/c/''
Speed

Adjustment

I Readout
Speed

Torque

Figure 4.5: Schematic of dynamometer.
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supply must be able to supply this amount plus the maximum driving load. This

configuration is not the most efficient arrangement but it is simple and convenient for

laboratory work.

The torque sensor was a rotary non-contact sensor unit manufactured by Sensor

Technology (Model E-300). The sensor measures torque by measuring the propagation

speed of surface acoustic waves induced on the rotating shaft. The wave velocity

changes in proportion to stress in the material surface. The range of the device was ±100

mN-rn with a specified accuracy of 0.25% of full scale. However, transverse loads on the

sensor shaft caused by the couplers in the system reduced the precision of the device to

about 1% of full scale.

4.2.2 Process Flow Measurement

The process flow measurements provide the basis for determining the efficiency

of the expander. The measurements include the pressure and temperature of the intake

and exhaust streams and mass flow rate through the expander. The setup used to collect

these measurements is shown in Figure 4.6. Nitrogen from a tank was supplied to a

pressure reservoir near the inlet of the expander at the pressure set by the regulator on the

tank. The pressure and temperature of the gas entering the expander were measured by a

200 psia pressure sensor (Endevco model 8540-200) and a 1/16" diameter type K

thermocouple. The exhaust pressure was assumed to be atmospheric and temperature

R.T
Bubble

Thnk urH eservcr
ExpDyno

Reaulator

Figure 4.6: Schematic of process flow measurement set up.
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was measured by a thin gauge thermocouple inserted into the exhaust. To avoid

difficulties measuring the pulsating inlet flow to the expander, the exhaust flow was

measured by mounting the expander and dynamometer inside an air-tight box and

connecting a bubble flow meter to the outlet of the box. The dynamometer was mounted

inside the box to avoid drag due to rotary seals. By connecting the expander outlet to a

separate outlet port (normally capped), the bubble flow meter could also be used to

measure the leakage rate of the piston seals during operation.

4.2.3 pV-Curve Acquisition

Figure 4.7 shows the set up used to acquire pressure-volume (pV) curves from the

expander. Pressure was measured using a 50-psia piezoresistive pressure transducer

(Endevco 8530C-50) with a 10 kHz wideband signal conditioner (Omega model 0M5-

WV-i A). Shaft position was measured by a digital encoder with 512-count per

revolution resolution (US Digital model E2-5 12-187-I). The quadrature signals from the

encoder were converted to a 0-2.048 V signal by a specialized converter module (US

Digital model EDAC). The pressure and encoder signals were then recorded on an

digital oscilloscope and downloaded to a PC where the angle data was converted to

cylinder volume using the equation,

P
Signal

[I]
ScopeConditioner

DAcI
Figure 4.7: Block diagram of P-V curve tracer.
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= + VdI, [i cos(O 0IDC )1 (63)

where V.y1 is the cylinder volume, Vriear is the clearance volume, is the piston

displacement, 8 is the shaft angle reported by the encoder, and OTI)c is the angle reported

by the encoder at TDC.

The Labview program used to download and process the data acquired by the

oscilloscope also controls the operation of the scope. The program continuously

monitors the period of the shaft angle signal and adjusts the scope sample rate to record

about two revolutions per sweep. At the same time, the gain of the pressure input

channel is adjusted so that the amplitude of the signal is between 50% and 75% of the

input range. This ensures that the signal does not go out of range and is yet amplified

enough to obtain good resolution. Once pressure angle data is downloaded to the

computer, the data is sorted by angle. Pressure readings for data points with the same

angle reading are averaged. Thus multiple cycles are merged into a single cycle. This

approach helped to minimize noise in the data and actually simplified processing since it

eliminated the need to find the start and end of cyclethe data always covered 360

degrees exactly.

4.3 Test Procedures

4.3.1 Calibration

Two point calibrations were performed on the pressure sensors used to measure

supply pressure and cylinder pressure. For each sensor, the output voltage was measured

by a panel meter (Omega model DP4I -E) while pressures near the upper and lower end

of the testing range applied. Atmospheric pressure was used as the low end reference and

was measured by a barometer (Oakton model WD-03316-80). For the upper end of the



range, nitrogen from the supply tank was applied to both the sensor and a high accuracy

test gauge (Dwyer model 731 4D) at approximately 75 psig. The barometric pressure was

added to the pressure indicated on the test gauge to obtain the absolute pressure of the

reference. Although the 90 psia upper limit exceed the rated range of the cylinder

pressure sensor (50 psia) by nearly a factor of two, the resulting calibration curve

matched the manufacturer's specification within the accuracy of the test gauge and

barometer. The manufacture literature even suggests that the sensor may be used at up to

three times its nominal range with little loss of accuracy.

No calibration was performed on the bubble flow meter used to measure mass

flow rate. A 1000 ml column was used and the accuracy of the markings was assumed to

be much greater than the accuracy of other factors in the mass flow measurement. The

primary sources of error were expected to be the temperature of the gas in the column,

the humidity of the columii, and the travel time of the bubbles. Temperature, however,

turned out not to be an issue. Initially temperature of the gas entering the flow meter was

measured with a thermocouple inserted into the flow, and it was found to vary less than I

°C from room temperature under all intake pressures and operating speeds. Therefore,

room temperature was used as the temperature from which to calculate the gas density.

At room temperature, humidity introduced in the flow meter can increase the volumetric

flow rate of the gas by up to 2.5%. However, this increase is in proportion to the actual

humidity (i.e., 60% humidity = 1.5% increase). Although potentially significant, no

correction to the flow rate was made for humidity. This would tend to understate

efficiency since actual flow might be lower than the measured value. Timing errors were

minimized by averaging the travel time of three to four bubbles over the same distance.
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The torque sensor and readout were supplied as a package by the manufacturer

and had been calibrated prior to shipment. Static testing was performed on the sensor and

results matched the manufacturer's calibration.

4.3.2 Efficiency Measurement

To measure efficiency, the expander was tested in the following manner. First,

the motor was used to drive the expander at the lowest speed tested (500 rpm). Next the

gas supply was turned on and the pressure adjusted to obtain the lowest pressure tested

(35 psia). Once the pressure stabilizedtypical 30 to 60 secondsthe operating

conditions were recorded. The data included shaft torque and speed, intake pressure and

temperature, and volumetric flow rate. It was discovered during testing that the expander

began to leak directly from the intake to exhaust port at the higher pressures. The

problem was traced to the design of the gasket surrounding the valve ports. A thin film

of paint was applied to valve head between the ports in an effort to increase the

compression of the gasket in this area. While significantly reduced, the leak was not

eliminated. The testing procedure was therefore modified to include a flow rate

measurement at zero rpm. This leak rate was then subtracted from the other flow rate

measurements at the same pressure.

4.3.3 pV Curve Acquistion

pV curves were acquired in a separate test from the efficiency measurements.

The reason for this was that pV curve acquisition was originally intended as a diagnostic

tool and no provision had been made for sealing the capture box when the cylinder

pressure sensor and shaft encoder were in use. Therefore, flow rate through the expander

could not be measured while acquiring pV curves. Otherwise, the pV testing procedure
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was similar to that used for efficiency measurement. Speed was set at the lowest value to

be tested and the regulator adjusted to obtain the desired pressure. Once the pressure

stabilized, the intake pressure and temperature and shaft torque and speed were recorded.

4.4 Uncertainty

The Kline-McClintock method (propagation of error) was used to estimate the

uncertainty in the calculated values based on the uncertainity in the measured values

obtained from the instruments. The accuracy and resolution specifications of the

instruments are listed in Appendix B along with the equations used to propagate the

uncertainty to the final result. A few measurements require additional discussion.

The accuracy of the bubble flow meter readings depends on the accuracy of the

volume and time measurements. The column used in the bubble flow meter is graduated

with marks every 20 ml. Although the marks are highly accurate, the resolution with

which the bubble meniscus can be located is about 10 ml. To minimize error in the time

readings, three or four bubbles were timed. The standard deviation was calculated for

each time set of time readings and the average was found to be 50 msec. The 95%

confidence level for the time measurements is therefore about 100 msec.

The uncertainty in the supply pressure readings is lower at low pressure because

of uncertainty in the different calibration references. The low reference was provided by

the barometer, while the high pressure reference was obtained from the barometer and

test gauge. Because the barometer is much more accurate that the test gauge, the pressure

reading is potentially more accurate at low pressure.
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5 RESULTS

5.1 Power & Torque

Figure 5. 1 shows the expander output power as a function of operating speed for

inlet pressures ranging from 35 psia to 75 psia. Power increases linearly with operating

speed, reaching 21.5 ± 0.3W at the highest speed and pressure. The uniform spacing

between the lines indicates that power output increases linearly with pressure, as

predicted by the model of over/under-expansion (Figure 3.3, page 20.)
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Figure 5.1: Expander power output vs. speed for varied intake pressures.

Figure 5.2 shows the torque corresponding to the power data in Figure 5. 1. The

graphs show that torque is relatively independent of speed resulting in the linear power

data. For instance, the torque at the highest pressure drops just 7% from 88.0 ± 1 .0 mNm

at 500 rpm to 82.0 ± I .0 mNm at 2500 rpm. The vertical scale on the right shows the

torque data in terms of work produced per cylinder per revolution. When multiplied by

2it, torque equals the work produced per revolution of the shaft. Half this amount is work

produced by each cylinder each revolution.



100

- 80
E
z

60

a-

o 40
a>

a.
2 20

x

x XXX

0

0 500 1000 1500 2000

Speed (rpm)

300
I o-35psial

250 .a-45psia

200 !o-55psialIx-65psia

150 _x_75psia

100

50

0

2500 3000

Figure 5.2: Expander torque vs. speed for varied intake pressures.

5.2 Mass Flow Rate

Figure 5.3 shows the mass flow rate through the expander corresponding to the

power and torque data above. The highest pressure data has been corrected for a small

leak (1.4 ml/s) between the intake and exhaust manifolds. The flow rate is presented as

the mass passing through each cylinder each revolution of the expander. Ideally, this

amount would be constant for a given operating pressure. However, the figure shows that
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Figure 5.3: Mass flow through expander vs. speed for varied intake pressures.
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there is an increase in flow at low speeds. This is attributed to leakage around the piston

lip seal. Testing indicated that piston leakage was only slightly affected by speed. Thus,

the leakage per revolution is proportional to the cycle time, or inversely proportional to

speed.

The leakage was measured by routing the normal expander exhaust outside the

capture box (see Figure 4.2) so that the flow rate captured by the box was only that which

leaked around the pistons. For 75 psia inlet pressure, the leakage was observed to

increase from 7 mI/sec at 500 rpm to 11 mI/sec at 2500 rpm (14.7% and 5.2% of the total

flow, respectively). For 35 psia inlet pressure, the leakage was constant at about 1.5

mI/sec (7.2% of flow at 500 rpm, 1.8% of flow at 2500 rpm).

5.3 Isentropic Efficiency

Figure 5.4 shows the calculated isentropic efficiency of the expander as a function

of speed for inlet pressures ranging from 35 psia to 75 psia (20 psig to 60 psig). For the

higher pressures of 55 psia and above, the isentropic efficiency is consistently in the
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Figure 5.4: Mass flow rate through expander vs. speed for varied intake pressures.



range of 70.7 ± 2.5% to 79.1 ± 3.8%. At lower pressures, however, the efficiency drops

dramatically. This is explained by unexpectedly high friction and, to a lesser degree, by

failure of the exhaust valve to allow backflow. Each of these problems is discussed in

following sections. The drop in efficiency at low speed and higher pressure (upper right

of graph) is attributed to the increase in mass flow per revolution caused by piston

leakage.

5.4 Heat Transfer

The heat flow into the expander was calculated by the energy balance,

i)
where W is the measured power output, th is the mass flow rate, c,, is the constant

pressure specific heat of the gas, and T and T0, are the intake and exhaust

shows the heat flow into the expander as a

function of speed for intake pressures ranging from 35 psia to 75 psia. Although heat

flow increases with the speed, it does not increase proportionally. At the highest
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Figure 5.5: Heat flow into expander vs. speed for varied intake pressures.
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pressure, for instance, the heat inflow is 60% of the work produced at 500 rpm but falls to

27% of the work at 2500 rpm.

5.5 Polytropic Efficiency

Figure 5.6 shows the polytropic efficiency of the expander as a function of speed

for intake pressures ranging from 35 psia to 75 psia. By accounting for the heat absorbed

by the expander during operation, the efficiency is slightly lower than that calculated

from the isentropic model. Where the isentropic efficiency ranged from 70.7% to 79.1%

for higher pressures, the polytropic efficiency ranges from 63.7 ± 3.4% to 7 1.3% ± 2.7%.

At the higher speeds where heat transfer is a smaller portion of the work produced, the

polytropic and isentropic efficiency become about the same. Essentially, the polytropic

accounting of efficiency eliminates the boost in performance produced by heat transfer.
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Figure 5.6: Polytropic efficiency vs. speed for varied intake pressures.

5.6 pV Curves

Figure 5.7 shows pV curves recorded with the expander operating at 500 rpm to

2500 rpm and intake pressure varying from 35 psia to 75 psia. Due to an error in the
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Figure 5.7: Pressure-volume curves for varying intake pressures and operating speeds.

Labview software controlling the oscilloscope, the input gain was continuously adjusted

so that the encoder signal range slightly exceeded the input range of the oscilloscope.

This caused the gaps that are apparent in the middle of the intake stroke. Despite this

problem, the curves still provide much useful insight into the expander operation. The

curves show that the pressure drop during intake is negligible at the lower speeds but

quite significant at the higher speeds. Interestingly, the increase in pressure drop appears

as an abrupt step between 1000 and 1500 rpm.

The pV curves also illustrate operation of the valves. At the highest pressure, the



drop at the end of the expansion curve indicates the rocker arm is working and forced the

exhaust valve open before the gas was fully expanded. At the lowest pressure, the gas is

over-expanded and the pressure drops below the exhaust pressure. By design the exhaust

valve should pop open spontaneously when the cylinder pressure drops below the exhaust

pressure. It was determined, however, that although the valve is indeed lifting when the

pressure difference changes directions, the silicone gasket that seals the valve was

sticking to the valve and forming a unintended flapper valve as shown in Figure 5.8.

Delrin
Valve Body

Exhaust
ort

Silicone Seat
Material

Exhaust N. Aluminum
Valve Cylinder Head

Figure 5.8: Schematic of silicone valve seat acting as flapper valve to prevent backflow through
exhaust valve.

The closure of the exhaust valve is indicated by the rise in pressure at the end of

the exhaust stroke near 0.0 15 in3. From there the piston recompresses the trapped gas

until the intake valve pops open around 0.0 10 in3. Note that in 35 psia data, the

recompression process has disappeared. At this low supply pressure, the pressure

differential across the valve is not sufficient to hold the poppet valve closed until the

tappet spring is fully compressed. As a result the intake valve pops open just after the

exhaust valve has closed.

At the higher speeds the length of the intake stroke increases. This was traced to

the time required for the poppet spring to close the intake valve. At low speeds, the

piston moves slower than the intake valve during valve closure. Therefore, the valve
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"rides" the piston-mounted tappet to its closed position so that it always closes at the

same piston location. At high speeds, however, the piston moves faster than the free

motion of the intake valve. Thus, the piston is able to move farther before the valve

finally closes. Fortuitously, the lengthened intake stroke compensates well for the intake

pressure drop such that a nearly optimal expansion curve is maintained at 55 psia.

5.7 Transmission Efficiency

By integrating the pV curves in Figure 5.7, the work done on the piston is

obtained. The missing data during the intake stroke is replaced by a straight line

connecting each side of the gap. Assuming each cylinder operates the same, the

transmission efficiency is the ratio of work per revolution measured at the shaft to twice

the work done on the piston. Figure 5.9 shows the transmission efficiency vs. speed for

intake pressures from 35 psia to 75 psia. The fact that the transmission efficiency is

relatively constant with speed indicates that frictional losses are proportional to speed as

expected. For supply pressures of 55 psi or above, the transmission efficiency ranges

100%

80%

a)

60%

40%
E
U)

20%

0%

0 500 1000 1500 2000 2500 3000

Speed (rpm)

psia

0-45 psia

--55 psia
x-65 psia

*-75 psia

Figure 5.9: Transmission efficiency vs. speed for varying intake pressures.
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from 80% to 91%in the range predicted by the friction model. At lower pressures,

however, the transmission efficiency shows a dramatic drop.

The cause of the low transmission efficiency at low pressure becomes clearer

when the frictional power loss data are plotted vs. speed. Figure 5.10 shows that

frictional power loss stays about the same regardless of the supply pressure. This runs

counter to the expectations of the frictional model which predicts power loss to be

roughly proportional to the supply pressure. One possible explanation for this

discrepancy is that this is due to the frictional properties of the Rulon J piston material.

The manufacturer indicates that the coefficient of friction is not constant, but instead is

roughly inversely related to bearing load [15]. This would be consistent with a frictional

force that is relatively independent of the applied normal force.
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Figure 5.10: Frictional power loss vs. speed for varying intake pressures.

5.8 Valve Pressure Drop

Two predictions of the intake and exhaust pressure drop model are: pressure drop

is proportional to supply/exhaust pressure and pressure drop is approximately
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Figure 5.11: Intake portion of supply-pressure-normalized pV curves.

proportional to the square of the operating speed. By dividing the pressure data in the pV

curves by the nominal supply pressure, the data is normalized so that curves from

different operating pressures can be compared. The intake portion of these normalized

pV curves are shown in Figure 5.11. The fact that the curves overlap fairly closely

supports the model prediction that intake pressure drop is proportional to the supply

pressure.

In contrast, the exhaust portions of the pV curves at a given operating speed do

not coincide as predicted by the model. Figure 5.12 shows the exhaust portion of the pV

data normalized to the exhaust pressure. The curves show that the rise in cylinder
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pressure during the exhaust stroke iicreases with intake supply pressure. This can be

partially explained by the temperature drop that occurs during expansion. At the higher

supply pressures, the exhaust gas is cooler and more dense. The model predicts the

pressure drop to be inversely proportional to the exhaust temperature. However, the

observed increase in pressure drop at high supply pressure exceeds the amount expected

based on the measured exhaust temperatures. A more likely explanation is that there is

heating of the gas occurring in the cylinder during the exhaust stroke for which the model

does not account.
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Figure 5.13 compares intake pressure drop to operating speed. The graph shows

the intake pressure drop measured near the end of the exhaust stroke (at volume = 0.028

in3) as a fraction of the nominal supply pressure. Despite the exceptionally high pressure

drops in the 1500 rpm data, power curves fitted to the data have exponents ranging from

1.4 to 2.1. Thus, the pressure drop does appear to follow a squared relationship to

operating speed. A possible explanation of for the high pressure drop at 1500 rpm is

acoustic resonance in the intake ducts.
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6 CONCLUSIONS

A miniature reciprocating expander has been constructed and tested with nitrogen

as the working fluid. At an intake pressure of 75 psia and operating speed of 2500 rpm,

the device was demonstrated to produce up to 22W at near 80% isentropic efficiency.

When the effects of heat flow into the device are included, the polytropic efficiency is

slightly lower at about 70%. Regardless of which efficiency figure is considered most

accurate, the results show that a high performance miniature heat pump with a heat

actuated COP near I is feasible.

The loss mechanisms identified in the modeling were over/under-expansion, in-

cylinder heat transfer, clearance volume, friction, and pressure drop. While the observed

performance matches model expectations fairly well at the higher intake pressures, the

performance at low intake pressures was far below expectations. By comparing

measured shaft work to work done on the pistons (by integrating the pV curve), it was

determined that frictional losses were the cause of this low efficiency. Counter to

expectations that frictional losses would decrease with decreasing supply pressure, the

losses remained relatively constant. While this might be partially or wholly due to the

frictional properties of the piston material, more study is needed to understand the

discrepancy between model and observed result.

In addition to resolving the unexplained frictional loss, future work on improving

efficiency of the expander should focus on improved flow through the intake and exhaust

valves and reducing clearance volume in the expander. In-cylinder heat transfer losses

might also be minimized by intentionally supplying heat to the cylinder to minimize the



temperature drop of the gas. However, such an approach would reduce overall heat pump

performance unless a regenerator is used to recapture the added heat.
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Appendix A: Work Produced by Expansion of a Non-Ideal Gas

The work done by an expansion process is

V2

W12= I pdV
JV1

(A.1)

For expansion of a non-ideal gas, the pressure and volume at any state are related to the

initial conditions by

pV p1V1
z z1

(A.2)

For pressures well below the critical pressure (Pr < 0.3), compressibility varies roughly

linearly with pressure [17]. This can be written as

z= z0-ap
(A.3)

By substituting Eq. (A.3) into Eq. (A.2) the pressure at any point in the expansion can be

related to the volume at that point and the initial conditions.

pV p1V1

z0-aP zi

p iV I
pV= (z0-cLp)

ZI

p V+
1

J
ZI

ap1V1 p1V1
= .zo

(zo
p=.pI

apiVi (A.4)

ZI
)

Substituting Eq. (A.4) into Eq. (A.l) and evaluating the integral results in the analytical

approximation of the work done in the isothermal expansion of the nonideal gas.
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1ap 1V1
V2+

I(zo ZI
W=p1V1 In

z apIV (A.5)

ZI }

Multiplying top and bottom of the logarithm argument by z1 / V1 produces

V2
I

I

(zç I V1 (A.6)
W=I.p1.V1 IlnI

I

z1
) z+ap )

From Eq. (A.2), ratio of volumes can be replaced with the pressure ratio

ln[
P2 (A.7)
P1

IZo
Z2-+Xp1 I

w=I.PI.Vl
zi z1+ap1

J

Factoring the pressure ratio out of the numerator of the logarithm argument yields

P1 (A.8)

zI
)

zl+apI P2J
W= p1V1 .ini

From Eq. (A.3), z2 + u'p2 and z + ap can both be recognized as z. Thus, Eq. (A.8)

simplifies to

(zo (PiI (A.9)
W= p1Vj lin!

) I\P2
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Appendix B: Uncertainty

The accuracy and resolution specifications for the instruments used in this work

are listed below.

Table B.1: instrument accuracy and resolution specifications

Thermocouple: Type K "Limits of Error"
supplier Omega Engineering
model number KQMSS-062
stated accuracy 0.4% of reading or 1.10, which ever is greater

supplier Omega Engineering
model number HHM31
stated accuracy 0.3% of reading + 10
resolution 0.1 deg C

Barometer
supplier Oakton
model number 03316-80
stated accuracy 1.0 mbar
resolution 1.0 mbar

supplier Dwyer
model number 7314D
stated accuracy 0.25 psi
resolution 0.01 psi

uDoiv t-ressure sensor

I

supplier Endevco
model number 8540-199
stated accuracy 0.16% of full scale
accuracy 0.32 psi

LsensMty 1.15 mV/psi

anel Meter
supplier Omega Engineering
model number DP41-E
stated accuracy 0.005% of reading

I UF4U oi ISOF

supplier Sensor Technology
model number E300
stated accuracy 0.25% of full scale
torque resolution 1 mN-m
speed resolution 5 rpm
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The equations used to calculate uncertainty of each measurement and to propagate

uncertainty to calculated values are listed below.

Temperature:

Thermocouple

Temperature Meter

Combined Temperature

Supply Pressure:

Barometer

Test Gauge

Low Pressure Reference

High Pressure Reference

Calibration Slope

Calibration Offset

Supply Pressure Value

UTC =max(l.l0C,O.4%IK)

UTmeter =

UT! =uic2 +UTmerr2

Uhar(, =O.l45psia

U,, = 0.25 psia

Up10 =

= Uhar)2 +
2

Phi PiOmpj =
ehl e10

b1 = p1 rn,,1 e1,,

Pi rn1,1 e+h1,1

(p1
2

U1,1,, +
e )
2

2

U1,l __U1,i0J +L UPhIJ +

\\

_L?LUeio IUh I

+
) e,(, )



Because the calibration results are fixed, the above partials were evaluated

numerically to produce uncertainty as a function of pressure reading. An approximation

function was then fitted to the results.

Table B.2: supply pressure sensor calibration data

Plo = 14.78 psi e10 = 17.00 mV

pti = 89.82 psi ehl = 103.29 mY

Approximation:

u,1 = j0.00007 (p1
_36.5)2 + 0.392

Mass Flow Rate:

Bubble Travel Time

Bubble Swept Volume

Flow Rate

Flow Rate Unc.

Mass Flow

0

0.5

C)

0.4

03'
0 50

Supply Pressure (psi)

numerical evaluation
approximation

= 0.1 sec

= 1Dm!

F "bub

bub
tbIb

up = F1 + 1±___
1

t/ ) V1
)

th P2 'ub

R Tri,om

2

Uth = rn
(u2

+ [u4h
+

P2 J T )

tOO



Measured Power:

Speed Ucpeed = 5 rpm

Torque UvbUb = 1%

Shaft Power W = 2,r(speed)r

uw
w

2 2

( Uçpj
+(7r)

speed r)

Isentropic Power Limit:

Isentropic Power = th cp Ti UJ

]

r 2 / 21
2('Uth') 1+

2( 2 21

[th) Ti)j

i

[

c T 14's )--1 [ ') +
cj P2)j

v7
Isentropic Efficiency =

Uqs. = /s
(u'wcJ2

C.]2

Heat Inflow:

Heat Inflow: Q=Wmc(Ti T2)

1 2

1,- '2 /

uQ=uW +(thc)2Hn! +1±i--
[Ti) T2)]



Polytropic Work Limit:

Intermediate Expression:

Polytropic Work

/

Z= --exp1
P2 mcI

V' =Q-i-thcT1[iz]

((iZ)uQf +

F(
\2 21

= +IUT
I

L
r 2 21

(thR1z)21 +( L
P2)]

87



Appendix C: Efficiency Data

The efficiency data presented graphically in the results section of this thesis are

presented below in tabular form with the calculated uncertainties.

Table C.!: Ambient conditions and gas properties

Barometric Pressure 101.9 ± 0.1 kPa
Room Temp 294.6 ± 1.5 K

Gas Constant 296.8 J/kg-K
Const P Spec Heat 1040 J/kg-K
R/Cp 0.2854 = (y-1)/

Table Cl: Temperature and pressure data

Ti Inlet Temp T2 Exit Temp P1 Suppty Pressure
[C] [K] [C] [K] [psia] [kPa]

24.4 ± 1.6 297.6 ± 1.6 35.00 ± 0.39 241.3 ± 2.7
24.4 ± 1.6 297.6 ± 1.6 11.9 ± 1.5 285.0 ± 1.5 34.93 ± 0.39 240.8 ± 2.7
24.4 ± 1.6 297.6 ± 1.6 10.6 ± 1.5 283.7 ± 1.5 35.06 ± 0.39 241.7 ± 2.7
24.4 ± 1.6 297.6 ± 1.6 9.3 ± 1.5 282.4 ± 1.5 34.97 ± 0.39 241.1 ± 2.7
24.4 ± 1.6 297.6 ± 1.6 8.3 ± 1.5 281.4 ± 1.5 35.16 ±0.39 242.4 ± 2.7
24.4 ± 1.6 297.6 ± 1.6 8.4 ± 1.5 281.5 ± 1.5 35.13 ± 0.39 242.2 ± 2.7
24.1 ± 1.6 297.3 ± 1.6 45.52 ± 0.40 313.9 ± 2.8
24.2 ± 1.6 297.4 ± 1.6 11.8 ± 1.5 285.0 ± 1.5 45.20 ±0.40 311.7 ± 2.7
24.1 ± 1.6 297.3 ± 1.6 5.4 ± 1.5 278.5 ± 1.5 45.01 ± 0.40 310.3 ± 2.7
24.2 ± 1.6 297.4 ± 1.6 0.9 ± 1.5 274.0 ± 1.5 45.02 ± 0.40 310.4 ± 2.7
24.1 ± 1.6 297.3 ± 1.6 -4.1 ± 1.5 269.1 ± 1.5 45.03 ±0.40 310.5 ± 2.7
24.0 ± 1.6 297.2 ± 1.6 -5.8 ± 1.5 267.4 ± 1.5 45.21 ± 0.40 311.7 ± 2.7
24.0 ± 1.6 297.2 ± 1.6 55.35 ± 0.42 381,6 ± 2.9

24.0 ± 1.6 297.2 ± 1.6 -4.5 ± 1.5 268.6 ± 1.5 55.09 ± 0.42 379.8 ± 2.9
23.9 ± 1.6 297.1 ± 1.6 -14.8 ± 1.5 258.4 ± 1.5 55.22 ± 0.42 380.7 ± 2.9
24.0 ± 1.6 297.2 ± 1.6 -20.6 ± 1.4 252.5 ± 1.4 55.15 ± 0.42 380.3 ± 2.9
23.9 ± 1.6 297.1 ± 1.6 -25.4 ± 1.4 247.8 ± 1.4 55.30 ± 0.42 381.3 ± 2.9
23.9 ± 1.6 297.1 ± 1.6 -27.1 ± 1.4 246.0 ± 1.4 55.27 ± 0.42 381.1 ± 2.9
23.8 ± 1.6 297.0 ± 1.6 65.36 ± 0.46 450.7 ± 3.2
23.8 ± 1.6 297.0 ± 1.6 -2.3 ± 1.5 270.9 ± 1.5 64.92 ± 0.46 447,6 ± 3.2
23.8 ± 1.6 297.0 ± 1.6 -13.2 ± 1,5 260.0 ± 1.5 65.16 ±0.46 449.3 ± 3.2
23.9 ± 1.6 297.1 ± 1.6 -19.4 ± 1.4 253.8 ± 1.4 65.14 ± 0.46 449.1 ± 3.2
23.8 ± 1.6 297.0 ± 1.6 -25.9 ± 1.4 247.3 ± 1.4 64.87 ± 0.46 447.3 ± 3.2
23.8 ± 1.6 297.0 ± 1.6 -27.7 ± 1.4 245.5 ± 1.4 65.14 ± 0.46 449.1 ± 3.2
23.8 ± 1.6 297.0 ± 1.6 75.28 ± 0.51 519.1 ± 3.5
23.8 ± 1.6 297.0 ± 1.6 -9.1 ± 1.5 264.0 ± 1.5 75.15 ± 0.51 518.2 ± 3.5
23.7 ± 1.6 296.9 ± 1.6 -23.6 ± 1.4 249.5 ± 1.4 74.98 ± 0.51 517.0 ± 3.5
23.9 ± 1.6 297.1 ± 1.6 -29.5 ± 1.4 243.6 ± 1.4 75.05 ± 0.51 517.5 ± 3.5
238 ± 1.6 297.0 ± 1.6 -35.7 ± 1.4 237.4 ± 1.4 75.15 ± 0.51 518.2 ± 3.5
23.8 ± 1.6 297.0 ± 1.6 -38.0 ± 1.4 235.1 ± 1.4 75.02 ± 0.51 517.3 ± 3.5



Table C.3: Measured flow rate data

Time Measurements [s'] Time Volume Flow
1 I 2 I 3 4 mean stdev [sec] [ml] [mI/sec]
1500 1500 15.00 ±0.10 0 ±10

5.02 509 5.09 5.07 0.04 5.07 ± 0.10 100 ± 10 19.7 ± 2.0
5.74 5.62 5.65 5.67 0.06 5.67 ± 0.10 200 ± 10 35.3 ± 1.9

3.79 3.86 3.69 3.78 0.09 3.78 ± 0.10 200 ± 10 52.9 ± 3.0
4.35 4.37 4.44 4.39 0.05 4.39 ± 0.10 300 ± 10 68.4 ± 2.8
4.94 4.57 4.89 4.90 0.04 4.90 ± 0.10 400 ± 10 81.6 ±2.6

15.00 15.00 15.00 ± 0.10 0 ±10
4.13 4.05 3.94 3.89 4.00 0.11 4.00 ± 0.10 100 ± 10 25.0 ± 2.6
4.31 4.43 4.38 4.37 0.06 4.37 ± 0.10 200 ± 10 45.7 ± 2.5
4.38 4.33 4.38 4.36 0.03 4.36 ± 0.10 300 ± 10 68.8 ± 2.8
4.36 4.44 4.27 4.36 0.09 4.36 ± 0.10 400 ± 10 91.5 ± 3.1

4.37 4.40 4.27 4.35 0.07 4.35 ± 0.10 500 ± 10 115.0 ±3.5
15.00 15.00 15.00 ± 0.10 0 ± 10

6.24 6.27 6.24 6.25 0.02 6.25 ± 0.10 200 ± 10 32.0 ± 1.7

5.09 4.90 4.99 4.99 0.10 4.99 ± 0.10 300 ± 10 60.1 ± 2.3
4.61 4.65 4.65 4.64 0.02 4.64 ± 0.10 400 ± 10 86.3 ± 2.8
4.20 4.28 4.28 4.25 0.05 4.25 ± 0.10 500 ± 10 117.6 ± 3.6
4.67 4.70 4.67 4.68 0.02 4.68 ± 0.10 700 ± 10 149.6 ± 3.8

15.00 15.00 15.00 ± 0.10 0 ±10
5.00 4.94 4.96 4.97 0.03 4.97 ± 0.10 200 ± 10 40.3 ± 2.2
4.00 4.07 4.06 4.04 0.04 4.04 ± 0.10 300 ± 10 74.2 ± 3.1

3.83 3.81 3.78 3.81 0.03 3.81 ± 0.10 400 ± 10 105.1 ±3.8
3.50 3.56 3.47 3.51 0.05 3.51 ± 0.10 500 ± 10 142.5 ± 5.0
3.59 3.88 3.80 3.86 0.05 3.86 ± 0.10 700 ± 10 181.5 ±5.4

14.75 14.75 14.75 ± 0.10 20 ± 10 1.4 ±0.7
4.02 4.17 4.10 4.10 0.08 4.10 ± 0.10 200 ± 10 48.8 ± 2.7
3.44 3.50 3.50 3.48 0.03 3.48 ± 0.10 300 ± 10 86.2 ± 3.8
3.24 3.30 3.10 3.21 0.10 3.21 ± 0.10 400 ± 10 124.5 ± 5.0
2.91 3.00 2.92 2.94 0.05 2.94 ± 0.10 500 ± 10 169.9 ± 6.7
3.26 3.23 3.29 3.26 0.03 3.26 ± 0.10 700 ± 10 214.7 ± 7.3

eve = 0.05

Table C.4: Measured power data

Speed Torque Measured Power
[rpm] [rad/sec) [mN.m] [W]
0 ± 5 0.0 ± 0.5 0.0 ± 1.0

500 ± 5 52.4 ± 0.5 11.0 ± 1.0 0.576 ± 0.053
1000 ± 5 104.7 ±0.5 9.0 ± 1.0 0.942 ± 0.105
1505 ± 5 157.6 ± 0.5 10.0 ± 1.0 1.576 ± 0.158
1995 ± 5 208.9 ± 0.5 9.0 ± 1.0 1.880 ± 0.209
2500 ± 5 261.8 ± 0.5 5.0 ± 1.0 1.309 ± 0.262

0 ± 5 0.0 ± 0.5 0.0 ± 1.0
505 ± 5 52.9 ±0.5 28.0 ± 1.0 1.481 ± 0.055

1000 ± 5 104.7 ±0.5 26.0 ± 1.0 2.723 ±0.106
1500 ± 5 157.1 ±0.5 27.0 ± 1.0 4.241 ± 0.158
2000 ± 5 209.4 ± 0.5 27.0 ± 1.0 5.655 ± 0.210
2505 ± 5 262.3 ± 0.5 26.0 ± 1.0 6.820 ± 0.263

0 ± 5 0.0 ± 0.5 0.0 ± 1.0

500 ± 5 52.4 ± 0.5 49.0 ± 1.0 2.566 ± 0.058
1000 ± 5 104.7 ± 0.5 47.5 ± 1.0 4.974 ± 0.108
1500 ± 5 157.1 ± 0.5 46.0 ± 1.0 7.226 ± 0.159
2000 ± 5 209.4 ± 0.5 47.0 ± 1.0 9.844 ± 0.211

2505 ± 5 262.3 ± 0.5 45.5 ± 1.0 11.936 ± 0.263
0 ± 5 0.0 ± 0.5 0.0 ± 1.0

500 ± 5 52.4 ± 0.5 69.0 ± 1.0 3.613 ± 0.064
1000 ± 5 104.7 ±0.5 67.0 ± 1.0 7.016 ± 0.110
1500 ± 5 157.1 ±0.5 64.0 ± 1.0 10.053 ± 0.161
2000 ± 5 209.4 ± 0.5 65.5 ± 1.0 13.718 ± 0.212
2500 ± 5 261.8 ± 0.5 64.0 ± 1.0 16.755 ± 0.264

0 ± 5 0.0 ± 0.5 0.0 ± 1.0

500 ± 5 52.4 ± 0.5 88.0 ± 1.0 4.608 ± 0.070
995 ± 5 104.2 ± 0.5 86.0 ± 1.0 8.961 ± 0.114

1500 ± 5 157.1 ± 0.5 82.0 ± 1.0 12.881 ± 0.163
2000 ± 5 209.4 ± 0.5 82.5 ± 1.0 17.279 ± 0.214
2500 ± 5 261.8 ± 0.5 82.0 ± 1.0 21.468 ± 0.265



Table C.5: Isentropic work and efficiency data

Flow w/o Leak Mass Flow Isentropic Work Isentropic Effic.
[mI/sec] [g/min] [kg! sec[ [W]

19.7 ±2.0 1.38 ±0.14 2.30E5 ±2.4E-6 1.38 ±0.14 1.549 ±0.159 37.2% ±5.1%
35.3 ± 1.9 2.47 ± 0.13 4.11E-5 ± 2.2E-6 1.23 ± 0.07 2.779 ± 0.149 33.9% ± 4.2%
52.9 ±3.0 3.70 ±0.21 6.17E-5 ±3.5E-6 1.23 ±0.07 4.158 ±0.238 37.9% ±4.4%
68.4 ± 2.8 4.78 ± 0.19 7.97E-5 ± 3.3E-6 1.20 ± 0.05 5.405 ± 0.222 34.8% ± 4.1%
81.6 ± 2.6 5.71 ±0.19 9.51E-5 ± 3.2E-6 1.14 ± 0.04 6.446 ± 0.214 20.3% ± 4.1%

25.0 ±2.6 1.75 ±0.18 2.91E-5 ±3.OE-6 1.73 ±0.18 2.460 ±0.254 60.2% ±6.6%
45.7 ± 2.5 3.20 ± 0.18 5.33E.5 ± 3.OE-6 1.60 ± 0.09 4.466 ± 0.249 60.7% ± 4.1%
68.8 ± 2.8 4.81 ± 0.20 8.01 E-5 ± 3.3E-6 1.60 ± 0.07 6.748 ± 0.278 62.9% ± 3.5%
91.8 ±3.1 6.42 ±0.22 1.07E.4 ±3.7E.6 1.61 ±0.06 9.009 ±0.313 62.8% ±3.2%

115.0 ±3.5 8.04 ±0.25 1.34E.4 ±4.2E6 1.61 ±0.05 11.318 ±0.356 60.3% ±3.0%

32.0 ± 1.7 2.24 ± 0.12 3.73E-5 ± 2.OE.6 2.24 ± 0.12 3.608 ± 0.191 71.1% ± 4.1%
60.1 ± 2.3 4.20 ± 0.16 7.00E-5 ± 2.8E-6 2.10 ± 0.08 6.782 ± 0.269 73.3% ± 3.3%
86.3 ± 2.8 6.03 ± 0.20 1.O1E.4 ± 3.4E.6 2.01 ± 0.07 9.733 ± 0.330 74.2% ± 3.0%

117.6 ± 3.6 8.22 ± 0.26 1.37E.4 ± 4.4E.6 2.06 ± 0.06 13.281 ± 0.422 74.1% ± 2.8%
149.6 ±3.8 10.46 ±0.27 1.74E4 ±4.7E-6 2.09 ±0.05 16.893 ±0.453 70.7% ±2.5%

40.3 ±2.2 2.82 ±0.15 4.69E.5 ±2.6E.6 2.82 ±0.16 4.993 ±0.272 72.4% ±4.1%
74.2 ± 3.1 5.19 ± 0.22 8.65E-5 ± 3.6E-6 2.59 ± 0.11 9.218 ± 0.389 76.1% ± 3.4%

105.1 ±3.8 7.35 ±0.27 1.22E.4 ±4.5E.6 2.45 ±0.09 13.057 ±0.484 77.0% ±3.1%
142.5 ± 5.0 9.96 ± 0.35 1.66E.4 ± 5.9E.6 2.49 ± 0.09 17.655 ± 0.629 77.7% ± 3.0%
181.5 ± 5.4 12.69 ± 0.38 2.12E.4 ± 6.5E-6 2.54 ± 0.08 22.546 ± 0.689 74.3% ± 2.6%

47.5 ± 2.8 3.32 ± 0.20 5.53E-5 ± 3.3E-6 3.32 ± 0.20 6.343 ± 0.377 72.6% ± 4.5%
84.9 ± 3.9 5.93 ± 0.27 9.89E.5 ± 4.6E-6 2.98 ± 0.14 11.323 ± 0.521 79.1% ± 3.8%

123.1 ± 5.0 8.61 ± 0.35 1.43E.4 ± 5.9E-6 2.87 ± 0.12 16.450 ± 0.681 78.3% ± 3.4%
168.5 ± 6.7 11.78 ± 0.47 1.96E.4 ± 8.OE-6 2.95 ± 0.12 22.521 ± 0.916 76.7% ± 3.3%
213.4 ± 7.3 14.92 ± 0.52 2.49E.4 ± 8.7E-6 2.98 ± 0.10 28.491 ± 0.998 75.3% ± 2.8%

Table C.6: Polytropic work and efficiency data

Heat Flow Polytropic Work Polytropic Eff Ic.
[W] 1W]

Z 1-Z Work
0.277 ± 0.081 0.813 0.187 1.605 ± 0.161 35.9% ± 4.9%
0.351 ± 0.145 0.803 0.197 2.852 ± 0.156 33.0% ± 4.1%
0.605 ± 0.219 0.807 0.193 4.283 ± 0.247 36.8% ± 4.3%
0.543 ± 0.283 0.798 0.202 5.519 ± 0.240 34.1% ± 4.1%
0278 ± 0.345 0.774 0.226 6.384 ± 0.241 20.5% ± 4.2%

1.106 ± 0.095 0.822 0.178 2.710 ± 0.261 54.6% ± 5.6%
1.684 ±0.171 0.806 0.194 4.880 ±0.258 55.8% ±3.7%
2.296 ± 0.254 0.798 0.202 7.293 ± 0.292 58.2% ± 3.2%
2.520 ± 0.339 0.785 0.215 9.624 ± 0.334 58.8% ± 3.0%
2.670 ± 0.422 0.775 0.225 11.984 ± 0.384 56.9% ± 2.8%

1.459 ± 0.118 0.780 0.220 3.999 ± 0.199 64.2% ± 3.5%
2.159 ± 0.221 0.759 0.241 7.382 ± 0.282 67.4% ± 3.0%
2.559 ± 0.318 0.746 0.254 10.461 ± 0.350 69.1% ± 2.8%
2.823 ± 0.434 0.734 0.266 14.101 ± 0.450 69.8% ± 2.7%
2.682 ± 0.531 0.721 0.279 17.688 ± 0.493 67.5% ± 2.4%

2.340 ± 0.142 0.770 0.230 5.668 ± 0.283 63.7% ± 3.4%
3.689 ± 0.264 0.752 0.248 10.317 ± 0.407 68.0% ± 2.9%
4.539 ± 0.378 0.738 0.262 14.438 ± 0.509 69.6% ± 2.7%
5.145 ± 0.525 0.725 0.275 19.252 ± 0.663 71.3% ± 2.7%
5.429 ± 0.642 0.712 0.288 24.268 ± 0.734 69.0% ± 2.4%

2.714 ± 0.182 0.737 0.263 7.208 ± 0.391 63.9% ± 3.6%
4.093 ±0.335 0.719 0.281 12.661 ±0.543 70.8% ±3.2%
4.907 ±0.488 0.703 0.297 18.093 ±0.712 71.2% ±2.9%
5.121 ± 0.693 0.684 0.316 24.283 ± 0.958 71.2% ± 2.9%
5.484 ± 0.829 0.676 0.324 30.399 ± 1.054 70.6% ± 2.6%
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Appendix D: EES Models

The EES models created for this work are listed on the following pages. The

models indicate the expected performance with each of the following losses:

no losses (ideal isentropic operation)

over/under-expansion

in-cylinder heat transfer (internally isothermal operation)

clearance volume

pressure drop correlated to speed
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EES Model of Isentropic Expander Performance

ideal Isentropic Expander Model
Tom Herron 2004

Assumptions
Zero Clearance Volume
No pressure drop
isentropic intake, expansion, and exhaust

Diagram Window Controls
fluid$: name of working fluid
Vdisp: piston displacement (i.e., swept volume) in in'3
Tin: intake temperature
Pout: exhaust pressure

Parameter Table Variables
- Pratio:intake to exhaust pressure ratio

Define the intake conditions
Pin= Pratio* Pout
Hin = enthalpy (fluid$, T = Tin, P = Pin)
Vin = volume (fluid$, T = Tin, P = Pin)
Uin = intenergy (fluid$, T = Tin, P = Pin)
Sin = entropy (fluid$, T = Tin, P Pin)

Determine mass of gas expanded
Vout = volume (fluid$, S = Sin, P = Pout)
Vo13 = Vdisp * Convert (inA3, m'3)
M23 = Vo13 / Vout

Determine starting expansion volume expansion volume
Vo12 = M23 * Vin

Define exhaust conditions
Tout = temperature (fluid$, S = Sin, P = Pout)
Uout intenergy (fluid$, S = Sin, P = Pout)

Calculate work by real gas
W12 = Pin * Vo12 (intake work
W23 = M23 * (Uin Uout) { expansion work
W34 = Pout * (-Vo13)

{
exhaust work

Work = W12 + W23 + W34 (total work

Calculate work done by ideal gas
gamma = Cp (fluid$, P = Pin, T = Tin)! Cv (fluid$, P = Pin, T = Tin)
Wisen = Pout * Vo13 * gamma! (gamma 1) * (Pratio A ((gamma 1)! gamma) 1)

Difference in work estimates
Error = (Wisen Work) / Work
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EES Model of Over/Under Expansion

Expander Over/Under-Expansion Model
Tom Herron 2004

Assumptions
No pressure drop
Adiabatic pressurization and intake
Isentropic expansion and exhaust

Diagram Window Controls
fluid$: name of working fluid
Vdisp: piston displacement (i.e., swept volume) in in'3
Tin: intake temperature
Pout: exhaust pressure

Parameter Table Variables
Pratio:intake to exhaust pressure ratio
phi: clearance volume as fraction of displacement

Determine cylinder volume at each state
Vol_BDC = Vdisp# * Convert (inA3, m"3)
Vol2 = Vol_B DC * Vratio
Vol2 = Mexp * Vin
Vol3 = Mexp * V3
Vol_BDC = M_BDC * V3

Determine intake properties
Pin = Pratio * Pout
Vin = volume (fluid$, T = Tin, P = Pin)
Hin = enthalpy (fluid$, T = Tin, P = Pin)
Uin = intenergy (fluid$, T = Tin, P = Pin)
Sin = entropy (fluid$, T = Tin, P = Pin)

Determine properties at the end of expansion
V3 = mm (Vol_BDC / Mexp, volume (fluid$, S = Sin, P = Pout))
P3 = pressure (fluid$, S = Sin, V = V3)

Determine properties during exhaust stroke
Uout = intenergy (fluid$, S = Sin, V = V3)
Tout = temperature (fluid$, U = Uout, P = Pout)

Work calculation
W_int = Pin * Vol2
W_exp = Mexp * (Uin Uout)
W_BDC = Pout * (Vol_BDC Vol3)
W_exh = Pout * Vol_BDC
W_tot = W_int + W_exp + W_BDC + W_exh

Calculate efficiency
Houts = enthalpy (fluid$, S = Sin, P = Pout)
W_s = (Hin Houts) * Mexp
Eta = W_tot / W_s



EES Model of Expander Operation with Clearance Volume

Expander Clearance Volume Model
Tom Herron 2004

Assumptions
No pressure drop
Adiabatic pressurization and intake
Isentropic expansion and exhaust

Diagram Window Controls
fluid$: name of working fluid
Vdisp: piston displacement (i.e., swept volume) in inA3
Tin: intake temperature
Pout: exhaust pressure

Parameter Table Variables
Pratio:intake to exhaust pressure ratio
phi: clearance volume as fraction of displacement

Vol Disp = Vdisp * Convert(inA3, m"3)
VoIClear = phi * Vol Disp
Vo13 = VolClear + Vol Disp

Determine intake properties
Pin = Pratio * Pout
Hin = enthalpy (fluid$, T = Tin, P = Pin)
Sin = entropy (fluid$, T = Tin, P = Pin)

Determine properties after pressurization state 1
VoIClear = Mi * volume (fluid$, U = Ui, P = Pin)
Ti = temperature (fluid$, U = Ui, P = Pin)
M4*UoutMi*Ui+(MiM4)*Hin=0

Determine properties after intake state 2
Vol2 = Mexp * volume (fluid$, U = U2, P = Pin)
T2 = temperature (fluid$, U = U2, P = Pin)
Ml * Mexp * U2 + (Mexp Mi) * Hin Wi2 = 0
Sout = entropy (fluid$, U = U2, P = Pin)

Determine properties after expansion state 3
Vo13 = Mexp * Vout
Vout = volume (fluid$, S = Sout, P = Pout)
Tout = temperature (fluid$, S = Sout, P = Pout)
Uout = intenergy (fluid$, S = Sout, P = Pout)
Hout = enthalpy (fluid$, S = Sout, P = Pout)

Determine properties after exhaust state 4
M4 = VoiClear / Vout

Calculate work done by each process
Wi2 = Pin * (Vo12 VoiClear) { Intake work
W23 = Mexp * U2 Mexp * Uout { Expansion work
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W34 = Pout * (VoIClear Vol3) { Exhaust work
W=W12-1-W23W34 {Totatwork}

Calculate ideal work
Houts = enthalpy (fluid$, S = Sin, P = Pout)
M = Mexp M4
Wmax = (Hin Houts) * M

{ Calculate efficiency
Eta=W/Wmax



EES Model of Internally Isothermal Expander Operation

Isothermal Expander Model
Tom Herron 2004

Assumptions
No pressure drop
Intake gas cools instantly to cylinder temperature
Isothermal expansion with heat supplied by walls
Exhaust temperature equals cylinder temperature

Diagram Window Controls
fluid$: name of working fluid
Vdisp: piston displacement (i.e., swept volume) in inA3
Tin: intake temperature
Pout: exhaust pressure

Parameter Table Variables
Pratio:intake to exhaust pressure ratio
phi: clearance volume as fraction of displacement
zeta: fraction of expansion heat transfer supplied from an external source

(i.e., 0 = all heat extracted from intake gas, 1 = all heat supplied
from external source)

Define pressure ratio
Pratio = Pin / Pout

Volume at each state
Vclear = phi * Vdisp
VolClear = Vclear * Convert (in'3, mA3)
Vol3 = (Vclear Vdisp) * Convert (inA3, m"3)

Calculate intake properties
Vin = volume (fluid$, T = Tin, P = Pin)
Hin = enthalpy (fluid$, T = Tin, P = Pin)

Calculate properties at intake pressure
Vhi = volume (fluid$, T = Tout, P = Pin)
Uhi = intenergy (fluid$, T = Tout, P = Pin)

Calculate properties at exhaust pressure
Vlo = volume (fluid$, T = Tout, P = Pout)
Ulo = intenergy (fluid$, T = Tout, P = Pout)

Calculate mass at each state
Ml = VoiClear / Vhi
Mexp = Vol2 / Vhi
Mexp = Vo13 / Vlo
M4 = VoIClear! Vlo

(Calculate work done in each process
W12 = Pin * (Vo12 VoIClear) (intake work
W23 = Pout * Vo13 * In (Pin! Pout) { expansion work



W34 = Pout * (VoiClear Vo13)
W41 = 0
W = Wi 2 W23 + W34 + W4i

Calculate heat flow into gas in each process
Qi2=Mexp*UhiMi*UhiWi2Hin*(MexpMi)
023 = Mexp * Ulo Mexp * Uhi + W23
034 = 0
041 = Mi * Uhi M4 * Ulo W41 Hin * (Ml M4)
o = 012 + 023 + 034 041
o = xi * 023

Calculate ideal work for polytropic process
M = Mexp M4
Pmax2 = Pin * exp(-Q I (Pin * Vin * M))
Smax2 = entropy(fluid$, P = Pmax2, T = Tin)
Hmax2 = enthalpy (fluid$, P = Pmax2, T = Tin)
Hmax3 = enthalpy (fluid$, P = Pout, S = Smax2)
Wmax =0+ (Hmax2 Hmax3) * M

(Calculate polytropic efficiency
Eta=W/Wmax
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exhaust work
{repressurization work

total work

(heat released by cooling intake
(heat absorbed during expansion
(heat absorbed during exhaust
(heat released during repressurization
(total heat flow into gas
(heat supplied by external source



EES Model of Expander Operation with Intake and Exhaust Pressure Drop

Expander Pressure Drop Model
Tom Herron 2004

Assumptions
No clearance volume
Pressure drop determined by correlation equations in thesis text
All processes are adiabatic
Expansion is isentropic

Diagram Window Controls
fluid$: name of working fluid
Vdisp: piston displacement (i.e., swept volume) in inA3
Tin: intake temperature
Pout: exhaust pressure

Parameter Table Variables
Pratio: intake to exhaust pressure ratio
speed: operating speed in rpm

Define pressure drop reference conditions
Speed_ref# = 2500
R_ratio = molarmass('nitrogen') I molarmass (fluid$)
T_ref# = 20 + T_zero#

Calculate intake pressure and displacement volume
Vol3 = Vol Disp# * Convert(inA3, mA3)
Pin = Pratio * Pout

Determine intake condtions
Hin = enthalpy (fluid$, T = Tin, P = Pin)
Sin = entropy (fluid$, T = Tin, P = Pin)

Calculate amplitude of sine curve that approximates pressure drop)
A_sin_in = 0.067 * (R_ratio * (Tin + T_zero#) / T_ref#y'(-0.946) * (speed I Speed_ref #)"l .871
A_sin_out = 0.075 * (R_ratio * (Tout + T_zero#) I T_ref#)"(-1 .016) * (speed I Speed_ref#)"2.020

Determine fluid properties at start of expansion
theta2 = pi * Vo12 / Vol3 { angular position at intake valve closure
P2 = Pin * (1 A_sin_in * sin(theta2))
V2 = volume (fluid$, U = U2, P = P2)
T2 = temperature (fluid$, U = U2, P = P2)

Determine fluid properties at end of expansion
T3 = temperature (fluid$, S = Sexp, P = Pout)
V3 = volume (fluid$, S = Sexp, P = Pout)
U3 = intenergy (fluid$, S = Sexp, P = Pout)

(Determine mass of gas expanded
Mexp * Hin = Mexp * U2 W12



Sexp entropy (fluid$, U = U2, P = P2)

Relate volume to specific volume at start and end of expansion
Vo12 Mexp * V2
Vol3 = Mexp * V3

(Calculate work done in each process
W12 = Pin * Vol2 *

(1 A_sin_in! theta2 *
(1 cos(theta2))) (intake

W23 = Mexp * U2 Mexp * U3 (expansion
W34 = Pout * Vo13 *

(1 + A_sin_out! pi * 2) (exhaust
W=W12+W23+W34 (Total}

(Calculate mean exhaust temperature
Hout = Hin W/Mexp
Tout = temperature (fluid$, H = Hout, P = Pout)

(Determine ideal work
Houts = enthalpy (fluid$, S = Sin, P = Pout)
Wmax = (Hin Houts) * Mexp

Determine isentropic efficiency)
Eta =W/Wmax




