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A computer model was created using compressor and

condenser performance data to simulate vapor-compression

ammonia refrigeration system performance under various

operating conditions and strategies. The model was used to

estimate energy, demand, and cost savings resulting from

reduced condensing pressures.

Two ammonia refrigeration systems were selected for the

investigation into reduced condensing pressure operation.

Each refrigeration system was monitored under two modes of

operation: high (fixed-head) and reduced (floating-head)

condensing pressure. Compressor and condenser fan power,

condensing pressure, and ambient dry and wet-bulb

temperatures were recorded for a one week period. During

the fixed-head period, the condensing pressure was

maintained at 145 to 155 psig, which is typical for

industry. The condenser fan controls were adjusted for the

floating-head period, reducing the average condensing

pressures to 117 to 130 psig. Reductions of 9.8% to 11.7%

in combined compressor and condenser fan power were observed

during the floating-head operation. In addition, none of

the potential problems associated with floating-head

operation were observed.



The model was used to simulate refrigeration system

performance during the monitoring periods, using weather

data and estimated refrigeration loads as model input.

Model predictions were compared with the monitored data to

validate the model performance.

The model was used to predict monthly and annual

energy, peak-demand, and operating costs for a range of

condensing pressures. Monthly dry and wet-bulb temperature

profiles, and estimates of refrigeration loads were used as

input for the model.

The model predicted:

Annual energy savings of 10.6% to 12.0%,

corresponding to 0.63% to 0.83% savings per degree

reduction in average condensing temperature.

Average monthly peak demand savings of 8.7% to 9.2%,

corresponding to 0.53% to 0.64% savings per degree

reduction in average condensing temperature.

Average annual cost savings of 10.4% to 11.9%,

corresponding to 0.62% to 0.82% savings per degree

reduction in average condensing temperature.

The possibility of minimum condensing pressures,

below which the condenser fan operating costs

outweigh compressor savings.

A significant portion of the possible energy savings

(79% to 93%) with no additional equipment or capital

cost.
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REDUCED CONDENSING PRESSURE OPERATION IN

INDUSTRIAL AMMONIA REFRIGERATION SYSTEMS

INTRODUCTION

Ammonia refrigeration systems are often operated at

condensing pressures that are higher than necessary. This

ensures proper system performance, particularly during

periods of low ambient temperature. Reducing the condensing

pressure will decrease compressor power and energy, increase

system capacity, and may reduce wear on compressors and

condenser fans. Operating at reduced condensing pressure

also increases condenser fan energy. Problems with liquid

circulation, expansion valve performance, liquid injection

cooling, hot-gas defrost, and glycol freezer floor heating

may appear at reduced condensing pressure.

This study models refrigeration system performance to

predict reductions in power and energy for two ammonia

refrigeration systems at reduced condensing pressures.

Terminology

Condensing Pressure. Throughout this study, standard

industry terminology is used. Although referring to the

same conditions, any of the following expressions may be

appropriately used when discussing the condensing pressure

of a refrigeration system:

Condensing Pressure

Condensing Temperature

Head Pressure

Compressor Discharge Pressure
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Fixed and Floating-Head. As refrigeration load or

ambient temperature increase, the condensing pressure rises

as necessary to reject heat. Condenser fans may be set to

cycle, maintaining high condensing pressures. If the

condensing pressure is held high enough, the pressure may

not rise to reject heat during periods of high refrigeration

load or ambient temperature. Maintaining the condensing

pressure at high levels is termed "fixed-head" operation.

Setting condenser fans to maintain a lower condensing

pressure will operate the fans more, allowing the condensing

pressure to rise and fall (or "float") with refrigeration

loads or ambient temperatures. This type of operation is

called "floating-head" operation.

Study Procedure

The study was broken into five sections: monitoring,

model development, model validation, predictions, and

applications.

Monitoring. Two ammonia refrigeration systems were

monitored during fixed and floating-head operation. The

data was used to:

1. Provide short term information concerning

savings due to reduced condensing pressure.

2. Identify problems resulting from reduced

condensing pressure.

3. Provide field data to aid in the development and

validation of a refrigeration system model.

Model Development. A computer model was created using

compressor and condenser performance data obtained from
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several manufacturers. The model also uses refrigeration

loads, weather data, and system setpoints to predict system

performance and operating cost.

Model Validation. The model was used to simulate

system operation during each of the fixed and floating-head

periods. The model predictions were compared with the

monitored data to validate the model.

Predictions. The model was used to make annual

predictions of system performance and operating costs at

reduced condensing pressure.

Applications. Although only used to predict system

performance at reduced condensing pressures, the model may

be used to predict system operation with different

equipment, refrigeration loads, system setpoints, or

operating strategies.
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BACKGROUND

Single-Stage Refrigeration System

Ammonia refrigeration systems contain six main

components:

Compressors Receivers
Condensers Expansion Valves
Evaporators Liquid Pumps

The component arrangement for a single-stage ammonia

refrigeration system utilizing liquid overfeed evaporators

is shown in Figure 1. Following compression, superheated

refrigerant is condensed in the condenser, releasing heat to

High
Pressure
Receiver

X

Condenser

Expansion
Device

Low
Pressure
Receiver

Compressor

0---
Liquid
Pump Refrigeration Load

Evaporator

Figure 1: Component Layout of Single
Stage Refrigeration System

the ambient air (if an evaporative or air-cooled condenser

is used). The liquid refrigerant flows from the condenser
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to the high pressure receiver (HPR). The liquid is expanded

to low pressure through an expansion valve and stored in the

low pressure receiver (LPR). The liquid is then pumped to

the evaporator (for liquid overfeed systems) where it

evaporates while removing heat from the refrigeration load.

The compressor receives vapor from the evaporator and the

cycle is completed.

Two-Stage Refrigeration System

The minimum practical evaporating temperature for a

single-stage ammonia system is approximately -20°F . A

second stage of compression can provide evaporating

temperatures of -65°F12.

The components for a two-stage refrigeration system is

shown in Figure 2. Two-stage systems are similar single

stage systems, with the exception of compression and

expansion.

The liquid may be expanded twice. The first expansion

supplies liquid at an intermediate pressure for use in

higher temperature evaporators, intercoolers, or storage in

an intermediate pressure receiver. The intermediate

pressure liquid is expanded again, producing the low

pressure liquid required by the system. The booster

compressors receive vapor from the low pressure evaporator,

while the high-stage compressors receive vapor from the

booster compressor discharge and the intermediate pressure

evaporator.
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High
Pressure
Receiver

T
Inter.
Pressure
Receiver

Condenser

Expansion
Device

Ec

0
Liquid
Pump

High-
Stage

Compressor

Inter. Press.
Evaporator

Expansion
Device

Low
Pressure
Receiver

Side Load

Booster
Compressor

Low Pressure
0- Evaporator

Liquid
Pump Booster Load

Figure 2: Component Layout of Two-
Stage Refrigeration System

Condenser Operation

To condense the high pressure refrigerant vapor, heat
is removed by the condenser. A typical evaporative

condenser is shown in Figure 3. The refrigerant vapor

passes through tubes that are sprayed with water,

transferring heat from the refrigerant to the water. Air is
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blown over the water to remove the heat through sensible

(cooling the water) and latent (evaporating some water) heat

transfer. Thus, to condense the refrigerant the refrigerant

temperature must be greater than the ambient temperature.

More specifically, (since the process is governed by the

evaporation of water) in an evaporative condenser the

refrigerant temperature must be greater than the wet-bulb

temperature. Although the wet-bulb temperature may drop

dramatically during the cooler portions of the year, some

refrigeration systems maintain artificially high condensing

pressures, rather than letting the condensing temperature

vary or "float" with ambient conditions.

AIR DISCHARGE

ELIMINATORS

WATER DIST. SYSTEM
(<< ((< < ( (( <

REFRIG.
VAPOR IN

AA A^ n A /\

f

CONOEN ING

COIL

REFRIG.
UOUID OUT @ 95F

W.B.
275 CFM/TON

PUMP

(APPROX. 1 GPM/TON
@ LOW PUMPING HEAD)

Figure 3: Typical Evaporative Condenser
(Evapco Inc.)

Methods of Head Pressure Control

Ammonia refrigeration systems commonly use the fans on

evaporative condensers to control head pressure. Decreasing

the airflow through the condenser reduces condensing
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capacity, causing the head pressure to rise. Similarly,

increasing airflow increases condensing capacity, causing

the head pressure to drop. In this way, the minimum

condensing pressure can be held within a desired range

during cooler weather to ensure proper system operation.

There are several methods used to control the capacity of

evaporative condensers:

Refrigerant Pressure Switches

Manual Fan Cycling

Fan Air Dampers

Variable Speed Fan Control

Micro-Processor Controls

Refrigerant Pressure Switches. The most common method

of condenser capacity control is pressure switches to cycle

the fans. Each pressure switch has a cut-in and cut-out

point. When the condensing pressure rises to the cut-in

point, the fan cycles on. When the pressure drops to the

cut-out point, the fan cycles off. The fan cycling

maintains a minimum condensing pressure. A simple

adjustment of the pressure switches can reduce the minimum

system condensing pressure.

Manual Cycling. Some condenser fans are controlled

manually. Refrigeration system operators observe the

refrigeration loads, system pressures, and ambient

conditions to determine which condenser fans are required.

The fan is turned on with a manual switch, and operates

until it is no longer required. In this case, leaving the

condenser fans on to reduce condensing pressure is a simple

strategy to implement.

Dampers. Dampers are installed on some condensers,

allowing more precise adjustment of condenser capacity than

that supplied by fan cycling only. The dampers are commonly
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controlled by pressure switches which can be easily

adjusted.

Variable Speed. Although not yet common, variable

speed condenser fans allow finer adjustment of condenser

capacity, with higher efficiencies than fan dampers.

Micro-Processor Controls. Computer controls are

becoming more common as a method of refrigeration system

control. Algorithms may control the compressors, evaporator

fans, and condenser fans. Although reducing the condenser

fan setpoints is relatively easy, a computer may take

condenser fan operation into consideration to keep

refrigeration system energy to a minimum. Some control

systems may optimize several system parameters, such as

suction pressures, compressor sequencing, and evaporator fan

cycling. Depending on the sophistication of the control

algorithms, savings may be realized due to reduced

condensing pressure.

Advantages of Reduced Head Pressure

There are three chief advantages of reducing condensing

pressure:

Reduced compressor power

Increased refrigerating capacity

Reduced equipment wear

Compressor Power and Capacity. For most applications,

the compressor horsepower increases while the refrigerating

capacity decreases with increasing condensing pressure. To

illustrate this point, an ideal thermodynamic refrigeration

cycle is shown in Figure 4 with a higher condensing

pressure, and in Figure 5 with a lower condensing pressure.
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Figure 4 shows the compression of 1 lb/min of vapor

from 33.5 psig (20°F) to 165.9 psig (90°F). The compressor

requires 82 Btu/min of power to supply 474 Btu/min of

evaporating capacity. The system has a Coefficient of

Performance (COP) of 5.8 (474/82).

220

200

180

160

140

120

100

80

60

40

20

0

IDEAL AMMONIA REFRIGERATON CYCLE
165.9 psig Cond and 33.5 psig Evap

Liquid Line Vapor Line

h=144 h-700
Condenser: 556 Btu/min

Expansion

h =1 44 Evaporator: 474 Btu/min

Compressor: 82 Btu/min
at 1 lb/min

h 618

0 0.2 0.4 0.6
(Thousands)

Enthalpy (h, in units of Btu/lb)

0.8

Figure 4: Example of Refrigeration Cycle
at 165.9 psig Condensing. Pressure

In Figure 5, the condensing pressure has been reduced

to 114.1 psig (70°F). The compressor now requires only 57

Btu/min of power to supply an increased 497 Btu/min of

evaporating capacity. The system COP increases to 8.7

(497/57).

The power reduction results from the lower discharge

pressure of the compressor. The system refrigerating

capacity increase is due to the cooler liquid from the

condenser. A comparison of the two examples is summarized

in Table 1. Compressor power decreased 31%, or 1.55% per

degree reduction in condensing temperature. System
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refrigerating capacity increased 5%, or 0.25% per degree

reduction in condensing temperature. System COP increased

50%, or 2.5% per degree reduction in condensing temperature.

220

200

180

160

140

120

100

80

60

40

20

0

IDEAL AMMONIA REFRIGERATON CYCLE
114.1 psig Cond and 33.5 psig Evap

Liquid Line Vapor Line

h=121 h-675
Condenser: 554 Btu/min

Compressor: tu/min
Expansion at

57
1

B
lb/min

h=121 Evaporator: 497 Btu/min
h-618

0 0.2 0.4 0.6
(Thousands)

Enthalpy (h, in units of Btu/lb)

0.8

Figure 5: Example of Refrigeration Cycle
at 114.1 psig Condensing Pressure

Table 1: Reduced Condensing Pressure for
Ideal Ammonia Refrigeration Cycle.

Pressure (psig): 165.9 114.1 Change %/°F

Temperature (°F) 90 70 -20
Power (Btu/min): 82 57 -31% -1.55%
Capacity (Btu/min): 474 497 +5% +0.25%
Coefficient of Performance 5.8 8.7 +50% +2.50%

As discussed further in Appendix A, the compressor

power per unit of refrigerating capacity (BHP/TON) always

increases with increasing condensing pressure. The result

of reduced condensing pressure operation is a decrease in
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compressor power requirements and energy consumption, and an

increase in system refrigerating capacity.

Reduced Wear. An additional advantage of reduced

condensing pressure may be decreased equipment wear. Lower

pressure ratios across the compressor and reduced operating

time can reduce the wear on the compressor.

Disadvantages of Reduced Head Pressure

Six potential problems of reduced condensing pressure

are associated with:

System Liquid Circulation

Liquid Injection Cooling

Oil Separation

Defrost

Freezer Floor Heating

Condenser Fan Energy and Life

Liquid Circulation. Some refrigeration systems use the

pressure of the condensed high-pressure liquid to move the

refrigerant to the evaporators. This is common in Freon

systems that incorporate thermal expansion valves between

the condenser and evaporator. Thermal expansion valve

performance can be limited by the pressure drop across the

valve. Ammonia systems commonly incorporate needle valves,

solenoid valves, and float switches to control liquid

flowrates and expand the high-pressure liquid refrigerant

into a low-pressure liquid receiver (LPR). The needle

valves are generally less sensitive to fluctuations in

system pressures, and can be adjusted, modified, or replaced

if necessary.

Liquid Injection Cooling. Some rotary screw

compressors use liquid injection to provide cooling for the
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lubricating oil and desuperheating for the refrigerant.

High-pressure liquid refrigerant is injected into the

compressor rotor housing, where it expands and cools the

refrigerant and oil mixture. This method of cooling

requires a minimum condensing pressure to ensure adequate

liquid refrigerant flow into the compressor.

Oil Separation. The lubricating oil in a screw

compressor must be separated from the discharge refrigerant

before entering the condenser. In an oil separator, the

superheated refrigerant and oil mixture passes through

coalescing filters which trap the oil. As the condensing

pressure is reduced, the refrigerant density decreases.

This results in higher refrigerant velocities through the

filter elements, and the possibility of inadequate

separation. In addition, at extremely low condensing

pressures, the lubricating oil can "foam" at the compressor

discharge as some to the oil vaporizes, making separation

more difficult. This results from the over-compression

inherent in screw compressors at reduced pressure ratios.

Defrost. Hot-gas is commonly used to remove frost from

the evaporators. High-pressure vapor from the HPR or

compressor discharge is passed through the evaporator,

melting the ice. A pressure regulation valve maintains a

specified pressure in the evaporator during defrost, usually

65 psig (44°F) to 70 psig (47°F)1. This ensures ammonia

temperatures that are 10°F to 15°F above freezing. A

minimum compressor discharge pressure of 90 to 110 psig may

be necessary to overcome pressure drops in the defrost

controls, valves, piping, and evaporator coils.

Freezer Floor Heat. The superheated refrigerant

discharged from the compressors is commonly passed through a

heat-exchanger to heat a glycol water solution. The warm

glycol (65°F to 75°F) is passed through piping loops in the
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floor to prevent concrete from heaving or buckling. The

glycol heat-exchanger usually acts as a refrigerant

desuperheater, with little refrigerant condensation taking

place.

Systems with high compressor discharge temperatures

(i.e. reciprocating at 250°F to 275°F) allow sufficient

heating of the glycol under most conditions. Screw

compressors with liquid injection have low discharge

temperatures (110°F to 140°F) with little refrigerant

superheat. Ensuring proper glycol temperatures may be

difficult during periods of reduced condensing temperatures.

Condenser Fans. In general, reducing condensing

pressure will increase condenser fan energy. This will be

true on any system that uses the condenser fans to control

condensing pressure. Although the condenser fans typically

only account for 5 to 10% of the system horsepower, there

may be instances when the increased fan power will outweigh

the compressor savings.

In systems that employ fan cycling to control head

pressure, reducing the condensing pressure will increase the

operating time of the condenser fans . This will reduce fan

motor (also belt and bearing) lifetime. On the other hand,

the fans will cycle on and off less, tending to increase

equipment lifetime. It may be necessary to refer to

information from the motor manufacturers to determine

whether motor lifetime increases or decreases as a result of

reduced head pressure operation.

Modifications Allowing Reduced Head Pressure

The potential problems of reduced condensing pressures

should not discourage anyone from trying to reduce



15

compressor power and energy consumption. Each potential

problem has a solution:

PROBLEM SOLUTION

System Liquid Circulation Liquid Pumps
Valve Adjustment
New Valves and Orifices

Liquid Injection Cooling Injection Liquid Pumps
New Injection TX Valves

Oil Separation Additional Separators

Defrost Time Clocks and Switches
Water Defrost

Freezer Floor Heating Increased Superheat
Alternate Heat Source

Condenser Fan Energy Monitoring and Modeling

Liquid Pumps. Problems associated with liquid

circulation and injection cooling can be solved with liquid

pumps. A liquid pump can be installed on the high-pressure

liquid line from the high-pressure receiver (HPR). The

liquid circulation system will then have sufficient pressure

to ensure proper flowrates. The compressors will then

benefit from the power reductions and capacity increases

associated with decreased condensing pressures.

Valve Adjustment. Needle expansion valves may require

seasonal hand-adjustment to ensure proper operation at

reduced condensing pressure. A regular pattern of

adjustment can be developed, based on experimentation and

experience.

Valves and Orifices. The design of some valves and

orifices may limit reduced condensing pressure operation.

Replacing components will allow a wider range of condensing

pressures. Possible candidates include hand-adjusted

expansion valves and thermal expansion (TX) valves

controlling liquid injection cooling on screw compressors.
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Additional Separators. Problems associated with oil

separation can be solved with additional separators.

Ratings for minimum condensing pressures are generally quite

conservative, and it may be possible to reduce the

condensing pressure far below the suggested minimum without

encountering oil separation problems that require equipment

modification. If problems are encountered, an additional

separator can be installed in series with the existing

separator to trap any remaining oil.

Time Clocks and Switches. If evaporator defrosts are

done on a consistent schedule, it may be possible to connect

a time clock and pressure switches to the condenser fans.

The condensing pressure can then be raised when necessary

for defrost, although this would decrease any savings during

defrost.

Water Defrost. Alternate forms of defrost, such as

water, may be used in systems that cannot employ hot gas

defrost.

Increased Superheat. It may be possible to increase

the available superheat to as high as 140°F (or the maximum

suggested by the manufacturer) on screw compressors to

increase glycol freezer floor heat. This is be accomplished

by reducing the liquid injection flowrate into the

compressor, which increases the superheat.

Alternate Heat Source. Alternate sources of heat for

freezer floors are often available from production or other

equipment, such as air compressors or boiler stack gas.

Since glycol temperatures are often low (65°F to 75°F),

sources of low temperature heat may be used.
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Monitoring and Modeling. The contribution of condenser

fan energy can be better understood when the system is

monitored or simulated with a computer model. There is some

misconception as to the amount of refrigeration system

energy that is used by condenser fans, and the increase in

fan energy due to lowering the condensing pressure. The

solution is to monitor refrigeration systems, and to create

a model to extrapolate the findings to an annual basis.

This is one purpose of the study.

Reservations About Reduced Head Pressure

Many reasons have been given by refrigeration system

operators and owners for keeping the condensing pressure

higher than necessary. Some operators are either unaware of

the potential savings, feel that compressor power doesn't

vary with condensing temperature, or believe that the

condenser fan energy increase may outweigh the compressor

savings. Other operators may hesitate to add more equipment

to an already complicated system. Frequently, refrigeration

systems are operated according to "traditional" guidelines,

or at some constant conditions that allow comforting

"consistency" to system operation. The willingness to

experiment and look at refrigeration systems from the

"energy" perspective can be extremely beneficial. The

reward of having a finely tuned refrigeration system may be

as fulfilling to the system operators and owners as the

corresponding cost savings.
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1. MONITORING

1.1 INTRODUCTION

Two sites were selected for monitoring and modeling

case studies. Monitoring equipment was connected to the

refrigeration systems and data was taken under fixed-head

and floating-head conditions.

During the fixed-head period, the condenser fans were

set at the original high condensing pressure settings. Data

was taken for approximately one week. During the floating-

head period, the condenser fan setpoints were lowered and

data was taken for an additional week.

The primary purpose of monitoring was to provide data

for the validation of the computer model. The weather and

equipment operating conditions from each monitoring period

served as input for the model. The compressor power,

condenser fan power, and condensing temperature were

compared with model predicitons. Although the data was only

taken for two weeks, general trends of energy consumption

under various condensing pressures were apparent.

Observation of system performance under reduced

condensing pressures also allowed observation of potential

problems (defrost, liquid injection cooling, glycol floor

heat, etc). The absence of problems during the floating-

head periods helped to address some of the reservations felt

by the system operators.
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1.2 METHOD

The following discussion outlines the equipment and

methods used to sample and record data at the site of each

case study.

Monitoring Equipment

A data recorder, various transducers, and a computer

were used to monitor the refrigeration systems.

Data Recorder. The data recorder was a programmable

unit containing 256K of RAM. Eight channels could be

connected to analog or digital signals, and recorded at

desired time intervals. Measured signals could be

manipulated by calibration functions prior to data storage.

The data recorder was also equipped with a 5 Volt DC supply

for any transducers that needed an external power supply.

The data recorder was programmed by, and downloaded to, a

computer through communications software.

Transducers. Various transducers were used to monitor

the refrigeration system performance. A pressure transducer

(compatible with ammonia), RTD temperature sensors, and

current transformers were used. Each transducer had a

voltage output that varied with the measured parameter. The

transducers were calibrated to obtain a curve relating

output voltage to the variable being measured.

Computer. A portable computer and communications

software were used to program the data recorder through a

serial (RS 232) connection. Data was downloaded to storage

media (floppy disks) with the same communications software.
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Monitored Variables

The following system parameters were recorded every 5

minutes:

Condensing Pressure

Dry-bulb Temperature

Wet-bulb Temperature

Compressor Motor Current

Condenser Fan Motor Current

Compressor Discharge Temperature (Case Study #2 only)

Condensing Pressure. A pressure transducer was used

to measure condensing pressure. The transducer was

connected to the high pressure side of the system at the

compressor discharge line. A curve fit was used to

calculate the saturated condensing temperature of ammonia

from the pressure measurement (Appendix I).

Dry-Bulb Temperature. The dry-bulb temperature was

measured with a resistance temperature device (RTD). The

sensor was placed in the air stream of a small fan to ensure

rapid response to changing conditions. The sensor and fan

were located on the exterior of the building, as close as

possible to the condenser.

Wet-Bulb Temperature. The wet-bulb temperature was

also measured with a RTD sensor. A wet sock was placed over

the sensor and dangled in water, allowing capillary action

to keep the sock moist. The sensor was placed in the air

stream of the small fan along with the dry-bulb sensor.

Compressor Motor Current. A current transformer was

connected to one leg of the three-phase power supplying the

compressor motor. Curves obtained from the motor
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manufacturers related the amperage measurement to the power

used by the compressor motor.

Condenser Fan Motor Current. The amperage of the

condenser fans was monitored similar to the compressors.

The difference was that the compressor power varied with

load and ambient conditions, where as the condenser fans

were either on, off, or possibly operating at half speed.

Assuming that the fans operated at nearly full load, a

standard full load power factor was used for each fan motor.

The condenser fan power (KW) was then found from

KW = Volts x Amps x Power Factor x 1.73

where the Volts and Amps were measured.

Data Manipulation

When the data had been downloaded from the recorder, it

was imported into a spreadsheet program. At this point, the

condensing pressure was converted to a saturated condensing

temperature and the motor currents were converted to power

with curve-fit equations.
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1.3 CASE STUDY #1

Site #1 contained a two-stage ammonia refrigeration

system used for food processing. This section describes the

equipment, operating strategies, and monitoring results for

case study #1.

System Description

The refrigeration system consisted of two booster and

two high-stage rotary screw compressors. An evaporative

condenser and glycol heat exchanger supplied the necessary

condensing capacity. Table 2 lists the size, capacity, and

motor horsepower of the system components.

Table 2: Case Study #1 Equipment Inventory

Equipment Capacity* Horsepower

Booster #1 57.7 Tons 125 hp
Booster #2 119.8 Tons 250 hp
High Stage #1 131.2 Tons 250 hp
High Stage #2 266.7 Tons 450 hp
Evaporative Condenser 760 Tons 30 hp
Glycol Heat Exchanger 50 Tons 0 hp

Compressor ratings at -60°F (18.6 "Hg vacuum) booster suction, 0°F (15.7 psig) interstage,

and 85°F (151.7 psig) high stage condensing. Condenser rating at 85°F condensing, and 50°F

wet bulb.

Compressors. The compressors had an internal volume

ratio of 3.6:1, and utilized liquid injection into the rotor

housing to achieve oil cooling and refrigerant

desuperheating. The booster compressors discharged directly

into the high-stage suction at approximately 130°F. The

minimum condensing pressure recommended by the manufacturer?

was 125 psig (75°F). The booster compressors maintained a

suction pressure of approximately 16 "Hg vacuum (-55°F), and
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the high-stage compressors maintained an interstage pressure

of approximately 15 psig (1°F). The compressors generally

operated in pairs, with the smaller booster and high-stage

compressor running together, and the larger compressors

running together. During periods of reduced load, the small

pair of compressors were manually turned off if the large

pair could supply the refrigeration needs of the plant.

Condenser. The evaporative condenser and glycol heat

exchanger were located on the roof above the compressor

room. The superheated refrigerant first passed through the

glycol heat exchanger to supply heat for the freezer room

floors. The refrigerant then entered the evaporative

condenser. Two 15 hp motors drove the condenser fans, and

were controlled by pressure switches located in the

compressor room.

System. The evaporators were flooded-coil and liquid

overfeed type. A combination hot gas and water defrost was

employed.

Monitoring

The refrigeration system was monitored for two weeks.

The following variables were recorded:

High-Stage Compressor Motor Current

Condenser Fan Motor Current

Ambient Dry and Wet-Bulb Temperatures

Condensing Pressure

During the fixed-head period, the pressure switches

controlling the condenser fans were set to cycle the two

condenser fans at 149 psig (84°F) and 160 psig (88°F)

respectively. During the floating-head period, the pressure
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switches were adjusted to cycle the condenser fans at 114

psig (70°F) and 119 psig (72°F) respectively.

Results. Condensing temperature is shown in Figures 6

and 7. Compressor power is shown in Figures 8 and 9.

Condenser fan power is shown in Figures 10 and 11. The

monitoring results are summarized in Table 3.

Table 3: Case Study #1 Monitoring Results

Average Monitored Variable
Fixed
-Head

Floating
-Head

Percent
Change

Condensing Pressure (psig) 154.1 129.2 -16.1%
Condensing Temperature (°F) 84.9 74.2 -12.7%
Compressor Power (kW) 407.8 275.5 -32.4%
Condenser Fan Power (kW) 8.5 18.1 +112.4%
System Power 416.3 293.6 -29.5%
Dry-Bulb Temperature (°F) 58.9 64.5 +9.4%
Wet-Bulb Temperature (°F) 53.8 58.4 +8.6%

Unfortunately, the smaller booster and high-stage

compressors were periodically turned off when the large

compressors could meet the instantaneous plant loads.

Therefore, the reduction in power due to reduced condensing

pressure was directly measurable.

Referring to the compressor manufacturers' performance

data2, compressor power decreases approximately 1.15% per

degree reduction in condensing temperature. Using this

standard, the 10.7°F reduction in average condensing

temperature corresponds to a 12.3% reduction in compressor

power, equal to 50.2 kW. Subtracting the 9.6 kW increase in

condenser fan power from the 50.2 kW compressor power

reduction yields a total system power reduction of

approximately 40.6 kW due to reduced condensing pressure.

This is a savings of 9.8% in combined compressor and

condenser fan power.



25

Anticipated Problems. Initial concerns anticipated or

expressed by the system operators included:

Defrost

Liquid Injection Cooling

System Liquid Circulation

None of these problems surfaced during the monitoring

study. Complete defrosts, sufficient injection cooling, and

adequate system performance indicated that the reduced

condenser fan setpoints used during the floating-head period

were not associated with any additional system problems.
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Figure 8: Compressor Power During
Fixed-Head Period for Case Study #1

Figure 10: Condenser Fan Power During
Fixed-Head Period for Case Study #1
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Figure 7: Condensing and Wet-Bulb Temperatures
During Floating-Head Period for Case Study #2
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Figure 9: Compressor Power During
Floating-Head Period for Case Study #2

Figure 11: Condenser Fan Power During
Floating-Head Period for Case Study #2
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1.4 CASE STUDY #2

Site #2 contained a single-stage ammonia refrigeration

system used for a -5°F frozen food warehouse. This section

describes the equipment, operating strategies, and

monitoring results for case study #2.

System Description

The refrigeration system consisted of a rotary screw

compressor, an evaporative condenser, and a glycol heat

exchanger that supplied freezer floor heat. Table 4 lists

the size, capacity, and motor horsepower of the system

components of interest.

Table 4: Case Study #2 Equipment Inventory

Equipment Capacity* Horsepower

Compressor 154.4 Tons 250 hp
Evaporative Condenser 275 Tons 25 hp
Glycol Heat Exchanger 25 Tons 0 hp

Compressor ratings at -10°F (9 psig) evaporating and 85°F (151.7 psig) condensing.

Condenser rating at 85°F condensing, and 50°F wet bulb.

Compressors. The compressor had an internal volume

ratio of 3.6:1, and utilized liquid injection into the rotor

housing to achieve oil cooling and refrigerant

desuperheating. The compressor maintained a suction

pressure of approximately 9 psig (-10°F), and had a

discharge temperature of approximately 112°F. The minimum

condensing pressure recommended by the manufacturer? was 125

psig (75°F).

Condenser. The evaporative condenser and glycol heat

exchanger were located on the roof above the compressor
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room. The superheated refrigerant first passed through the

glycol heat exchanger where it was heated to approximately

70°F and circulated through the freezer floor. The

refrigerant then entered the evaporative condenser. A two-

speed motor, rated at 25 hp on high-speed and 6.3 hp on low-

speed, drove the condenser fan. The fan motor was

controlled by pressure switches located in the compressor

room.

System. The evaporators were flooded-coil type, and a

combination hot gas and water defrost is employed.

Monitoring

The refrigeration system was monitored for two weeks.

The following variables were recorded:

Compressor Motor Current

Condenser Fan Motor Current

Ambient Dry and Wet-Bulb Temperatures

Condensing Pressure

Compressor Discharge Temperature

For the fixed-head period, the pressure switches

controlling the condenser fans were set to cycle the

condenser fan to low-speed at 149 psig (84°F), and to high-

speed at 160 psig (88°F). During the floating-head period,

the pressure switches were adjusted to cycle the condenser

fan at 114 psig (70°F) and 123 psig (74°F).

Results. Condensing temperature is shown in Figures 12

and 13. Compressor power is shown in Figures 14 and 15.

fCondenser fan power is shown in Figures 16 and 17. The

monitoring results are summarized in Table 5.
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Table 5: Case Study #2 Monitoring Results

AverageMonitored Variable
Fixed
-Head

Floating
-Head

Percent
Change

Condensing Pressure (psig) 146.1 116.7 -20.1%
Condensing Temperature (°F) 83.2 71.0 -14.7%
Compressor Power (kW) 149.6 128.6 -14.0%
Condenser Fan Power (kW) 2.2 5.4 +150.8%
System Power 151.7 134.0 -11.7%
Dry-Bulb Temperature (°F) 54.4 55.9 +2.9%
Wet-Bulb Temperature (°F) 49.8 49.6 -0.3%
Discharge Temperature (°F) 113.2 112.4 -0.7%

The average compressor power decreased 14.0% with a

12.2°F reduction in average condensing temperature. This

yields a 1.15% decrease in compressor power per degree

reduction in condensing temperature, which is exactly the

value claimed by the compressor manufacturer2. This

supports using the 1.15% value in Case Study #1 to

extrapolate the monitoring results.

Anticipated Problems. Initial problems anticipated by

the system operators included:

Glycol Floor Heating

Defrost

System Liquid Circulation

Liquid Injection Cooling

None of these problems surfaced during the monitoring

study. The average glycol temperature decreased from 74°F

to approximately 68°F during the floating-head period, which

was acceptable. Complete defrosts and adequate system

liquid circulation were also noted during the floating-head

period. An extra recorder channel was used to monitor the

compressor discharge temperature. No change in temperature

was noticed, even during periods of reduced condensing

pressure. These observations indicated that the reduced
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condenser fan setpoints used during the floating-head period

were not associated with any additional system problems.
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Figure 12: Condensing and Wet-Bulb Temperatures
During Fixed-Head Period for Case Study #2

Figure 14: Compressor Power During
Fixed-Head Period for Case Study #2

Figure 16: Condenser Fan Power During
Fixed-Head Period for Case Study #2
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Figure 13: Condensing and Wet-Bulb Temperatures
During Floating-Head Period for Case Study #2

Figure 15: Compressor Power During
Floating-Head Period for Case Study #2
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Figure 17: Condenser Fan Power During
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1.5 SUMMARY

The results of monitoring the two case studies are

summarized in Table 6.

Table 6: Monitoring Floating-Head Summary

Case: #1 Case

Decrease in Condensing Pressure: 24 9 psig 29.4 psig
Decrease in Condensing Temperature: 10.7 °F 12.2 °F
Compressor Power Reduction: 12.3 % 14.0 %
Condenser Fan Power Increase: 112.4 % 150.8 %
System Power Reduction: 9.8 % 11.7 %

System Savings per Degree Fahrenheit: 0.92 % 0.96 %

For Case Study #1, the reduction in compressor power

during the floating-head period was due to reduced operating

time and reduced condensing pressure. To calculate the

savings due to reduced condensing pressure, compressor

manufacturers' performance data was used. The results of

Case Study #2 provided exactly the savings predicted by the

compressor manufacturer's data. This supports the projected

savings for Case Study #1.
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2. MODEL

2.1 INTRODUCTION

A spreadsheet-based computer model was created to

simulate the operation of single and two-stage ammonia

refrigeration systems. The model can be used with

evaporative condensers and a variety of compressors (rotary

screw, reciprocating, and rotary vane). Compressor and

condenser performance is modeled using curve-fits of

manufacturers data for power and capacity. System

setpoints, weather data, and refrigeration loads are coupled

with the equipment performance data to predict the operation

of the system.

MODEL INPUT:

Compressor type and horsepower
Compressor cooling strategy
Compressor unloading strategy
Compressor suction pressure setpoints
Condenser capacity
Condenser fan horsepower
Condenser fan setpoints
Refrigeration loads
Dry and wet-bulb temperatures
Electric utility rate schedule
Operating schedule

MODEL OUTPUT:

Compressor power and energy
Condenser power and energy
Suction pressures
Condensing temperatures
Peak-demand and energy
Operating cost
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2.2 COMPRESSORS

This section describes the assumptions and techniques

related to the model treatment of compressors. For an

additional discussion on the operating characteristics of

compressors, refer to Appendix A.

Compressor Data

Compressor performance data was obtained from several

manufacturers2,3 for reciprocating, rotary vane, and rotary

screw compressors of 2.6, 3.6, and 5.8 internal volume

ratios in both booster and high-stage configurations.

Compressor power, refrigerating capacity, part load power,

cooling requirements (oil and head cooling), and

efficiencies (adiabatic and volumetric) are given for a wide

range of suction and discharge pressures. It is assumed

that compressors of each type operate similarly, allowing a

set of universal performance characteristic curves (Appendix

A) to be used, regardless of manufacturer or compressor

size.

Power and Capacity

The compressor data was curve-fit as a function of

evaporating and condensing temperatures. The power and

capacity for a 3.6 volume ratio screw compressor is shown in

Figure 18. The characteristic curves used for each type of

compressor used in the model are given in Appendix B. The

appropriate curves of BHP, TON's, and Cooling Heat Rejection

are scaled with a constant coefficient to simulate the

performance of the modeled compressor. Two methods can be

used to determine the proper scaling coefficient for each

compressor:
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Figure 18: Power and Capacity for a 3.6 Volume Ratio Screw
(Mycom Corporation)

1. Manufacturer's Data. The manufacturer's data for a

specific compressor is commonly available from plant

personnel, or directly from the manufacturer. Comparison

with the power requirement of the model's standard

compressor at the same operating conditions allows an

accurate determination of the scaling coefficient.

2. Measurements. The full-load compressor power is

measured and compared with the power requirement of the

model's standard compressor at the same operating

conditions. This allows the scaling coefficient to be

determined.

Additional performance corrections for superheat,

subcooling, and liquid injection cooling on screw

compressors are shown in Appendix C.



36

Part-Load Power

Part-load power for a 3.6 volume ratio screw compressor

is shown in Figure 19. The part-load power for each type of

compressor used in the model is shown in Appendix B.

Refrigeration load, evaporating pressure, and condensing

pressure affect the part load-power. Rather than develop a

relation for part load power that depends on three

variables, the part-load power was evaluated at typical

design conditions for each compressor type.
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Figure 19: Part Load Power for a 3.6 Volume Ratio Screw
(Mycom Corporation)

Electric Motors

To approximate part-load motor efficiency, a standard

100 horsepower, 1800 RPM motor was used to create a curve of

efficiency as a function of power. This curve was then
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scaled according to a standard full-load efficiency based on

motor horsepower. Both the curve-fit equation and the

standard efficiencies are given in Appendix D.

Model Treatment

Refrigeration compressors are commonly controlled to

maintain a preset suction pressure. Therefore, the model

assumes that the compressors will try to maintain any

suction pressure set-points. The compressors will load to

the necessary capacity to meet any imposed refrigeration

loads. If at 100% capacity the compressors cannot meet the

refrigeration load, the suction pressure will rise,

increasing the system capacity. The capacity will increase

until it matches the refrigeration load. It is assumed that

the rise in evaporating temperature will not significantly

change the refrigeration load that the compressor must meet.
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2.3 CONDENSERS

This section describes the assumptions and modeling

techniques related to the treatment of condensers. For an

additional discussion on the operating characteristics of

evaporative condensers, refer to Appendix E.

Model Equipment Data

Data was obtained from several evaporative condenser

manufacturers4,5,9, 1°07 to predict the variation in capacity

with the ambient wet-bulb temperature, condensing

temperature, and fan controls (on/off cycling, dampers,

variable speed, etc.). The heat transfer processes involved

in evaporative condensers are consistent among different

condenser manufacturers, giving similar thermal performance.

Temperature Dependence. A graph of ammonia evaporative

condenser capacity versus wet-bulb and condensing

temperatures is shown in Figure 20. A curve-fit equation

used to predict capacity variation from the base rating (at

85°F condensing and 50°F wet-bulb for ammonia) is given in

Appendix F.

Fan Cycling. Although data showing condenser capacity

as a function of fan capacity is not readily available, two

manufacturers4,5 claim 10% capacity with the fans off and the

water spray on. It is assumed that the remaining 90%

capacity is supplied by the fans, with the capacity of each

determined by its contribution to the total airflow with all

the fans on. According to the same two manufacturers, two-

speed condenser fans deliver approximately 58%4 to 60%5 of

the condenser capacity at half-speed.
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Figure 20: Evaporative Condenser Capcity versus Condensing
and Wet-Bulb Temperature

Fan Pressure Setpoints

Condenser fans typically have a condensing pressure

cut-in and cut-out point (as described in Appendix E).

Making a steady-state approximation to system performance

requires that an average cycling point be used. Therefore,

the model uses the average of the pressure cut-in and cut-

out points for each condenser fan.

Model Treatment

The contribution of the condenser to the system balance

point requires that the condenser reject all the heat

(refrigeration loads and compressor power) absorbed by the

system. Two corrections must be applied to the base

capacity rating of the evaporative condenser:
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Condensing and Wet-bulb Temperature Correction

Fan Capacity Correction

For particular condensing and wet-bulb temperatures,

the capacity correction from Appendix F will account for the

capacity variation at those temperatures. The treatment of

fan cycling is more complicated.

While the condenser fans may operate continuously, it

is possible that the condensing pressure may cycle between

the fan cut-in and cut-out points. The following example

illustrates the various possibilities of the balance point.

Several sample condenser loads are shown in Figure 21.

A simplified curve represents the capacity of an evaporative

condenser with two fans of equal capacity that cycle at 70°F

ce,
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Figure 21: Example of Condenser Balance Points
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and 85°F. In this example, the refrigeration loads increase

slightly with condensing temperature. Load #1 results in a

balance point at 65°F condensing temperature, with only the

water spray operating. Load #2 results in a balance point

at 70°F condensing temperature, with the first fan cycling.

Load #3 is balanced at 80°F, with the first fan in full

operation. Load #4 is balanced at 85°F, with the second fan

cycling. And finally, Load #5 is balanced at 95°F, with

both fans in full operation.

The fans cycle if the required condensing capacity is

greater than the available condensing capacity with a fan

off, and less than the available capacity with the fan on.

In reality, several additional factors affect condenser

performance in the previous example. Although the

condensing capacity will increase with condensing

temperature, condenser capacity is only shown to vary with

fan cycling to simplify the example. In addition, the lines

of condenser load are linear to simplify the illustration.

Also, if two fans have the same cycling point, determining

the duty cycle of each fan is difficult. Finally, the fan

cycling point is located at one condensing pressure, where

in reality the cut-in and cut-out points may be separated by

10 psi or more.

The previous example shows difficulties in modeling

condensing capacity balance points. The following

assumptions are made to allow a manageable solution:

The fan is assumed to cycle at a point which is the

average of the cut-in and cut-out setting.

The fan duty cycle is determined by the fraction of

the total condensing capacity required by the system.

For example, with an 80 ton condensing load, a 100 ton
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condenser with two fans would operate the water pump

continuously (supplying 10% capacity), one fan

continuously (adding 45% capacity), and one fan at 25%

duty cycle (adding 25% capacity). This would satisfy

the 80% load of the condenser (80 tons / 100 tons).

No two fans that are controlled separately have the

same cycle point. This will ensure that two fans are

never concurrently cycling (i.e. fan will operate at

full capacity before condensing pressure rises beyond

that fans' cycling point, and the next fan cuts in).

The condenser is sufficiently free of scaling and

fouling so that the base capacity rating is valid.

Desuperheaters

The capacity of shell-and-tube desuperheaters is

assumed to be constant since the desuperheaters studied only

supply heat for concrete freezer floors.
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2.4 SOLUTION STRATEGY

The solution method is based on the following

requirements:

Compressors must meet refrigeration loads.

Condenser must reject heat and power absorbed by the
system.

Compressor Solution Strategy

The compressors must supply enough capacity to meet the

imposed refrigeration loads.

Loads. The refrigeration load of the booster

compressors consists of real refrigeration loads. The

refrigeration load of the high-stage compressors consists

not only of real refrigeration loads known as "side loads",

but also any refrigeration loads and compressor work done by

the booster compressors.

Sequencing. The compressors are loaded sequentially by

controls that sense suction pressure (screw compressors may

use a slide valve, reciprocating compressors may load and

unload cylinders, and rotary vane compressors may use hot-

gas bypass to control capacity). The first compressor to

load will increase capacity until the refrigeration load is

met, or it is operating at 100% capacity. If the first

compressor cannot meet the refrigeration load, then the

second compressor will increase capacity until the

refrigeration load is met, or it too is operating at 100%

capacity. Sequencing of compressors continues until the

refrigeration load is met, or all the compressors are

operating at 100% capacity.
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Suction Pressure. If the compressor cannot meet the

required refrigeration load, the suction pressure will rise.

This will increase the compressor capacity. The suction

pressure will rise until the compressors, operating at 100%

capacity, can meet the refrigeration load.

Condenser Solution Strategy

The condensers must reject all heat and power absorbed

by the system.

Loads. The condenser heat rejection load consists of

actual refrigeration loads and any compressor work done by

the system. For a two-stage system, the condenser load

consists of the booster refrigeration load, the booster

compressor power, the high-stage side load, and the high

stage compressor power. The condenser rejects the

compressor cooling loads (which are included in the BHP)

unless the heat is rejected by some means other than the

condenser.

Condensing Temperature. Since the condensing

temperature determines the condensing capacity through both

the temperature differential (condensing temperature minus

wet-bulb temperature) and fan cycling, the condensing

temperature must be high enough to ensure that the required

heat is rejected.

System Solution Strategy

3-Hour Format. Each 24-hour day is broken into eight

3-hour periods (designated 1-3, 4-6, 7-9, 10-12, 13-15, 16-

18, 19-21, and 22-24). Modeling each period for one year

(12 months) requires the model to solve for the system

balance points 96 times. This format was chosen to be
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compatible with available weather data6, and to simplify the

input of refrigeration loads.

Dry and Wet-Bulb Temperatures. Annual dry and wet-bulb

temperatures are available in a bin format for a large

number of locations within the United States6. A

spreadsheet program was used to convert the bin data into

average monthly dry and wet-bulb temperature profiles.

These temperature profiles were used to represent the

average ambient conditions encountered by the refrigeration

system throughout the year. A sample temperature profile

for Portland, Oregon is shown in Figure 22, and each monthly

temperature profile is shown in Appendix K.

7-9 10-12 13-15 16-18

TIME OF DAY

0 DRYBULB + WETBULB

Figure 22: Sample Weather Data

Refrigeration Loads. A sample refrigeration load

profile is shown in Figure 23. The refrigeration load can

be calculated by a number of methods. For loads that are

constant (such as the flow of food through a blast freezer),
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it is relatively simple to approximate the corresponding

refrigeration load. Other refrigeration loads are more

difficult to estimate (such as the heat loss of cold

storage). Monthly dry-bulb temperature profiles may be used

to approximate the annual variation in refrigeration load.

In the worst case, the refrigeration load can be estimated

by the system operators.

0
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40

30

20

10

0

REFRIGERATION LOAD

1-3 4-6 7-9 10-12 13-15 16-18

TIME OF DAY

19-21 22-24

Figure 23: Sample Daily Refrigeration Load

Consistency. The operating conditions of the

compressor and condenser must be consistent. That is, the

booster discharge pressure and high-stage suction pressure

must be the same. Similarly, the condensing temperature for

the high-stage compressors must be the same as that used for

the condensers.

Solution Procedure. The computer model uses the above

guidelines to simulate refrigeration system performance.

Due to the nonlinear (and noncontinuous in the case of
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condenser fan operation) nature of the governing equations,

the model uses an incremental procedure to find a solution.

Initially, the evaporating temperatures of the booster and

high-stage compressors are assumed to be at the compressor

setpoints. The condensing temperature is assumed to be at

the wet-bulb temperature. These are minimum possible

values, and are each incremented upward as necessary until a

solution is obtained. A flowchart of the solution procedure

is given in Appendix G.

Output. The model output includes:

Evaporating Temperatures

Condensing Temperatures

Compressor Power

Condenser Fan Power

Monthly Peak-Demand and Energy

Monthly Operating Cost

The power is summarized on a monthly basis. Average power

is used to calculate energy consumption, and the greatest

system demand serves as the "peak demand". The electric

utility rate schedule is used to calculate the associated

operating costs. The methods commonly used by electric

utilities to charge customers is discussed further in

Appendix H.
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3. VALIDATION

3.1 INTRODUCTION

The weather data collected from the two case studies

was averaged and converted to the 3-hour format used by the

model. Approximate refrigeration load profiles were

calculated from data taken at each site. Using this

information, the model simulated the operation of the

refrigeration systems during each fixed-head and floating-

head period.

The monitored values of compressor power, condenser fan

power, and condensing temperature were compared with the

model predictions. Graphic similarity of the model

predictions with the monitored data, along with error

analysis, supplied validation for the model predictions.

Accurate model predictions lend confidence to any

annual predictions made by the model, while error in the

model predictions pointed to potential areas of improvement

for the model.
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Bin Format. The dry and wet-bulb temperatures from the

monitoring were averaged and converted to the 3-hour format

used by the model. The wet-bulb temperatures were used as

input for the model, while the dry-bulb temperatures were

used in the calculation of refrigeration loads.

The monitored condensing temperature, high-stage

compressor power, and condenser fan power were also

converted to the 3-hour format, and compared with the model

predictions to validate the model.

Refrigeration Loads. The refrigeration loads were

calculated as presented in Appendix J. A portion of the

refrigeration load depended upon the ambient conditions,

using the dry-bulb temperatures. The high-stage and booster

loads are shown in Figure 24 and 25.

Figure 24: Case Study #1
Refrigeration Load for

Fixed-Head Period

zw
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Case Study #1 Refrigeration Load
910969-9198 P190

D5/09 05/05 05/06 05/07 05/06
Sw

9159-9996 Lead 604s1. Load

05/09

Figure 25: Case Study #1
Refrigeration Load for
Floating-Head Period

Compressors. Performance data from the compressor

manufacturer7 was obtained. Comparing the manufacturer's

data for BHP and TON's with the characteristic curves used
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by the model produced the necessary scaling coefficients.

These coefficients included corrections for suction

superheat, liquid subcooling, and liquid injection cooling.

During the monitoring period, the small compressors

were periodically turned off. This made a compressor duty-

cycle factor necessary for proper system simulation. Thus,

for each 3-hour period, the compressor was either on or off.

If the compressor was off, it was not used in any of the

calculations.

The suction pressure setpoints for the booster and

high-stage compressors were recorded during the monitoring

study. These served as target values used in the model.

Condenser. The capacity of the evaporative condenser

was obtained from the equipment nameplate. The fan motor

nameplates were read to obtain the horsepower. The fan

power measured during the monitoring study was used in the

model. Fan cycling points were read from pressure switches

in the compressor room.

Model Output

The condensing temperature, high-stage compressor

power, and condenser fan power predicted by the model are

shown in Figures 26 to 31 along with the monitored values.

The model output was compared with the actual measured

values, and the average error is shown in Table 7. The

error was found from

where

Error = [Ei(a2) ] / N

Ei = Summation over all Data Points
a = Model Prediction - Monitored Data Value
N = Number of Data Points
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Table 7: Case Study #1 Model Error

Variable Fixed-Head Floating-Head

Condensing Temperature 2.1% 1.9%
Compressor Power 5.4% 6.8%
Condenser Fan Power 14.9% 10.5%

Conclusion

Condensing Temperature. The condensing temperature

proved to be the most accurate prediction of the model

(within 1.9% to 2.1%). This was expected when reviewing the

monitored data points. The condensing temperature did not

experience wide fluctuations when the condenser fan

setpoints were high (fixed-head period), as was seen in

Figure 6. When the condenser fan setpoints were reduced

(floating-head period), the condensing temperature showed a

smooth variation with the wet bulb temperature, as seen in

Figure 7. These relatively slow changes in condensing

temperature allowed the model to accurately predict this

variable.

Compressor Power. The compressor power predicted by

the model followed the measured data relatively closely

(within 5.4% to 6.8%). The general trends of the changing

compressor power were present, although the greatest error

occurred during the periods of peak or minimum load.

Although screw compressors load and unload rather slowly,

the monitored data from Figures 28 and 29 show a wide

fluctuation of compressor power. This was due to the

sporadic nature of the booster compressor refrigeration

loads. This sporadic load was passed on to the high-stage

compressors. Since an average value for the booster

refrigeration load was used, extended periods of high or low

booster load may account for error in the model prediction.
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With a more accurate profile of the refrigeration load, the

compressor power prediction would be closer to the measured

data.

Condenser Fan Power. The condenser fan power proved to

be the most difficult to predict (with errors of 10.5% to

14.9%). This could be expected by the cyclic nature of the

fan operation. Reviewing Figures 10 and 11, the extremely

sporadic nature of the condenser fans is apparent. The

error was smallest during the floating-head period, when the

fan setpoints were reduced. Reducing the setpoint kept the

fans operating longer, decreasing the number of times the

fans cycled. The model assumption of a single cycling point

for the condenser may have caused difficulty. It may be

that the simple average of the cut-in and cut-out points was

not the most accurate value to use.



Condensing ondrWet Bulb Temperatures

Figure 26: Modeled Condensing Temperature
During Fixed-Head Period for Case Study #1

Figure 28: Modeled Compressor Power During
Fixed-Head Period for Case Study #1

Figure 30: Modeled Condenser Fan Power During
Fixed-Head Period for Case Study #1
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Condensing and Wet Bulb Temperatures
Floating Hood

100

Figure 27: Modeled Condensing Temperature
During Floating-Head Period for Case Study #1

Figure 29: Modeled Compressor Power During
Floating-Head Period for Case Study #1

Figure 31: Modeled Condenser Fan Power During
Floating-Head Period for Case Study #1
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Bin Format. As in Case Study #1, the monitored data

points were converted into the 3-hour format. The wet-bulb

temperature was used as an input for the model. The dry-

bulb temperature was used to calculate a component of the

refrigeration load. The condensing temperature, compressor

power, and condenser fan power were compared with the model

output to validate the model predictions.

Refrigeration Loads. The refrigeration loads were

calculated in Appendix J. A portion of the refrigeration

load depended upon the dry-bulb temperature. The

refrigeration loads for each period are shown in Figure 32

and 33.

Figure 32: Case Study #2
Refrigeration Load for

Fixed-Head Period

Figure 33: Case Study #2
Refrigeration Load for
Floating-Head Period

Compressor. Data from the compressor manufacturer7 was

obtained, allowing the scaling coefficients for compressor

capacity, power, and heat rejection to be calculated,

similar to Case Study #1. These coefficients included

corrections for suction superheat, liquid subcooling, and

liquid injection cooling.
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Suction pressure controls operated the slide valve,

which modulates the compressor capacity to hold the suction

pressure at 9 psig (-10°F). This value was used as the

target suction setting in the model.

Condenser. The capacity of the evaporative condenser

was obtained from the nameplate. The fan motor nameplate

was read to obtain the horsepower. The fan operating power

measured during the monitoring study was used in the model.

The low and high-speed fan cycling points were read from

pressure switches in the compressor room.

Model Output

The condensing temperature, compressor power, and

condenser fan power predicted by the model are shown in

Figures 34 to 39 along with the monitored values.

The model output was compared with the actual measured

values, and the average error of each variable is shown in

Table 8.

Table 8: Case Study #2 Model Error

Variable Fixed-Head Floating-Head

Condensing Temperature 1.0% 1.2%
Compressor Power 1.9% 2.4%
Condenser Fan Power 22.8% 16.3%

Conclusion

Condensing Temperature. The condensing temperature

proved to be the most accurate prediction of the model

(within 1.0% to 1.2%). During much of each period, the

condensing temperature was at the setpoint of the low-speed



56

fan, reducing fluctuations that the model would need to

predict. The model was less accurate during the floating-

head period, when the condensing temperature floated above

the wet-bulb temperatures.

The only major deviation in the model predictions

occurred during the fixed-head period, with an unexplained

reduction in refrigeration load during 5/27/89. This dip in

condensing temperature corresponded to a reduction in

compressor power and condenser fan power. The condensing

temperature dropped below the low-speed fan setpoint,

indicating that the condenser capacity was sufficient with

only the water spray. A better profile of the refrigeration

load would most likely allow the predicted condensing

temperature to follow the dip in the measured values.

Compressor Power. The compressor power predicted by

the model followed the measured data closely (within 1.9% to

2.4%). The greatest error occurred during periods of peak

system load. This may be the result of disregarding any

solar-radiation component in the modeled refrigeration load.

Condenser Fan Power. As in Case Study #1, the

condenser fan power was the most difficult to predict (with

error of 16.3% to 22.8%). The error was reduced during the

floating-head period, when the fan setpoints were reduced.

Similar to Case Study #1, the fan power is most accurately

modeled during cases when the fan setpoints have been

reduced.



Figure 34: Modeled Condensing Temperature
During Fixed-Head Period for Case Study #2

Figure 36: Modeled Compressor Power During
Fixed-Head Period for Case Study #2

Figure 38: Modeled Condenser Fan Power During
Fixed-Head Period for Case Study #2
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Figure 35: Modeled Condensing Temperature
During Floating-Head Period for Case Study #2

Figure 37: Modeled Compressor Power During
Floating-Head Period for Case Study #2
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Figure 39: Modeled Condenser Fan Power During
Floating-Head Period for Case Study #2
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4. PREDICTIONS

4.1 INTRODUCTION

The validated model was used to predict annual

operating costs at reduced condensing pressure. Available

bin weather data was modified to obtain dry-bulb and wet-

bulb temperature profiles for each month. The refrigeration

load profiles were also calculated for each month. The

model was run were at various condenser fan settings to

predict monthly peak-demand and energy consumption.

The model used current electric rate schedules to

determine electric utility costs. Total system operating

cost was then calculated for each condenser fan setpoint. A

plot of operating cost versus condenser fan setpoints was

used to determine the recommended fan setpoints to minimize

operating cost.

The estimated cost savings can be compared with any

additional equipment or operating costs to determine the

most economical operating conditions and system setpoints.
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For annual predictions, monthly weather data and

refrigeration profiles were used. The optimal condenser fan

setpoints are determined by modeling system performance over

a wide range of condensing pressures.

The model setup was identical to that for the

verification procedure, with exception to the treatment of

weather data and fan setpoints.

Weather. The average temperature profiles for each

month (January through December) were used in the annual

predictions, for a total of 96 3-hour periods to simulate.

The monthly dry and wet-bulb temperature profiles are given

in Appendix K.

Condenser Fan Setpoints. Model runs were made with the

condenser fan setpoints at the same two values used during

the monitoring periods (fixed-head and floating-head).

Seven additional runs of the model were performed at various

fan setpoints, for a total of nine runs. The final run was

made with 45°F (66 psig) and 50°F (75 psig) fan setpoints,

which kept the fans operating nonstop and simulated fully

floating operation.

Predictions

The nine model runs are summarized in Table 10 and

Figures 40 to 45.

Energy. Energy savings of 10.6% are possible.

corresponding to 0.63% per decree reduction in average

condensing temperature. This includes the booster and high-
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stage compressor energy decrease, and the condenser fan

energy increase. The minimum system energy consumption

occurs during Run #8, with the condenser fans set at 50°F

(75 psig) and 55°F (83 psig) respectively. Reducing the

fans further, as in Run #9, results in a net increase in

energy consumption. This indicates an increase in condenser

fan energy that is greater than the associated reduction in

compressor energy.

Peak Demand. A reduction in average monthly peak

demand of 8.7% is found, corresponding to 0.53% per degree

reduction in average condensing temperature. All possible

peak demand savings are realized with the fans set at 55°F

(83 psig) and 60°F (93 psig), as in Run #7. Any further

reduction in condenser fan setpoints yields no further

savings.

Operating Cost. The operating costs associated with

monthly peak demand and energy consumption are calculated

using the electric utility rate schedule shown in Table 9.

Table 9: Case Study #1 Rate Schedule

Energy Charge: 3.411G per kWh

Demand Charge: $2.98 per kW (Winter)
$1.98 per kW (Summer)

The demand and energy components are added together to

obtain the total annual system operating cost. The minimum

system operating cost occurs during Run #8, with the

condenser fans set at 50°F (75 psig) and 55°F (83 psig).

The cost savings of 10.6% correspond to 0.62% savings per

degree reduction in average condensing temperature. A

further reduction in condenser fan setpoints results in

nearly identical annual operating costs.
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Conclusion

Although the maximum possible cost savings occur during

Run #8, 78.8% of the total possible savings are realized

during Run #4, with the condenser fans set at 70°F (114

psig) and 72°F (119 psig). These setpoints are the same as

the setpoints used during the monitoring study. Since no

system problems were encountered during operation at these

setpoints, the recommended procedure is to drop the

condensing pressure as far as possible while looking for

problems. Any additional savings from further reducing the

condenser fan setpoints should be compared with potential

equipment modification costs to justify further setpoint

reduction.



Table 10: Case Study #1 Prediction Summary

Avg

ANNUAL ENERGY USE

Booster High-Stage Condenser
1st 2nd Cond Comp Comp Fan Total

Run Fan Fan Temp Energy Energy Energy Energy
No. (°F) (°F) (°F) (kWh/yr) (kWh/yr) (kWh/yr) (kWh/yr)

1 84 88 84.6 1,790,553 3,178,460 56,463 5,025,476
2 80 85 81.3 1,781,594 3,032,607 69,921 4,884,122
3 75 80 77.4 1,776,416 2,882,509 89,928 4,748,852
4 70 72 72.6 1,776,069 2,706,580 126,078 4,608,728
5 65 70 71.1 1,776,069 2,657,369 137,044 4,570,483
6 60 65 69.3 1,776,069 2,594,579 153,151 4,523,799

55 60 68.1 1,776,069 2,562,124 162,428 4,500,622

62

Percent Savings
Energy per

Savings* Degree**
(%/yr) (%/°F)

0.0% NA

2.8% 0.85%
5.5% 0.76%
8.3% 0.69%
9.1% 0.67%

10.0% 0.65%
10.4% 0.63%

10.6% 0.63%

AVERAGE MONTHLY PEAK DEMAND

Run
No.

1st
Fan
(°F)

2nd
Fan
(°F)

Avg
Cond
Temp
(°F)

Booster
Comp

Demand
(kW)

High-Stage Condenser
Comp Fan

Demand Demand
(kW) (kW)

Total
Average
Demand

(kW)

Percent Savings
Demand per
Savings* Degree**

(%/yr) (%/°F)

84 88 84.6 242.2 461.5 10.2 713.9 0.0% NA

80 85 81.3 239.0 444.7 12.0 695.7 2.5% 0.77%
75 80 77.4 237.2 426.0 14.9 678.0 5.0% 0.70%
70 72 72.6 237.2 405.4 18.6 661.2 7.4% 0.62%

65 70 71.1 237.2 401.5 19.3 658.0 7.8% 0.58%
60 65 69.3 237.2 395.6 20.3 653.0 8.5% 0.56%

"1:651A'

50 55 67.8 237.2 394.3 20.6 652.1 8.7% 0.52%
9 45 50 67.8 237.2 394.3 20.6 652.1 8.7% 0.52%

ANNUAL OPERATING COST
Avg

1st 2nd Cond Demand
Run Fan Fan Temp Cost
No. (°F) (°F) (°F) ($/yr)

1 84 88 84.6 $21,148
2 80 85 81.3 $20,599
3 75 80 77.4 $20,111
4 70 72 72.6 $19,551
5 65 70 71.1 $19,436
6 60 65 69.3 $19,259

55 60 68.1 $19,226

45 50 67.8 $19,226

* Relative to Run Number 1
** Savings per Degree Reduction in

Energy
Cost
($/yr)

Total
Cost
($/yr)

Cost
Savings

($/yr)

Savings
Percent per

Savings* Degree**
(%/yr) (%/°F)

$171,419 $192,567 $0 0.0% NA

$166,597 $187,196 $5,371 2.8% 0.85%
$161,983 $182,094 $10,473 5.4% 0.76%
$157,204 $176,754 $15,813 8.2% 0.68%
$155,899 $175,335 $17,232 8.9% 0.66%
$154,307 $173,566 $19,001 9.9% 0.64%
$153,516 $172,742 $19,826 10.3% 0.62%

$ 153,290 $172,515 $20,052 0.4%

Average Condensing Temperature
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The model setup was identical to that for the

verification procedure, with exception to the treatment of

weather data and fan setpoints.

Weather. The average temperature profiles for each

month (January through December) were used in the annual

predictions. The temperature profiles are shown in Appendix

K.

Condenser Fan Setpoints. Model runs were made with the

condenser fan setpoints at the same values used during the

monitoring periods. Six additional runs of the model were

performed at various fan setpoints, for a total of eight

runs. The final run was made with a low-speed fan setpoint

of 50°F (75 psig) and a high-speed fan setpoint of 55°F (83

psig), which kept the fans operating nonstop and simulated

fully floating operation.

Predictions

The eight model runs are summarized in Table 12 and

Figures 46 to 51.

Energy. Energy savings of 12.0% are possible,

corresponding to 0.83% per degree reduction in average

condensing temperature. This includes the compressor energy

decrease and the condenser fan energy increase. The minimum

system energy consumption occurs during Run #5, with the low

and high-speed condenser fan setpoints at 65°F (103 psig)

and 70°F (114 psig) respectively. Reducing the fan

setpoints further results in a net increase in energy

consumption. This indicates an increase in condenser fan
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energy that was greater than the associated reduction in

compressor power.

Peak Demand. A reduction in average peak demand of

9.2% is found, corresponding to 0.64% per degree reduction

in average condensing temperature. The minimum peak demand

is realized in Run #5, with the fans set at 65°F (103 psig)

and 70°F (114 psig). Any further reduction in condenser fan

setpoints results in increased peak demand.

Operating Cost. The operating costs associated with

monthly peak demand and energy consumption are calculated

using the electric utility rate schedule shown in Table 11.

Table 11: Case Study #2 Rate Schedule

Energy Charge: 3.754c per kWh

Demand Charge: $2.45 per kW (Winter)
$1.63 per kW (Summer)

The demand and energy components are added together to

obtain the total annual system operating cost. The minimum

system operating cost occurs during Run #5, with the

condenser fans set at 65°F (103 psig) and 70°F (114 psig).

This corresponds to a savings of 11.9% in operating cost,

and a 0.82% savings per degree reduction in average

condensing temperature. A further reduction in condenser

fan setpoints results in increased annual operating costs.

Conclusion

Although the maximum possible cost savings occur during

Run #5, 93% of the total possible savings are realized

during Run #4, with the condenser fans set at 70°F (114

psig) and 74°F (123 psig). These setpoints were the same as
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the setpoints used during the monitoring study. Since no

system problems were encountered during operation at these

setpoints, the recommended procedure is to drop the

condensing pressure as far as possible while looking for

problems. Any additional savings from further reducing the

condenser fan setpoints to the optimum of 65°F (103 psig)

and 70°F (114 psig) should be compared with necessary

equipment modifications to justify the additional setpoint

reduction.
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Table 12: Case Study #2 Prediction Summary

ANNUAL ENERGY USE

Avg Condenser Total

Low High Cond Compressor Fan Energy

Run Fan Fan Temp Energy Energy Use

No. (°F) (°F) (°F) (kWh/yr) (kWh/yr) (kWh/yr)

Total

Energy

Savings

(kWh/yr)

Percent

Energy

Savings*

(%/yr)

Savings

per

Degree**

(%/°F)

1 84 88 84.1 1,284,096 23,180 1,307,276 0 0.0% NA

2 80 85 80.4 1,211,995 31,342 1,243,337 63,939 4.9% 1.32%

3 75 80 76.4 1,141,080 49,709 1,190,789 116,487 8.9% 1.16%

4 70 74 72.3 1,073,920 88,511 1,162,431 144,845 11.1% 0.94%

.
. - . .

60 65 67.8 1,007,415 147,985 1,155,399 i 6i 11.6% 0.71%

7 55 60 66.6 992,739 173,866 1,166,605 140,671 10.8% 0.61%

8 50 55 65.9 984,968 183,122 1,168,090 139,186 10.6% 0.59%

AVERAGE MONTHLY PEAK DEMAND

Avg Condenser Total

Low High Cond Compressor Fan Average

Run Fan Fan Temp Demand Demand Demand

No. (°F) (°F) (°F) (kW) (kW) (kW)

Demand

Savings
(kW)

Percent

Demand

Savings*

(%/yr)

Savings

per
Degree**

(0/0/09

1 84 88 84.1 149.7 3.3 153.0 0.0 0.0% NA

2 80 85 80.4 142.6 4.5 147.1 5.9 3.8% 1.04%

3 75 80 76.4 134.2 8.3 142.4 10.6 6.9% 0.90%

4 70 74 72.3 126.5 12.8 139.3 13.7 9.0% 0.76%

a

60 65 67.8 120.8 18.8 139.6 13.4 8.8% 0.54%

7 55 60 66.6 119.6 20.6 140.1 12.8 8.4% 0.48%

8 50 55 65.9 119.3 21.0 140.3 12.7 8.3% 0.46%

Avg

Low High Cond
Run Fan Fan Temp
No. (°F) (°F) (°F)

ANNUAL OPERATING COST

Demand Energy Total

Cost Cost Cost

($/yr) ($/yr) ($/yr)

Cost

Savings
($/yr)

Percent

Cost
Savings*

(%/yr)

Savings
per

Degree**

(%/°F)

1 84 88 84.1 $3,715 $49,075 $52,790 $0 0.0% NA

2 80 85 80.4 $3,561 $46,675 $50,236 $2,554 4.8% 1.31%

3 75 80 76.4 $3,426 $44,702 $48,128 $4,662 8.8% 1.15%

4 70 74 72.3 $3,342 $43,638 $46,980 $5,810 11.0% 0.93%

60 65 67.8 $3,351 $43,374 $46,725 $6,065 11.5% 0.70%

7 55 60 66.6 $3,368 $43,794 $47,162 $5,628 10.7% 0.61%

8 50 55 65.9 $3,371 $43,850 $47,221 $5,569 10.5% 0.58%

*Relative to Run Number 1
** Savings per Degree Reduction in Average Condensing Temperature
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Figure 46: Peak Demand at Reduced

Fan Setpoints for Case Study #2

Figure 48: Operating Cost versus Average
Condensing Temperature for Case Study #2

Figure 50: Percent Savings versus Average
Condensing Temperature for Case Study #2
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Figure 47: Energy Consumption at Reduced
Fan Setpoints for Case Study #2

Figure 49: Operating Cost versus Minimum
Fan Setpoints for Case Study #2

Figure 51: Percent Savings versus Minimum
Fan Setpoints for Case Study #2
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4.4 SUMMARY

Results

Energy. Potential energy savings for the two case

studies ranges from 10.6% to 12.0% of the combined

compressor and condenser fan energy. This corresponds to

0.63% to 0.83% per degree reduction in average condensing

temperature.

Demand. Potential average monthly peak demand

reductions for the two case studies range from 8.7% to 9.2%

of the combined compressor and condenser fan . This

corresponds to 0.53% to 0.64% per degree reduction in

average condensing temperature.

Operating Cost. Potential operating cost savings for

the two case studies range from 10.4% to 11.9% of the

compressor and condenser fan operating costs. This

corresponds to 0.62% to 0.82% per degree reduction in

average condensing temperature.

Savings Summary. The energy, demand, and operating

cost savings are summarized in Table 13.

Table 13: Predicted Savings Summary

Case Study #1* Case Study #2

Energy Savings: 10.6% 12.0%
Peak Demand Savings: 8.7% 9.2%
Operating Cost Savings: 10.4% 11.9%

Energy per Degree: 0.63% /*I' 0.83%
Peak Demand per Degree: 0.53% /°F 0.64%
Cost Saving per Degree: 0.62% /6111 0.82%

/°F
/°F
/°F

* Includes both booster and high-stage compressors, although boosters account for little of

savings.
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Conclusions

Case Study #1. Case study #1 represented a

refrigeration system that operated at a high refrigeration

loads throughout the year. For this system, the minimum

operating cost occurs at the minimum possible condensing

pressure.

Case Study #2. Case study #2 represented a

refrigeration system that operated with a highly variable

load. At reduced condensing pressure, and the condenser

fans may use more power and energy than is saved by the

compressors. Therefore, attention should be given to the

optimum fan setpoints to minimize operating costs.

Recommendations

From Run #4 of each study, 79% to 93% of the total cost

savings can be realized at condenser fan setpoints slightly

below the minimum value of 125 psig recommended by the

compressor manufacturers. Since none of the potential

problems associated with reduced condensing pressure

appeared during the monitoring study, we recommend operating

at these setpoints to realize significant savings at no

capital cost.

To operate at the optimal energy efficiency and minimum

cost, refrigeration systems may require the installation of

liquid pumps, oil separators, time clocks, pressure

switches, new piping and valves, or micro-processors. We

recommend reducing fan setpoints until problems appear.

Additional equipment costs to correct problems should be

compared with the potential additional savings to justify

further reduction in condensing pressure.
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5. APPLICATIONS

This section presents other ways the model can be

applied to improve refrigeration system efficiency.

Existing Model

Due to the flexibility of the model, additional studies

could be carried out to determine system performance under

several modes of operation.

Suction Pressure. The suction pressure setpoints of

compressors are commonly set for design conditions. It may

be possible to increase suction pressure due to reduced

refrigeration loads or temperature requirements. Higher

suction pressures result in reduced compressor power and

increased capacity. Changing the suction pressure setpoints

in the model would allow annual savings to be calculated.

Interstage Pressure. There have been efforts to

theoretically predict an optimum interstage pressure for

two-stage systems. A common equation8 gives the optimum

interstage pressure as

Poptimum = (Psuction X Pcondensing) Y2

where Psuction is the booster compressor suction pressure, and

Pcondensing is the high-stage condensing pressure (both in

psia). This equation was derived assuming the isentropic

compression of an ideal gas. Unfortunately compressor part-

load power, condenser fan power, evaporator fan power, and

other variables affect the optimum interstage pressure.

Making several model runs at different interstage pressures

would allow the most efficient interstage pressure to be

determined. The suction pressure controls on the high-stage
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compressors could be set to this pressure manually, or

automatically with computer controls.

Increased Condenser Capacity. Many refrigeration

systems operate with insufficient condenser capacity. This

causes high condensing temperatures during periods of high

load and/or hot weather, increasing compressor power and

energy use, and decreasing refrigerating capacity.

Additional condenser capacity would increase system capacity

and reduce condensing temperatures, thereby reducing

operating costs. Condensers can be added to the existing

condensers in the model. The savings can be calculated and

compared with the cost of adding additional condensing

capacity.

Efficient Condensers. Power requirements vary

significantly with condenser design. Axial fan condensers

can be equipped with as little as 50% of the fan horsepower

supplied on condensers utilizing centrifugal fans5,9. Some

condenser manufacturers offer designs based on minimizing

fan energy requirements10. When designing a new

refrigeration system, or installing additional condenser

capacity, fan power requirements can be considered by using

the model.

Modified Model

With some modifications to the model, additional

applications could be studied:

Compressor Sequencing. Some refrigeration systems have

several compressors. Frequently, the compressors are of

different types and sizes. Sequencing of the compressors

can be employed to minimize the system power for a

particular refrigeration load. The model could calculate
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the optimum group of compressors to operate under particular

load and weather conditions.

Variable Speed Drives. Interest in variable speed

drives (VSD's) for compressors, fans, and pumps has grown.

The decreasing cost of VSD's, combined with an increasing

energy awareness, has increased interest in this field.

VSD's would allow a screw compressor to operate in the full-

load configuration, controlling capacity with the motor RPM.

This would avoid the poor part-load performance of screw

compressors (see Appendix B). Condenser and evaporator fans

also could be driven with VSD's to allow fine control of

airflows. Pumps (such as in a liquid overfeed system) could

be controlled with VSD's to minimize power and energy

consumption.

Evaporator Fans. Evaporator fans are commonly operated

nonstop. Unfortunately, reducing evaporator fan operation

frequently has a direct effect on the product temperature

and environment humidity. Studies have been done" to

monitor product quality and evaporator fan energy during

periods of fan cycling. Electricity cost savings in excess

of 90% have been measured.

Additional Studies

There are several areas of interest related to reduced

condensing pressure operation that should be addressed:

Defrost. The effects of reduced condensing pressure on

defrost have been studied12, although actual field

experience may be limited. If defrost considerations are a

primary limitation in efforts to reduce condensing pressure,

a better understanding of potential problems and solutions

will be important.
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Liquid Injection. Some liquid flowrate problems may

occur on rotary screw compressors utilizing liquid injection

cooling. An investigation into practical minimum condensing

pressures and solutions to injection problems will prevent

the artificially high condensing pressures recommended by

compressor manufacturers.

Separators. Reducing condensing pressure to low levels

(less than 75 to 100 psig) may result in oil separation

problems. Further investigations will help determine

minimum acceptable condensing pressures, and any

modification necessary to ensure proper separation of the

oil and refrigerant.

Fan Lifetime. Although the condenser fans operate

longer at reduced condensing pressure setpoints, the

decrease in cycling may increase fan motor lifetime. A

monitoring study, coupled with motor manufacturers'

information, could help determine fan lifetime during

reduced condensing pressure operation.

Computer Controls. With the increasing capabilities

and popularity of computer controls, a comprehensive study

on computer control ability, performance, and cost would be

useful. Since a computer control system may optimize the

system operation, modeling could improve predictions of

system performance.
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APPENDIX A

COMPRESSORS

Three types of compressors can be used in the computer

model; rotary screw, reciprocating, and rotary vane. The

advantages and disadvantages of each compressor, along with

some of the operating characteristics relating to energy

conservation, are discussed in the following sections.

Rotary Screw Compressors

The advantages of screw compressors are small size,

pulse-free performance, high efficiencies (both volumetric

and isentropic), infinite steps of unloading, and a wide

range of operating pressure ratios (as high as 20:1). The

major operating drawbacks of screw compressors are the high

part-load power, and the degradation of isentropic

efficiency due to over and undercompression.

Several oil cooling strategies are used in screw

compressors, with all requiring a separator to remove the

oil from the refrigerant. Screw compressors can be used for

either booster or high-stage duty.

Power and Capacity. The power requirement of a screw

compressor always increases with rising pressure ratios

across the compressor, due to relatively constant volumetric

efficiencies. Similarly, the refrigerating capacity always

decreases with rising pressure ratios. This means that the

BHP/TON is always increasing with rising pressure ratios.

Typical BHP and TON curves are given in Appendix B.

Volumetric Efficiency. The screw compressor is a

positive displacement device with a small clearance volume,

meaning that nearly all of the refrigerant that flows into
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the compressor is compressed and discharged from the

compressor. Therefore, the pressure ratio across the screw

compressor has little effect on volumetric efficiency, as

seen in Figure 52 for three screw compressors of different

internal volume ratio.

Isentropic Efficiency. The screw compressor is

characterized by its fixed internal "volume ratio". The

volume ratio determines the decrease in volume of the

refrigerant gas during compression, from the moment the

inlet port is closed to the instant the outlet port is

uncovered. For this reason, the discharge refrigerant is

rarely compressed to exactly the condensing pressure of the

system, and may be either over-compressed or under-

compressed. During over-compression, the refrigerant is

compressed to a pressure greater than the system condensing

pressure, wasting compressor power. When the discharge port

is opened, the increased discharge velocities reduce

efficiency. During under-compression, the refrigerant is

compressed to a pressure less than the system condensing

pressure. As the discharge port opens, refrigerant at the

condensing pressure rushes into the compressor, increasing

the work of the compressor. The result of over or under-

compression is a reduction in isentropic (or adiabatic)

efficiency. The peak isentropic efficiency of a compressor

occurs when the refrigerant is compressed to exactly the

condensing pressure, as shown in Figure 52.
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Figure 52: Rotary Screw Compressor Efficiency
(Model 160, Mycom Corporation, Torrance, CA)

Unloading Strategy. Screw compressors typically use a

slide valve to reduce capacity to as little as 10%. The

slide valve is a section of the rotor housing that moves

axially, reducing the length of the rotors where compression

takes place. The unloading process decreases the

compressors' internal volume ratio, reducing the isentropic

efficiency of the compressor. Part load curves for screw

compressors are given in Appendix B.

Cooling. Oil is injected in the rotor housing for

lubrication and to provide a seal between the male and

female rotors and the housing. During compression, the

temperature of the oil and refrigerant rises. To prevent

breakdown of the oil, the heat transferred to the oil must

be removed by one of several methods

A shell-and-tube heat exchanger with water cooling.

A shell-and-tube heat exchanger with high-pressure

liquid refrigerant cooling (thermal-siphon).
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Unless the heat in a water-cooled system is rejected

somewhere other than the condenser, all the above oil-

cooling loads are seen as loads by the condenser. The

methods using high-pressure liquid refrigerant to cool the

oil reduce the liquid available to the system. The method

of liquid injection into the rotor housing also increases

compressor power requirements. Heat rejection curves for

screw compressors are given in Appendix B.

Oil separators are required to remove the oil from the

refrigerant. Most separators use filters with coalescing

elements to remove the oil, and are sized for refrigerant

flows and velocities under the design conditions.

Reciprocating

The advantage of reciprocating compressors is low part-

load power. The major operating drawbacks of a

reciprocating compressor are the limited operating pressure

ratios, high discharge superheat, and volumetric

efficiencies heavily affected by the operating pressure

ratio. Reciprocating compressors can be used for either

booster or high-stage duty.

Power and Capacity. The power requirement of a

reciprocating compressor is lowest at two pressure

ratios, with the peak occurring between the two points.

One minimum is where the suction pressure equals the

discharge pressure. The other minimum occurs when the

pressure ratio across the compressor reduces the

flowrate to zero. For the applications addressed in
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this study, the power increases with rising condensing

pressures. Typical BHP and TON curves are given in

Appendix B.

Unlike power, the refrigerating capacity always

decreases with rising pressure ratios. For the

applications addressed in this study, the BHP/TON is

always increasing with rising pressure ratios.

Volumetric Efficiency. The reciprocating compressor

has a larger clearance volume than the screw compressor.

Therefore, the clearance volume plays a significant role in

the performance of the compressor. The volumetric

efficiency of a reciprocating compressor is shown in Figure

53.

Isentropic Efficiency. The isentropic efficiency of a

reciprocating compressor is shown in Figure 53.

Reciprocating compressors do not have a fixed internal

volume ratio like screw compressors, since the compressed

gas leaves the compressor when the gas pressure is greater

than the condensing pressure. This happens because the

exhaust valve is held closed by a spring and the system

condensing pressure. A maximum isentropic efficiency occurs

at some optimum pressure ratio. At low pressure ratios, the

greater refrigerant flowrates lead to increased frictional

flow losses and reduced efficiency. At high pressure

ratios, increased rubbing friction and refrigerant blowby

reduce efficiency.
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Figure 53: Reciprocating Compressor Efficiency
(Model NS, Mycom Corporation, Torrance, CA)

Unloading Strategy. Reciprocating compressors commonly
vary capacity by unloading cylinders. The intake valve is

held open by magnetic or hydraulic solenoids, preventing the

suction gas from being compressed and reducing power
requirements nearly proportionally. Some compressors may
turn off when all cylinders are unloaded. A part load curve

for reciprocating compressors is given in Appendix B.

Cooling. Due to the high refrigerant superheat with

reciprocating ammonia compressors, the compressor cylinder
heads are commonly cooled with water. This water is either

dumped, circulated through a cooling loop (cooling tower,

circuit in evaporative condenser, or closed circuit cooler),

or used as water in other process requirements. If the

water is cooled by the condenser, it must be included as a
heat rejection load for the condenser. Heat rejection

curves for reciprocating compressors are given in Appendix
B.



83

ROTARY VANE

The advantages of rotary vane compressors are high

volumetric efficiencies and the ability to handle large

volumes of refrigerant at low suction pressures (generally

at a vacuum). The major operating drawbacks of a rotary

vane compressor are the small operating pressure ratios and

large size. Rotary vane compressors are used almost

exclusively as boosters.

Power and Capacity. Similar to the reciprocating

compressor, the power requirement of a vane compressor

is lowest at two pressure ratios, with the peak

occurring between the two points. For the applications

addressed in this study, the power increases with

rising condensing pressures. The refrigerating

capacity always decreases with rising pressure ratios,

so that the BHP/TON increases with rising pressure

ratios. Curves for BHP and TONS are given in Appendix

B.

Volumetric Efficiency. The rotary vane compressor has

excellent volumetric efficiencies at low pressure ratios.

The volumetric efficiency of a rotary vane compressor is

shown in Figure 54.

Isentropic Efficiency. The isentropic efficiency of a

rotary vane compressor is relatively poor, with losses

coming from the large amount of rubbing surfaces. The

isentropic efficiency of a rotary vane compressor is shown

in Figure 54.
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Figure 54: Rotary Vane Compressor Efficiency
(Model 100, FES Inc, York, PA)

Unloading Strategy. Some rotary vane compressors vary

capacity through by-passing of discharge refrigerant to the

compressor suction. Capacity is reduced approximately 50%,

with a 25% horsepower reduction, although the pressure ratio

across the compressor plays a significant role in the

capacity and power at unloaded conditions. It is also

common for rotary vane compressors to be limited to 100%

capacity operation, with the compressor operation turned on

or off manually.

Cooling. Some rotary vane compressors use liquid

refrigerant in the jacket for cooling. In this

configuration3, the compressor discharge is bubbled through

liquid at the discharge pressure. A mixture of oil and

liquid refrigerant enters the compressor cooling jackets

where the refrigerant boils in the jacket, and the oil

drains to the sump. Some rotary vane compressors may

utilize water cooling in the compressor jackets.
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COMPRESSOR PERFORMANCE DATA

BHP, TONS, & Heat Rejection. Performance data was

collected from compressor manufacturers for rotary screw2,

reciprocating2, and rotary vane3 compressors in both high-

stage and booster configurations. Following the

recommendation of Stoecker12, compressor BHP, TONS, and

Cooling Heat Rejection were curve-fit with the following

equation:

f (X,Y) = Cl C2X C317 c4 x2 + c5 y2 + co

C7 x2y C8 xy2 c9 x2y2

where

f = BHP, TONS, or Heat Rejection

x = Evaporator Temperature (°F)

y = Condensing Temperature (°F)
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The compressor data provided characteristic curves of BHP,

TON's, and Cooling Heat Rejection for use in the model. The

curves are multiplied by a constant scaling coefficient to

approximate the performance of real compressors. The

scaling coefficient can be found by comparing the compressor

manufacturer's claim of power, or a measurement of

compressor power, with the appropriate curve. Dividing the

actual value of power by the model curve value produces the

scaling coefficient.

Part Load Power. Compressor part load power as a

function of percent capacity was curve fit using 5th order

polynomial for the compressors:

f(x) = C1 + Cx + C3x2 + Cx3 + C5x4 + C6x5



where

f = Percent Full-Load Power

x = Percent Capacity
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The manufacturers' compressor performance data is shown

in Figures 55 - 69, and the curve-fit coefficients are given

in Tables 14 - 21.
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Figure 56: Capacity for 2.6 Volume Ratio Screw
(Model 160 LL, Mycom Corporation, Torrance, CA)
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Figure 57: Heat Rejection for 2.6 Volume Ratio Screw
(Model 160 LL, Mycom Corporation, Torrance, CA)

Table 14: 2.6 VR Screw Coefficients
(Model 160 LL, Mycom Corporation, Torrance, CA)

Curve Fit Coefficients

2.6 Volume Ratio Screw Compressor

Coefficient BHP TONS Heat Rejection

Cl 41.998775510 116.713306122 65.894693877

C2 0.117695238 2.984095238 0.764038095

C3 0.567730612 0.018081633 0.746053061

C4 0.000650340 0.027073923 0.004818141

C5 -0.000044898 -0.003195918 0.002810204

C6 -0.000119048 -0.005079048 0.007914286

C7 -0.000008481 -0.000055102 0.000022041

C8 0.000002381 -0.000004286 0.000000952

C9 0.000000068 0.000000023 0.000000136
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Figure 58: Power for 3.6 Volume Ratio Screw
(Model 160 LM, Mycom Corporation, Torrance, CA)
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Figure 59: Capacity for 3.6 Volume Ratio Screw
(Model 160 LM, Mycom Corporation, Torrance, CA)
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Figure 60: Heat Rejection for 3.6 Volume Ratio Screw
(Model 160 LM, Mycom Corporation, Torrance, CA)

Table 15: 3.6 VR Screw Coefficients

Curve Fit Coefficients

3.6 Volume Ratio Screw Compressor

Coefficient BHP TONS Heat Rejection

62.277714286 116.713306122 65.894693877

C2 0.759733333 2.984095238 0.764038095

C3 0.201742857 0.018081633 0.746053061

C4 0.007060317 0.027073923 0.004818141

C5 0.008071429 -0.003195918 0.002810204

C6 -0.000013333 -0.005079048 0.007914286

C7 0.000000635 -0.000055102 0.000022041

C8 0.000000000 -0.000004286 0.000000952

C9 0.000000000 0.000000023 0.000000136
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Figure 61: Power for 5.8 Volume Ratio Screw
(Model 160 LH, Mycom Corporation, Torrance, CA)
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Figure 62: Capacity for 5.8 Volume Ratio Screw
(Model 160 LH, Mycom Corporation, Torrance, CA)
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Figure 63: Heat Rejection for 5.8 Volume Ratio Screw
(Model 160 LH, Mycom Corporation, Torrance, CA)

Table 16: 5.8 VR Screw Coefficients

Curve Fit Coefficients

5.8 Volume Ratio Screw Compressor

Coefficient BHP TONS Heat Rejection

Cl 62.277714286 116.713306122 65.894693877

C2 0.759733333 2.984095238 0.764038095

C3 0.201742857 0.018081633 0.746053061

C4 0.007060317 0.027073923 0.004818141

C5 0.008071429 -0.003195918 0.002810204

C6 -0.000013333 -0.005079048 0.007914286

C7 0.000000635 -0.000055102 0.000022041

C8 0.000000000 -0.000004286 0.000000952

C9 0.000000000 0.000000023 0.000000136
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Figure 64: Power for Reciprocating Compressor
(Model N8, Mycom Corporation, Torrence, CA)
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Figure 65: Capacity for Reciprocating Compressor
(Model N8, Mycom Corporation, Torrence, CA)
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Figure 66: Heat Rejection for Reciprocating Compressor
(Model NS, Mycom Corporation, Torrence, CA)

Table 17: Reciprocating Coefficients

Curve Fit Coefficients

Reciprocating Compressor

Coefficient BHP TONS Heat Rejection

21.144068458 140.264673067 12.840000000

C2 -1.354485597 3.076241635 -0.106000000

C3 1.753732949 -0.602574417 0.000000000

C4 -0.065100764 0.047289649 0.000222222

C5 -0.005621244 -0.000468295 0.000000000

C6 0.023681040 0.001540218 0.000000000

C7 0.001141941 -0.000553689 0.000000000

C8 0.000055430 -0.000089061 0.000000000

C9 -0.000006321 0.000003434 0.000000000
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Figure 67: Power for Rotary Vane Compressor
(Model 100, FES Inc, York, PA)
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Figure 68: Capacity for Rotary Vane Compressor
(Model 100, FES Inc, York, PA)
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Table 18: Rotary Vane Coefficients

Curve Fit Coefficients

Rotary Vane Compressor

Coefficient BHP TONS

Cl 14.363120897 124.892478427

C2 -0.912080231 2.635469918

C3 1.445694247 -0.145618190

C4 -0.009077748 0.014953876

C5 0.008724943 -0.004443273

C6 0.010714134 0.002994383

C7 -0.000058258 0.000062044

C8 0.000061200 -0.000095589

C9 -0.000001273 -0.000000333



97

Table 19: Screw Booster Coefficients
(Model 160 LL, Mycom Corporation, Torrance, CA)

Curve Fit Coefficients

3.6 Volume Ratio Booster Screw Compressor

Coefficient BHP TONS

Cl 41.965000000 117.579000000

C2 0.103778571 2.495564286

C3 0.591500000 -0.225100000

C4 0.000267857 0.014846429

C5 -0.001350000 -0.000450000

C6 0.001977857 -0.004315000

C7 0.000026786 -0.000022500

C8 -0.000087500 -0.000016786

C9 -0.000001250 -0.000000179

Table 20: Reciprocating Booster Coefficients
(Model 160 LL, Mycom Corporation, Torrance, CA)

Curve Fit Coefficients

Reciprocating Booster Compressor

Coefficient BHP TONS

Cl 34.120000000 147.835000000

C2 -0.852535714 3.837964286

C3 2.171800000 -1.093700000

C4 -0.013803571 0.027196429

C5 -0.015700000 0.001550000

C6 0.066317857 -0.023996429

C7 0.000496786 -0.000149643

C8 -0.000341071 0.000031786

C9 -0.000001607 0.000000179
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Figure 69: Part Load Power for Screw Compressors
(Model 160 LL, Mycom Corporation, Torrance, CA)
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Figure 70: Part Load Power for Reciprocating Compressor
(Model N8, Mycom Corporation, Torrence, CA)
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Figure 71: Part Load Power for Rotary Vane Compressor
(Model 100, FES Inc, York, PA)

Table 21: Part Load Coefficients

Curve Fit Coefficients

Part Load Power

Coefficient 2.6 VR 3.6 VR 5.8 VR Recip Rotary
Screw Screw Screw Vane

Cl 0.60 0.54 0.39 0.12 0.5

C2 -1.04 -0.78 0.15 0.88 0.5

C3 6.93 6.13 1.81

C4 -17.49 -16.15 -3.68

C5 21.13 20.15 4.68

C6 -9.13 -8.89 -2.34
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APPENDIX C

COMPRESSOR PERFORMANCE CORRECTIONS

Corrections3.7 for superheat, subcooling, and liquid

injection cooling are given for several types of

compressors. Superheating of the compressor suction

refrigerant decreases the density of the suction

refrigerant, decreasing the capacity of the compressor.

Subcooling of the high-pressure liquid decreases the liquid

enthalpy, increasing the refrigerating capacity. Liquid

injection cooling on rotary screw compressors reduces

compressor capacity and increases power.

Table 22: Power Corrections
(Typical Data)

Compressor Superheat* Subcool** Injection

Screw Compressor
High-Stage None None +2.0%
Booster None None +2.0%

Reciprocating None None NA
Rotary Vane None None NA

* *

Correction for each degree Fahrenheit increase in suction temperature

Correction for each degree Fahrenheit decrease in condensing temperature.

Table 23: Capacity Corrections
(Typical Data)

Compressor Superheat* Subcool** Injection

Screw Compressor
High-Stage -0.2% +0.2% -3.0%
Booster -0.2% +0.2% -1.0%

Reciprocating -0.2% +0.2% NA
Rotary Vane -0.2% +0.2% NA

Correction for each degree Fahrenheit increase in suction temperature
** Correction for each degree Fahrenheit decrease in condensing temperature.
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APPENDIX D

MOTOR EFFICIENCY

Data was collected from a manufacturer14 of 3-phase

motors. The full-load efficiencies, and a curve-fit of

efficiency variation with motor load are used in the model.

Full-Load Efficiency. Standard 3-phase, 1800 RPM motor

efficiencies are used in the model. Condenser fans and

pumps are assumed to be operating near or at full-load

efficiency. Compressor drives operate at various loads,

requiring the use of part-load efficiency for accurate power

input calculations. Table 24 lists the full-load

efficiencies used in the model.

Table 24: Full-Load Motor Efficiency
(General Electric)

Horsepower Efficiency Horsepower Efficiency

1 0.75 40 0.89

2 0.81 50 0.90

3 0.81 60 0.91

5 0.83 75 0.92

7.5 0.84 100 0.92

10 0.86 125 0.92

15 0.87 150 0.93

20 0.88 200 0.94

25 0.89 225 0.94

30 0.89 250 0.94

Part-Load Efficiency. The variation in part-load

efficiency for compressor drives is used in the model. Part

load percent of full-load efficiency for a standard 3-phase,
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1800 RPM, 100 hp motor is shown in Figure 72, along with the

following curve-fit:

where

%FLn = 1.025 - 0.01607/(%FLBHP) + 0.000001597/(%FLBHP)2

%FlJn = Percent of Full-Load Efficiency

%FLBHP = Percent of Full-Load Power (Output)

The curve-fit correction is multiplied by the full-load

efficiency from Table 24 to give the operating efficiency

for a particular size of motor.
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Figure 72: Part Load Efficiency
(Model FR 404 Type K, General Electric Co.)
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APPENDIX E

CONDENSERS

Both evaporative condensers and shell-and-tube, glycol-

cooled desuperheaters are used in the computer model. The

following sections describe the heat rejection and control

strategies common to condensers in industry.

EVAPORATIVE CONDENSERS

Heat Rejection Process. Evaporative condensers combine

the functions of cooling towers and water-cooled condensers.

Refrigerant discharged from the high-stage compressors

passes through tubes which are sprayed by water. Fans force

air past the falling water, causing both sensible and latent

heat transfer. Since the process is governed by

evaporation, the capacity of the evaporative condenser is

intimately tied to the ambient wet-bulb temperature.

The wet-bulb temperature and ammonia condensing

temperature determine the temperature difference which

drives the heat rejection. The amount of reject heat is

determined by the combination of refrigeration load and the

compressor power. To reject the heat, the condensing

temperature must be above the wet-bulb temperature.

Generally the condensing temperature should not drop below a

selected minimum value. The reasons for a minimum

condensing temperature reflect problems with the compressors

or other system equipment, and are discussed in the

BACKGROUND section.

Control. The evaporative condenser capacity at the two

case-study sites was controlled by fan cycling. Pressure

switches sense the condensing pressure, and cycle the fans

to reduce or increase capacity as necessary. Each fan has a
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cut-in and cut-out setpoint. As the condensing pressure

rises to the cut-in point, the fan or fans cycle on. The

increase in condenser heat rejection capacity causes the

condensing pressure to drop, sometimes down to the cut-out

setpoint. At the cut-out setpoint, the fan or fans cycle

off, reducing the condensing capacity. The cycle repeats as

the condensing pressure begins to rise. Of course, the cut-

in or cut-out points may never be reached, depending on

ambient conditions and refrigeration load.

Dry Operation. As the ambient temperature approaches

32°F, the water in the evaporative condenser may freeze and

damage the condeser. Ice on the fan blades causes an

imbalance which can damage the fan, or stop the fan

rotation. To prevent these problems, the condenser may have

a remote water sump. The basin can be drained of water and

the condenser operated dry. Although the capacity of the
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Figure 73: Condenser Capacity when
Operated Dry (BAC Corporation)
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condenser decreases dramatically without water, the low

ambient temperature generally provides sufficient heat

rejection. The capacity of an evaporative condenser

operating dry was obtained from a manufacturer16 and is

shown in Figure 73. Operating the condenser dry should only

be done during cold weather. Cycling the pump to control

condenser capacity is not recommended, since frequent pump

cycling would promote scaling of the heat transfer surfaces.

DESUPERHEATERS

Heat exchangers are commonly used to desuperheat the

high stage compressor discharge gases. A common

desuperheating application passes heated glycol through

piping in freezer floors, preventing buckling of the

concrete. As long as little condensing takes place in the

desuperheater, and the flowrate of the cooling liquid

(glycol) remains steady, the capacity of the desuperheater

remains relatively constant.
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APPENDIX F

CONDENSER PERFORMANCE DATA

Condenser performance data was collected from several

manufacturers5,9, mo7 of evaporative condensers.

Temperature Dependance. Condenser capacity as a

function of wet-bulb and condensing temperatures is shown in

Figure 74. This data reflects capacity with all fans and

water pumps operating.
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Figure 74: Evaporative Condenser Capacity
(Typical Data)

A common assumption made when modeling evaporative

condensers is that, at a constant heat rejection load, the

condensing temperature will float at a constant temperature

difference (DT) above the wet-bulb. This not true. For

example, at 35°F WB temperature the condensing temperature

must be 75°F (a DT of 40°F) to supply 100% condenser
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capacity. But, at 75°F WB temperature the condensing

temperature must only be 100°F (a DT of 25°F) to supply 100%

condensing capacity. This difference is important when

examining system power at reduced condensing temperatures.

For this reason, the capacity data was curve-fit rather than

use a constant temperature difference.

Curve-Fit Equation. The same curve-fit format that was

used for compressor BHP, TONS, and Heat Rejection was also

used to characterize evaporative condenser capacity.

f(x

where

y) = C1 + x + cr Y c4 . x2 c5 y2 + xy
x2y e8 xy2 e9 x2y2

f = Percent Condenser Capacity

x = Wet-Bulb Temperature (°F)

y = Condensing Temperature (°F)

The curve-fit coefficients are given in Table 25.
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Table 25: Condenser Part Load Coefficients
(Typical Data)

Coefficient Value

Cl 1.1655481536

C2 -0.113506741

C3 -0.002073752

C4 0.000892754

C5 0.000143413

C6 0.001752872

C7 -0.000018833

C8 -0.000007146

C9 0.000000086

Fan Cycling. Evaporative condenser manufacturers10

claim 10% condenser capacity with only the water spray

operating, and approximately 60% condenser capacity with

two-speed fans operating at half speed. For condensers with

multiple fans, the condenser capacity is assumed to vary

linearly with each fans' contribution to the total possible

airflow. For example, in an evaporative condenser with a

water spray and two fans of equal cfm, 10% of the condenser

capacity would be supplied by the pump, and 45% of the

capacity would be supplied by each of the two fans.
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APPENDIX G

SOLUTION STRATEGY

SOLUTION STRATEGY FLOWCHART
Two-Stage Refrigeration System
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Figure 75: Model Solution Strategy
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APPENDIX H

ELECTRIC UTILITY RATE SCHEDULES

There are two components of the electric utility rates

that are considered when trying to reduce energy-related

operating costs; peak demand and energy.

Demand. A demand meter is used to monitor the power

requirement of most large industrial facilities. The meter

records the average demand (power in kilowatts) typically

over a 15 or 30 minute period. The largest recorded value,

known as the "peak demand", is read from the meter during

each month. This peak demand is multiplied by a demand

charge ($/kW), and contributes to the overall electric

utility charge. The demand charge may be at a higher rate

during the seasons of high utility load.

Energy. The total energy consumption is recorded on a

meter, and is read at the same time as the demand meter.

Customers may be charged for energy on a "block" or

"bracketed" schedule. The first increment of energy (e.g.

10,000 kWh), is charged at the highest rate. The next

increment (e.g. 150,000 kWh) is charged at a slightly lower

rate. The final increment is charged at the lowest rate.

Unfortunately, energy savings will likely be associated with

the energy used in this final (or "tail") bracket.
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APPENDIX I

AMMONIA PROPERTIES

Data. During the monitoring study, condensing pressure
(psig) was recorded. It was necessary to convert the

condensing pressure to saturated condensing temperature for

use in, and comparison with, the model. Table 26 lists

condensing pressures and corresponding saturation

temperatures.

Table 26: Ammonia Condensing Pressure & Temperature

Pressure
(psig)

Temperature
('F)

Pressure
(psig)

Temperature
(6F)

74.5 50 138.3 80
83.4 55 151.7 85
92.9 60 165.9 90

103.1 65 181.1 95
114.1 70 197.2 100
125.8 75 214.2 105

Curve-Fit. The data in Table 26 was curve-fit to allow

conversion from pressure to temperature:

T = 2.446 + 0.7247P - 0.001177P2

where

T = Saturated Condensing Temperature (°F)

P = Condensing Pressure (psig)

The curve-fit is shown with the original data in Figure

76.
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APPENDIX J

REFRIGERATION LOADS

Using data collected at each site and following methods

suggested by Pita18, the refrigeration loads were calculated
for Case Study #i and #2.

Case Study #1

The two-stage system in Case Study #1 operated

continuously, with a two week down period in June, and a two

week down period in December.

Refrigeration loads were estimated by a plant engineer

and several system operators. Table 27 lists the

refrigeration loads experienced by the booster and high-

stage compressors.

Table 27: Case Study #1 Refrigeration Loads

Compressor Tons Status

Booster

High-Stage

155 Fixed

60 7 AM to 3 PM

30 Fixed

25 7 AM to 3 PM

20 Variable*

The 20 tons of variable high-stage load was devoted to glycol plant cooling. The 20 tons

was assumed to vary linearly with the ambient dry-bulb temperature, having a value of 0

tons at 60°F DB, and 20 tons at 80'F and above.
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Case Study #2

The single-stage system in Case Study #2 held a

warehouse at -5°F throughout the year. Forklift traffic

occurred from approximately 7 AM to 6 PM each day.

Refrigeration loads were estimated from building design

and equipment, using methods suggested by Pita. Glycol

floor heating, evaporator fans, lighting, infiltration, and

heat transmission through the walls and ceiling were

calculated, and summarized in Table 28. The heat

transmission load was calculated using a total R-value of 30

for the warehouse envelope. Using the manufacturer's

capacity ratings for the compressor, in conjunction with the

data taken during the monitoring period, it was necessary to

add approximately 30 tons of additional base load.

Table 28: Case Study #2 Refrigeration Loads

Load Tons Status

Glycol Floor Heat 17 Fixed

Evaporator Fans 6 Fixed

Lighting 5 Fixed

Infiltration 9 7 AM to 6 PM

Miscellaneous 30 Fixed

Heat Transmission UA = 0.35 ton/°F Variable*

Heat transmission load is calculated using the temperature difference between the dry-bulb

temperature and the storage temperature of -5'F.
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APPENDIX K

WEATHER DATA

Data. Weather data was obtained from a report's that

contained information on 60 sites within the continental

United States. The weather for each month was presented in

five-degree dry-bulb temperature bins, with corresponding

mean coincident wet-bulb (MCWB) temperatures. The monthly

hours were broken into eight 3-hour bins (1-3, 4-6, 7-9, 10-

12, 12-15, 16-18, 19-21, and 22-24). The data contained the

number of hours per month that the temperature fell into

each temperature bin, for each 3-hour period.

Temperature Profiles. The average dry and wet-bulb

temperatures for each hourly bin were calculated, weighing

the temperature by the hours of occurance. In this way, a

profile of dry and wet-bulb temperatures was obtained for

each month. A temperature profiles used in the model

predictions are shown in Figures 77 through 88.



7-9 10-12 13-15 16-18 19-21 22-24
TIME OF DAYa MWMHA. WIWI;

Figure 77: January Weather Data
for Portland, Oregon

Figure 79: March Weather Data
for Portland, Oregon
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Figure 81: May Weather Data
for Portland, Oregon
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Figure 78: February Weather Data

for Portland, Oregon

Figure 80: April Weather Data
for Portland, Oregon
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Figure 82: June Weather Data
for Portland, Oregon
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Figure 83: July Weather Data
for Portland, Oregon
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Figure 85: September Weather Data
for Portland, Oregon

Figure 87: November Weather Data
for Portland, Oregon
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Figure 84: August Weather Data
for Portland, Oregon

Figure 86: October Weather Data
for Portland, Oregon

Figure 88: December Weather Data
for Portland, Oregon
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APPENDIX L

GLOSSARY

Adiabatic Efficiency. The ratio of isentropic compression

power to actual compression power.

Balance Point. A refrigeration system operating condition

that satisfies any system constraints. The model

balance point results when:

1. The condenser rejects all refrigeration heat and

motor power absorbed by the system.

2. The compressors supply the required refrigerating

capacity.

Base Load. A refrigeration load that does not vary. An

example would be the heat due to lighting that is not

turned off, or the heat from freezer floors with glycol

heating loops.

BHP (Brake Horsepower). The actual horsepower required at

the compressor shaft. Also, the output power of an

electric motor.

Bin Weather Data. Weather data that has been grouped in

temperature bins. An example would be the number of

hours per month that the dry-bulb temperature fell

between 61° and 65°F inclusive. This would be a 5-
degree bin.

Booster Compressor. The compressors that compress gas from

the lowest pressure in the system to some intermediate

pressure.
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Characteristic Curves. Curves representing equipment

performance at various operating conditions.

Condensing Pressure. The refrigerant pressure within the

condenser.

Condensing Temperature. The saturated refrigerant

temperature within the condenser, corresponding to the

condensing pressure. At the saturation temperature,

the refrigerant can coexist as a liquid or vapor, and

boiling or condensation can take place.

Curve-Fit. Creating an equation that represents a set of

data points.

Defrost. The process of removing ice from evaporator coils

that operate at an evaporating temperature less than

32°F.

Demand. The power (kiloWatts) requirement of a system.

Desuperheater. A heat exchanger that removes the

refrigerant superheat, reducing the refrigerant

temperature to the saturation temperature.

Discharge Pressure. The refrigerant pressure leaving the

compressor.

Discharge Temperature. The superheated refrigerant

temperature leaving the compressor.

Dry-Bulb Temperature. The temperature measured with a dry

thermometer.

Evaporative Condenser. Refrigerant passes through tubes

that are sprayed with water. As the refrigerant
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condenses, heat is conducted to the water. Air is

blown past the heated water, cooling the water with

sensible and latent (evaporative) heat transfer.

Evaporating Temperature. The saturated refrigerant

temperature within the evaporator, corresponding to the

evaporating pressure. At the saturation temperature,

the refrigerant can coexist as a liquid or vapor, and

boiling or condensation can take place.

Fixed-Head Pressure. A condition of refrigeration system

operation where the condensing pressure is maintained

at higher levels than necessary, and not allowed to

float with ambient conditions.

Flash Gas. Vapor formation in high-pressure liquid prior to

the expansion valve due to pressure reduction or heat

gain.

Floating-Head Pressure. A condition of refrigeration system

operation where the condensing pressure is allowed to

float with the ambient temperatures above a minimum

setpoint.

Flooded-Coil. An evaporator that has coils located below a

surge drum. The liquid level is maintained in the

surge drum with a float-type valve. As refrigerant

boils within the coils, the vapor rises to the surge

drum and is separated from the liquid. The vapor

returns to the compressors, and is replaced by liquid.

Glycol Heating. The heating of concrete freezer floors with

a glycol-water solution (antifreeze) to prevent

buckling.
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Head Pressure. The system pressure at the high-stage

compressor discharge port. Same as discharge pressure.

Heat Sink. The location or substance where heat is

released. For example, an evaporative condenser

releases heat to ambient air, which serves as a heat

sink.

Heat Source. The source of heat absorbed. For example, the

air within a freezer may serve as a heat source for the

evaporator.

Heat Transmission. Heat gain or loss of a refrigerated

space which results from heat conduction through the

walls and roof.

High-Stage Compressor. A compressor that compresses

refrigerant from some intermediate pressure (often from

the intercooler or booster compressor discharge) to the

condensing pressure.

Hourly Period. The treatment of several hours as one

continuous block. For example, the time from 2400 hr

to 0300 hr (Midnight to 3 AM) could be considered as

one 3-hour period.

High Pressure Receiver (HPR). A vessel containing liquid

refrigerant from the condenser.

Infiltration. The exchange of outside air into a

refrigerated space.

Internal Volume Ratio. In rotary screw compressors, the

ratio of the gas volume at the start of the compression

process to the gas volume just before the opening of

the discharge port.
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Interstage Pressure. The discharge pressure of booster

compressors, and suction pressure of high-stage

compressors in a two-stage refrigeration system.

Isentropic Compression. The ideal compression process with

no losses. This represents the minimum theoretical

power required to compress refrigerant.

Isentropic Efficiency. The ratio of the power required

during isentropic compression to the actual compression

power.

Liquid Injection. A method of oil cooling rotary screw

compressors where high-pressure liquid refrigerant is

injected into the rotor housing or discharge line.

Liquid Overfeed. An evaporator system that has liquid

pumped through the coils at a rate greater than

evaporation (or boiling) can take place.

Low Pressure Receiver (LPR). A vessel containing liquid

refrigerant at the suction pressure.

Motor Efficiency. The mechanical power output of a motor

divided by the electrical input power of the motor.

Part-Load. Operation of equipment at less than 100%

capacity.

Peak-Demand. The maximum demand recorded during a period of

time. Utility companies commonly record the peak-

demand as the greatest average demand measured during

any 15 or 30-minute period during a monthly billing

period.
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Pressure Ratio. The compressor discharge pressure divided

by the suction pressure (both in psia).

Pressure Transducer. A device used to measure pressure.

The transducer output is commonly a voltage that is

proportional to the applied pressure.

Rate Schedule. The guidelines used by electric utilities to

bill customers.

RTD (Resistance Temperature Device). A device used to

measure temperature. Variations in temperature result

in resistance changes that can be measured.

Saturation Temperature. The temperature at which a

refrigerant evaporates or condenses. Liquid and vapor

can exist simultaneously at the saturation temperature.

Scaling Coefficient. A constant value that is multiplied by

equipment characteristic curve data to give actual

performance values.

Setpoint. A pressure or temperature value that is used to

control equipment operation. Compressors commonly have

a suction pressure setpoint which determines loading

and unloading. Condenser fans have a condensing

pressure setpoint to determine when a fan should cycle.

Side Load. Refrigeration loads that have an evaporator

operating at the interstage pressure. Vapor from the

evaporator passes into the high-stage compressor

suction.

Single-Stage. A refrigeration system with one stage of

compression. Liquid refrigerant exists at only two

pressures (evaporating and condensing).
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Subcooling. Reducing the temperature of liquid refrigerant

below the saturation temperature.

Suction Pressure. The refrigerant pressure at the

compressor inlet.

Superheat. Raising the temperature of a vapor above the

saturation temperature.

Temperature Bin. The treatment of several temperatures as

one continuous block. For example, all temperatures

between 60°F and 64°F inclusive could be grouped into a

5°F temperature bin. This consolidated format

simplifies calculations associated with refrigeration

and HVAC.

TON. Heat transfer equal to 12,000 Btu/hr. TON's may be

absorbed by evaporators, or released by condensers.

Transducer. A measurement device that commonly has a

voltage, current, or resistance output.

Two-Stage. A refrigeration system with two stages of

compression (booster and high-stage compressors).

Liquid refrigerant exists at three pressures

(evaporating, interstage, and condensing).

Variable Load. A refrigeration load that varies in

magnitude. Includes heat loss that depends on ambient

conditions, or varying product requirements.

Volumetric Efficiency. The volume flow of refrigerant

entering the compressor divided by the displacement

(cfm) rate of the compressor. (Basically, the percent
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of gas in the compressor that is compressed and

discharged from the compressor).

VSD (Variable Speed Drive). A motor and controller which

have the ability to operate at various speeds.

Wet-Bulb Temperature. The temperature measured by a

thermometer that has a wet cloth wrapped around the

bulb and air blowing over the cloth.


