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The purpose of the thesis is to give a better understand-

ing of the radial loading capacity of anti-friction bearings

and to show why a formula cannot be prepared that can be uni-

versally applied to bearings of different types and of differ-
ent manufacture.

The early investigations of Hertz and Stribeck are useful
for the determination of the static loading capacity. Latter
investigators formuleted methods of calculating bearing cap-
aclby from the fatigue standpoint.

Very extenslve laboratory tests have been conducted on
ball and roller bearings to determine the relation between
load end life. The relation is, the life is inversely proport-
ional to the load raised to the ten-thirds power. The capacity
of an anti-friction bearing is meaningless unless combined
with a time factor, since 1t has been definitely establish-
ed that ultimate failure is due to fatigue. The results of

tests also show that a certain dispersion of life exists.

Even in cases where the same life should be expected, that is,

where a number of bearings of the same size and type, ident-




ical conditions of heat treatment, material, and manufacture
were tested under identical conditions, there appeared a wide
range of life for the groups of bearings.

Since there 1s such a large spread of 1life in bearings
operating under identicel conditions it 1s necessary to select
some definite point on the curve as a basis for arriving at an
allowable bearing capacity, and also to state the average life
expectancy.

When 1t is deslired to compare two catalog bearing ratings
using different 1life bases the values of one must be corrected
before a comparison is made with the other.

Methods of calculating bearing capacity found in engineer-
ing literature are presented and applied on a number of ball
and roller bearings of gpproximastely the same size. The re-
sults of these comparative calculations show a great variation
from the manufacturers' ratings. The manufacturers' ratines
Are also compared and found to vary greatly. Due to the know-
ledge of the resction of the materlal to stress, and to exper-
ience acquired by practical emperiments, bearing manufacturers
have developed formulae which represent a relation between
load rating and life. However, a life formula can be gpplied
only to a certsin definite type manufaectured from certain de-
finite materigls and with a definite degree of accuracy; there-
fore, no formula can be prepared which cen be universally

applied to bearings of different materiesl and different man-

ufacture.
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PART I
INTRODUCTION




THE RADIAL LOAD RATING OF ANTI-FRICTION BEARINGS

BART I

INTRODUCTION

During the last few years consumers of ball and roller
bearings have been particularly interested in obtaining
information which would permit them to compare the carrying
capacity of the bearings of one manufacturer with those
manufactured by another concern. A formula which could be
universally applied to bearings of different types and of
different manufasture would be welcomed by their users.

It is the purpose of this paper to give a better
understanding of the radial loading eapacity of anti-
friction bearings and to show why such a universal formula
cannot be prepared,

In order to get a better understanding of how the
ratings of ball and roller bearings are prepared, methods
that have been and are used are presented together with
comparative calculations which show a wide divergence from
the mnufacturer's ratings. The influence of design and
materials is also considered.

Requests were sent to several manufacturers of ball
and roller bearings for information on methods used for
obta ining the radial load ratings of their bearings. These
requests were not granted, with the explanation that this
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typre of information could not be divulged. Consequently,
the information presented was gathered from manufacturer's
catalogs, engineering literature, anmd handbooks as given

in the bibliography.




PART II
EARLY INVESTIGATIONS BY HERTZ AND STRIBECK

In 1898 Professor R. Stribeck began an investigation
of (3)* the principles of ball bearing design. The re-
search undertaken by him was based on the mathematical
treatment of the behavior of bodies in contact as studied
by Heinrich Hertz.

The problem was to determine, for the ball bearing
elements, what relation existed between ball diameter,
shape of surfaces in contact, and load, in terms of the
resulting temporary end permanent deformation., Hertz made
the following assumptions to simplify mathematical treat-
ment:

1. That the force between the bodies in contact

is normal at the contact surface ani that
neither body exerts a tangential force on
the other,

2. That the bodies are elastic.

. That they are homogeneous.

4., That they are at rest relative to each other.

5. That the elastic limit is not exceeded.

The primeary conclusions arrived at were the following

formulae which deal with the case of two spheres in

*Numbers in brackets refer to bibliography.
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contact: (10)
1. 4/2 = 1.28 {| PRz, + 1,)/ny7,

B a= 1.11\§P’ =3y 2o fr + 3

3. P, = 0,388 \ilgz(rl + z-‘,?/::-lrg)“3

where d4/2 is the compression, that is, the di stance by
which the two spheres approach each other under load P,
ry and ry are the radii of the two spheres, xis the elas-
tieity coefficient and is egqual to 1/2,120,000 (this is
equivelent to a modulus of elesticity of 30,000,000
1b/sq in), & is the radius of the pressure area, and Py
is the maximum pressure which acts at the center of the
pressure ares.

Figure 1 shows the results of Stribeck's experiments
and also shows the application of Hertz's equations using
bells of 5/8 ineh diaméter. The total spproach measured
between centers of the outside balls is d, and halfof
this is the approach of the two spheres. This figure also
shows the temporary snd permenent deformations in & 5/8 |
ineh dismeter ball, and it is seen that the elastic prop=-
erty of the steel is evident under comparatively smeall
loads. It was revealed that minute permenent sets were
registered at the ball surfaces for quite small loads, and
from an enalysis of the circumstaces it gp peared that this

deformation displayed its maximum effect for a mean com-
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pressive stress between the surfaces of about 160,000
pounds per square inch.

Stribeck anticipated that there was & econstant re-
lation between ball diameter and load, and assumed
P= sz. It also seemed feasible that there was a econ-
stant relation between permanent set and the ball diameter.
The series of ocurves shown in Figures 2 and 3 were used in
the investigation of these agsumptions. Figure 2 is &
gseries of curves showing the relation between load and
permanent compression for bells of di fferent diameters
under Condition I in Figure 1. He accordingly took, say,
& ball of 5/8 inch diameter and dividing the permsment
set, d;, under various loadings by this di amter, obtained
a curve typified by the expression dp/d = 0.00025. Since
dp is the permanent set fr the system shown in I Figure
1, the permenent set for ome ball is d,/4 = 0.0000625 d.

In order to get the loads whiech for various bell
diameters cause the permanent sets d, = 0.000256 4, a
diagonal db/d = 0.00025 was drawn through the eurves in
Figure 2. The abscisse of each intersection gives a diam-
eter. The corresponding load is read at the curve inter-
gected. The squares of these diameters and the curves
corresponding to them are plotted in Figure 3 and a
fairly straight line passing through the origin is obtained,
for since d,/d = 0.00025 it is true thet P = kD°. Taking
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numerical values found we get from Figure 2:
P in Kg. 200 300 400 500 600 700
%hégegﬁ}es 0,60 0.74 0,869 0966 1.056 1.126

P/a® 556 547 530 536 545 553

Figure 3 also shows curves for higher values of db/d.
It can be seen that the smaller d4,/d, the less the curves
deviate from straight lines starting from the origin, that
is to say, the nearer we get to the elastic limit. The
conclusions reached were:

1. That 4,/d is & constant within the limits of
proportionality.

2. That when the elesstic limit is approached, the
loads are proportional to the square of the
diameters.

3. That the resultant compressions are the same
for any ball diameter.

A certain similarity to the usual stress-strain laws
in strength of materials are suggested in these conclusions,
but the elastic limit is not pronounced &s a characterise
tic point in the curve. There is nothing to indicate when
the elastic limit has been reached when two spheres are
compressed, since as the limit is reached for one partiecle,
the surface under pressure is enlarged, and more particles
come under stress.

It is seen in Pigure 1 that the fom of the ball
support is of great importence (12). Hertz showed that for
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the same average stress in the contact area, & ball rest-
ing upon & flat plate will support four times the load
that it will when resting between two other balls of the
same diameter. If,in the place of the two balls there
are substituted plates with grooves having radii of curva-
ture equal to twice the ball diameter, the carrying capac-
ity will be increased six@een fold.

The re fore, in order to lessen the stresses in the
contact areas the curvatures of the raceways should be
accurately econtrolled to closely confine the ball,

The relation between the ecurvature of the raceway
and the ball is called "conformity"™, and from what has
been said, it is evident that this factor has a very
greai: influence upon the performance of the bearing and
upon the formulse used to ecompute the capacity.

In the early days of the ball bearing it was feared
that race grooves made with a radii less than two-thirds
of the diameter of the ball would produce contaect
ellipses with too great a major axis, causing slip and
loss of efficiency. Better materials, metallurgy, and
methods of menufagcture have permitted bearing mekers to
use much closer conformity without loss of efficiency and
materially reducing the deformation, and thereby, the
molecular work. In cases where a shaft is required to

flex under load, more open curvature is needed to prevent
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the bearing from becoming too rigid.

On a basis of the rated capacity at & certain speed,
the load (5) opersting on the most heavily loaded ball
during rotation is about 1000 1lbs. in a normal single row
bearing of 45 mm bore with 5/8 inch diameter bells. In
epplying the above formula to a design of normal race
track gives 0,00192 in, as the approach of the two races,
and the actual permanent set per ball surface is approxi-
mately 0.00003 in. This shows the difficulty in fixing
& permissable temporary or permanent deformation with
reference to capacity.

To show the actual stresses that occur in ball bear-
ings they have been calculated (5) for two cases of single
row and self-aligning stendard ball bearings 50 x 110 x
27 mm. The single row bearing had thirteen 11/16 in.
balls, and the self-2ligning type had 26 9/16 in. balls.
The applied load was 500 kg., and the pressure areas and
nomal stresses as calculated from the above formulae

gave the following:

Outer ring of self- Ball pressure 96 kg.
aligning bearing Pressure area 0.732 TN x ,372 Em
Max. normal stress 330 kg./mm
(210 tons per sq. in.)
Immer ring of self=- Ball pressure 96 kge.
aligning bearing Pregsure area 1.2267 x .188 Em

lMax. normal stress 200 kg./mm
(127 tons per sq. in.)
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Outer ring of single Ball pressure 192 kg.
row bearing Pressure area 1,556 17T x ,318 g
Max. normal stress 186 kg./mm

(118 tons per sq. in.)

2

Inner ring of single Ball pressure 192 kg. 2
row bearing Pressure area 2.056 1M x .216 g
Max. normal stress 207 kg./mm

(131 tons per sq. in.)

It can be seen from the above figures that the stresses
in the ordinary ball bearing in service are considerably
above the elastic limit, and Stribeck found it necessary to
determine capacity by some more or less arbitrary method.

In this connection he was assisted by a consideration of
the behavior of the material with regard to deformation,
as illustrated in Figure 4, which indicated that for

K = 10 Kg. per 1/8 in. ball diameter, the slope of the
curve representing d,/d had attained its maximum value.
Therefore this value for k was taken as the maximum allow-
able load for each 1/8 in. ball diameter and was esalled
the specific load.

Pagsing to the application of these static tests to
the completed bearing, it is necessary to add geometri-
cally the various foreces acting to determine the number
of balls which might be assumed to operate during rota=-
tion of the race. Pure radial load, applied to a ball
bearing is not evenly distributed on all the balls (12).

Let us assume that such & load is applied vertically to

the outer ring and that the position of the balls is as
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shown in Figure 5. The topmost ball "O" will then be
under the heaviest load, and the two adjoining it, one on
each side, "1", will carry somewhat less but equal amounts.
The next pair "2" will be equally loaded, but to & still
lesser amount. Under this load, therefore, because of the
deformation in the balls and races at the contaet points,
the outer race will move dommward a small distance so that
all the balls in the lower half of the bearing are re=-
lieved of load.

If we call P the total load applied to the row of
balls, 4 the vertical approach between inner and outer
races, then
P=P +2 Picosax + 2Py 008 82X + seeeesee + 2 P cO8 nx
where n is less than one-fourth the total number of balls,
and o the angle between the balls.

Therefore n o is less than 90 degrees. The approach
d, corresponds to the ball load Po, d, to the load P,
ete. Then, dl =4, cosc, dp = do cos 2<c, etce.

As was shown in Figure 1, Hertz and Stribeck agreed
that the total compression 4, varies as P"f « Conversely,

Po varies &as d:‘ o Phus

But d, = do cose, and d, = cos 2%, ete.

Then by substitution and simplification,
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P. =P T T et T "
1 o ©08%x and By o 08  2e, eta.
and

%

P=20(1+2c03¢+2308 %

%

R § sevncored cos nOC)
If N is the number of balls in a complete bearing
we have

=10 15 20
<= 36 deg. 24 deg. 18 deg.

P {-’- 2,28 3.44 4.58
Pol= x N N
438 1.3 1.327
Po + 2 1’1 * o00 8 Pn B 185 2 l.88.7 1817
The sum of the individual loads is almost invariable
and the values of P/P, are almost exaotly equal to N/4,37.
Therefore, for N = from 10 to 20 balls the largest load
per ball is P = 4.37 P/N for bearings without any play,.
Usually there is slight play in a besring and the value
taken is P, = 5 P/N or P = N P_/5.
Since P, = k D‘?', where k is the specific load per
1/8 inech ball diameter, end D is the ball diameter in
eighths of an inch, the total carrying capaecity of the
bearing may be expressed as P = k N D2/5. Tests carried
out with complete bearings under load to failure seemed to
confirm the value of 10 Kg. for the specifie load as
already selected for k.
The above (12) equation furnished a simple basis of

comparison for bearings of di fferent sizes but of the same
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transverse sectional characteristics and meterial. How=
ever, in extending this formula from one size of bearing
to another, no rational faetor was introduced which com-
pensated for changes in the curvatures in the central
plane normal to the axis of the bearing. These variations
greatly affect the shapes of the contact areas and there-
fore, influence the intensity of the contact stress, al-
though the computed maximum 2l lowable ball load is not
exceeded.

The development of a rational bearing capaeity rating
must include a more comprehensive analysis of all the
factors entering into the shape of the contact areas so

that the average unit stress

Po o ball load
a contact area

5w

is held within a safe value. In doing that, the rationsal
expression for static capacity should read:
P = kOND?/5,

where C is the conformity factor, & function of the curva-
ture of the ball relative to both the transverse curvature
and the curvature in the plane normal to the axis of the
bearing.

For a safe load during running conditions t he formula
must include some factor based upon the endurance of the
bearing under high stress slowly repeated or under low

stress rapidly repeated. Regardless of the speed at which
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the bearing is running the rated load should be such that
the life of the bearing will be t he same.




PART III
INVESTIGATIONS FOR RUNNING CAPACITY.FATIGUE.
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PART III
INVESTIGATIONS FOR RUNNING CAPACITY, FATIGUE.

1. GOODMAN'S METHOD. Professor John Goodman (5)
carried on research to develop specific loads K to cover
ball diameter and elso speed. The results of his in-

vestigations are given in the formula:
p= kma’
nD + cd
VWhere D = ingide diameter of the outer ball race in inches

m = number of balls in the bearing
d = ball diamter in inches
n = revolutions per minute of the sha ft
k and o have the following values for radial bearings:

k e
Flat (i.e. not grooved) races 1,000,000 2,000

Hollow races of ordinary quality 2,000,000 2,000
Hollow races of best quality 2,500,000 2,000
If this formula is rewritten i% the fom

d
it ecan be seen that the numerator is the same as Stribeck's

formula, tat D/4 takes care of the relative speed of the
balls and the ball race, and that ¢ takes care of the
gstatic capacity.

The ball bearing manufacturer developed tables of
constants for the factor k, and the early rated capacities

were strietly based on these figures. Increasing ex=-
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perience modified the coefficients, however, and today a
greater degree of arbitrariness is present. The load
capacities arrived at had not any reference to the fatigue
phenomenon in the material, and from what is to follow,
it will be understood that the capacity depends upon the

material and workmanghip, &8s well as upon design.

2, PALMGREN'S INVESTIGATION, When & ball bearing at

rest has a load applied to it deformation will take place
in the balls and races and the points within the contact
areas, a8 has peen shown, will be prineipally under com=
pressive stress. Beyond the confimes of t he contact

areas the stress will be largely tensile since the surface
metal surrounding these areas will be in pure tension.

Therefore when & bearing is put in motion and the
balls roll in the races, each point which they pass is
fi rst under tension, then compression, followed by tension
again,

The magnitude of the oompressive stresses would vary
depending upon the position of the balls in t he loaded
zone and the maximum values wuld be reached only mce
per revolution,

The useful life of a bearing is normally limited only
by the length of time the races and balls will resist
fatigue due to this cycle of stresses. If the load, which
determines the intensity of t he stress, is ei ther reduced
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or increased, the fatigue life of a bearing will also be
reduced or increased according to t he change in stress.

It might be anticipated that the ball would be the
weakest elemsnt, but this is not the case. During rmta-
tion, the balls in any design experience & certain amount
of spin and the stress is consequently not imposed con=-
tinuously at the same point, as occurs in the ball races.
Experience indicates that in the single row type the inner
race is usually the first member to fail. In the case of
the self-aligning type it is the stationary race which
fails first.

In 1923 A. Palmgren conduncted tests on bearings in
order to rationalize their capacity on the basis of the
fatigue phenomenon in running.

As was stated previously, the findamental velues for
the specific load k were developed by the bearing manufac-
turers and these took into account in a primary manner the
variation in beall diameter and speeds In order to connect
the specific load wi th the number of stresses it was
necessary to introduce another factor which is called the
"jdeal specific load" K;+ The specific load k determined
é.n arbitrary cepacity for the bearing from a consideration
of material, deformation, ete., while K; modifies this
figure when & certain determined 1ife is to be obtained.

Palmgren made tests on about 300 bearings varying
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between light types of 15 mm bore to heavy types up to
175 mm bore, with & speed range from 300 up to 3000 rpm.
The inner ring was the mtating el ement for all the
Journal bearing tests, which combined all types of load
from pure radial to pure thrust.

Palmgren's analysis as related by A. W. Macaulay (5)
follows:

"Double row self-aligning ball bearing.

Number of stresses on stationary race. ---- If a2 isg
the number of stresses to vhich a point on the s tatiomary
race is subjected during one revolution of the rotating
race, and

ry = the radius to the point of econtact between
ball and mter ring

r; = the radius to the point of contact between
ball and inner ring

N = the number of balls in t he complete bearing.

Then Number of s tresses par revolution
N
a
- e ry/ri for statiomary oauter race (1)
N
a £ 2
" et ri/ry or stationary inner race (2)

the stress reaching its maximum twice as each ball passes
the point. The stress under cmsideration is not the
simple compression stress at t he centre of t he contact

surface, but the severe flexure stress at the edges. If
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the shaft has made n millions of revolut ions, then the
number of stresses to vhich the point on the ring has been
subjected will be a.n millions.

Radial load. The connection between the various
factors represented by these fatigue tests may be expressed
in the following formulae ===== g
(millions of stresses) a.n 8%)- 5 (3)
while conversely the "ideal specific loszd" is

154 __ . 4.4/(1/8 1n.)%
a.n + 5

=3

This implies thet for K; = 4.4 per (1/8 in.)? the life of
the bearing is infinite, thereby indicating the fatigue
limit., It is impossible to determine this limit accurately
as the curve within the entire range covering these tests
is & declining one. The greatest number of stresses
covered by the tests was actually 6,700 million.

The relation between the speecific load and the "ideal
specific load" is
K, = K(1 + 0.0001 v) (1 + 0,007 %) 1b per (1/8 in.)® (5)
where v is the number of rewvolutions per minute,

D is the ball diemeter in 1/8 in. units.

In Figure 6 is illustrated the experimental values for
the number of stresses in millions obtained during the tests
on spherical ball bearings. A line drawn through these has
been so fixed that only 13.6 per cent came beneath it, and

a conservative attitude has been adopted.
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Life of Bearings. It will be appreciated that the
bearings in many cases will give considerably longer life
than indicated by the formmlae, but {1t i s necessary to
cover not only the slight inequalities in manufacture
which are constantly the subject of scrutiny, but also to
cover the irregularities in loading present in many gp-
plications, these irregularities not being always amenable
to calculation.

Considering the most common case of a rotating inner
ring, the application of formula (1) and (3) give approxi-
mtely a life of 1000 haurs continuous running with the
radial load as given in the rated capacity table, steadily
applied. The corresponding life for an overload of 100
per cent is approximately 100 hours, and for the case
where the 1oad is half the value given as the rated capac-
ity, the resultant life is about 10,000 hours.

The proportionate life for full load and half load
suggests a cubic law, the resulting life varying inversely
a8 the cube of the load variation, but this law does not
hold with rigour vhere the running is intermittent.

A consideration of formula (2) shows that the number
of stresses operating on the inner race, vhere the mter
race is rotating, as in a front hub, is considerably
greater, and the life correspondingly reduced. This re-
duction is approximately 30 per cent, which indicates that
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in order to obtain the same basic life of about 1,000 hours,
& factor of 1.125 over the rated capacity shonld be adopted.
The other relations as to proportimal ity follow on as
before.

Application of Formulae. It is seen that for the
general case a factor of about 2.5 indicates a life of, say,
24,000 hours, corresponding t o 10 years operation under
usual factory conditions of 8 hours per day for 300 days
per year. As a matter of fact, the bearing will probably
not be under load &ll the time, and there is little doubt
that the factor of 2 will be sufficient to give 10 years
gservice., The following figures provide the comparison
between the loads at di fferent speeds obtained in this way,
and the loads according t o the formula for the life for a
standard double row self-aligning ball bearing, 30 mm bore
X 72 mn outside diameter x 19 mm width.
rpm 10 25 50 100 250 550 1000 2500 5000
according to
rated capacity
with F.5.=2,1b 880 847 803 741 660 594 517 407 286

according to
life formula,lb 1760 1364 1122 924 726 594 495 363 264

This reveals the fact that a decidedly higher load can
be permitted at-1low speeds, while in the higher speed range
the two wlues are in fair agreement.

Single row radial bearings. The corresponding data

for single row journal bearings would appear to be covered
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in the following memner ---—

N
2 & 1131[1“? For s tationary outer race (6)
2 Ny
as= For stationary inner race (7)
1+ ri/ry

4= pnumber of stresses at a point on inner race in both
oaées, where N; = the number of balls.
For single row bearings without £illing slot

aen .(I-{I_%})a -5 (8)

2
K, = -za—-“-\/z;;_: + 8.8 1b per (1/8 in.) (9)
K, = K (1 +0,0001 v) (1 + 0,007 D%) (10)

For single row bearings with filling slot.

a.n -(—Ki—l-%*-s-.-az -5 (11)

198 2

Ky = —p="=—== + 6.6 per (1/8 in.) (12)
i \/aon + 5 /

K, = K (1 +0.0001 v) (1 + 0.007 D%) (13)

The application of these formulae shows the resulting
life on the basis of the rated capacities is approximately
the same ags for the self-aligning type, although in certain
cases the rated cepacity for the single row bearing ecould
be slightly increased.”

3. S. R. TREVES METHOD. 1In 1926 S. R. Treves (11)

presented an article the object of which was to investi-
gate the problem of the speed of the balls in a ball

bearing and to obtain expressions for the relation between
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this speed and the eapacity factor K of Stribeck's equation
for bearings of various types, including roller bearings.

Of particular importance are his equations which ex-
press very simply the circumferential speed of the balls
or rollers around their centers, on which depends the
coefficient of resistance k. These equations are as
follows:

V= 0.0626 n r for rotating inner ring

V =0.0525 n R for rotating outer ring
vihere V = the circumferential speed in meters per secand,
n = revolutions per minute, and r and R the radii in mm
of the rolling circle of the inner and amter ring respec-
tively.

The vealues of the coefficient k as a function of the
circumferential speed V (expressed in meters per second)
of the balls or rollers around their own axis are given
below. These velues are based on practical and experi-
mental data of several foreign msnufecturers of anti-
friction bearings.

When the diameter of the rolling elements exceeds a
certain value resulting in lack of uniformity in the
structure and mrdness, the increase of the stress due to

the centrifugal force of the balls or rollers camnot be

neglected. Therefore, the values apply to the limiting

diameters given (6).
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V, meters per sec.

26 1 8.8 % 6 8. 7 8 30 28 3¢. 08
E 18¢2 13.3 10¢4 8e3 7 9 5 446 3.6 2.6 1.8 1.3 1.0
Limiting di ameter, mm

50 43 37 %3 292624 20 16 13 11 10

For the value thus obtained for the coe ffieient k by
use of the following table ecovering di fferent types and
shapes of bearings, we can determine the coefficient K of
Striveck's equation:

p=0.02K 3 a2 for ball bearings, and

p=0.02K 241 for roller bearings
where p is the permissible load in kilograms, z is the
number of the balls or rollers, d their diameter, and 1
the length of the rollers in mm,

It will Dbe noticed that the value of the constant in
the above formulae is mt the same as was originelly
developed due to the fact that the diameters are to be
given in mm instead of in 1/8 inch units.

Single row ball bearing, concave surface K=k

Single row ball bearings, cylindrical surfacekK = 0.4k

Single row ball bearing, comvex surface K = 0.1k

Double row ball bearing, conecave surface X = 0.66k

Double row ball bearing, ecylindrical surface K = 0.27k

Double row ball bearing, convex surface K= 0,10k

Roller bearing K= 1,5k
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4, MUNDT ROLLER BEARING METHOD. The following method

(8) of ecalenlating the "specific wear" of a roller bearing
is given by Von Dr.-Ing; Robert Mundt, Berlin in his paper
Uber die Tragfihigkeit von Zylinderrollenlagern which
appeared in the May 21, 1931 issue of Maschinenbau. It will
be seen that the "specific wear" is directly proportionsl
to the bearing material and inversely proportional to the
life in work hours. The translation is as follows:

The formuls for fatigue. Specific loading.

When cylindrical bodies contact each other pressure
gtreing will be found in the middle of the cantact area,
and tension strains at the edges of the contact area. It
is unknown which strain or vhat combined stresses cause the
greatest wear for t he mterial, But in amy case the ex-
periments of Stribeck have shown that within the range of
stresses which are used in roller bearings the speecific
loading can be considered as a measure of these pressures
and tensions.

Q = the loading of the bearing in Kg.
d = diameter of the rollers in mm

L = length of the roller in mm

4y = number of rollers.

Specific loading k = —75—3-5— Kg/mmz.

w

The most worn part of & bearing is the race, as the

stresses there are the greatest. When moving one spot of
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the race on a loaded side a change between pressure and
stress takes place. The destruction of a running bearing
is, therefore, due to the Matigue of the material,

Gereral fatigue experiments with bar-iron and also
bearings showed accordantly that there is & relation between
the stress, thet is, the specific loadings and t he number
of eaycles of loading. Drawn in the logarithmic coordinate
system this relation shows a straight line so that the

fatigue is
log k¥ = log C' -1/m log %
L
k =0'/z"
wihe re C' = bearing and material constant

Z = pnumber of allowable ¢ycles in
millions
m = material constent determined by
the fatigue experiment = 10/3
By substituting k as given in formula 1 and with m =
10/3 we find the allowable loading of roller bearing by

q =g fl .

Let ¢'/5 =0
c d L
Q@ = ——z'—g— .
Z° Xe
When the constant C is known the allowable loading for
a certain number of oyeles can be found.
Number of cycles. In & single case it is complicated

to ealculate the number of cyoles. Usually the life is

determined in number of revolutions.
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If ¢ = number of gycles per revolution
N =1ife in a million revolutions
Then Z = oN and
CZ2, dL
Q = —H—— 2
(oN)+3 "

The determination of ¢ depends on what race has the
greatest wear, In most cases of practical machines the
inner ring is rotating anmd gets the great est wear. The
number of cycles ¢ can be determined by the formule:

(for rotating inner ring)

d
PP TN TR
da-i-d.i

dg = diamter of race of onter ring in mm
d; = diameter of race of inner ring in mm.
If n is the number of rpm of the sha ft the life B in

work hours is

6
R

s Q=¢ 108 2, a /(60 c n)*® 3% &g,

Herewi th, the loading capacity of a roller bearing is
given as a funetion of the 1ife in work hours. For the
caleulation of capacity it is, therefore, necessary to
gstete t hese capacities in dependance on t he speed and hours
of life.

As a measure of the wear that practically takes place

we may call k the specific wear.
k = Q (60c n)*3/10182, a L where k = 0/8*®
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PART IV
MODERN INVESTIGATIONS

l. GENERAL. In the last few years very extensive
laboratory tests (12) have been conducted on ball and
roller bearings to determine the relation between load and
lifes It can readily be seen that the capacity of an
anti-friction bearing is meaningless unless combined with
a time ector, since it s been definitely established
that ultimete Mmilure is due to fatigue. The point when
flaking begins in the rolling elements or raceways as
determined by & noise test is usnally considered as the
end of the useful life of a bearing. Increasing the load
will make flaking appear sooner since it is caused by the
intensi ty and number of stress cycles to which the elements
of the bearing have been subjected. The number of stress
cycles is constant for a given bearing during me revolu=-
tion. Therefore, the life of a bearing under a certain
load may be expressed in number of revolutions. The
accumulated test results show that, within certain limits,
the life of a bearing is independent of the speed when
measured in number of revolutions,

The test results show tlet there is a2 definite Mm@~
lationship between the magnitude of the load and the number
of revolutions that the bearing will run until fatigue

failure occurs. This relation is, the number of revolu-
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tions is inversely proportiomal to the bearing load raised
to the ten-thirds power. This equation may be used to
graphicelly express the life curve of a bearing.

If we draw this curve of the relation between the
number of revolutions and the load or specific losd on a
bear ing in the logarithmic coordinate system a straight
line will (8) result,the equation of which is log k =
log C'-1/m log N where k is the specific load, C' is a
bearing and material constant, ¥ is the number of revolu-
tions in millions, and m is & constant which hes been
determined from fatigue experiments to be 10/3. This

1
equation may be rewritten in the form k = C'/N /% or

k=0 ¥%%, mhis is now in the form given in the pre-
ceeding paragraph.

The results of tests (9) on ball bearings to determine
the variation of the average life with varying load are
plotted on a logarithmic graph in Pigure 7. PFor a decrease
in load to 50 per cent the life i s increased 10 times.

The slope of this line for average failures has been
found (9) to be practicslly the same for other types of
anti-friction bearings. Parallel lines can be plotted which
represent various percentages of failure. The slope of the
curve is constant for any bearing, but its position will
depend on the type of bearing, its material, conformity,

and looseness. For similar bearings the quality of the
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material is of greatest importance.

2, THE DISPERSION OF LIFE. The results of a great

number of laboratory tests (12) on bearings show that a
certain dispersion or spread of 1life exists. Even in cases
where the same life should be expected, that is, where a
number of bearings o f the same type and size, of identical
conditions of heat treatment, material , and memnufacture
were tested under identical conditions, there appeared &
wide range of life for t he groups of bearings. The
reason for this is hard to explain, but it is possible to
ascertain that where & grow of 30 or more bearings are
subjected to identical load and speed, the average life
of these bearings can be determined with a comsistant
degree of accuracy, Such a dispersion eurve is shown in
Figure 8. It bas also been found that there is a definite
rela tionship between the lives of the first bearings that
show fatigue and the average life of the whole group of
tested bearings.

3., DEFINITION OF BEARING CAPACITY. Due to the fet

that there is such & large spread of life or dispersion in
bearings operating under the same conditions, the necessity
for selecting some point on the curve which will serve as
a basis for arriving at an &l lowable load or bearing
capacity can be seen.

Figure 8 shows no camcentration of values around the
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average value. Therefore, average life should not be used
for bearing selection., It is better to take into acecount
the probability of early failures. PFrom a technical and
economical standpoint it has been faund tat, as a basis
for the selection of a bearing o f adequate capacity, t hey
should be selected so that 90 per cent of the bearings will
exceed a certaln life, or in other words, tlat there will
not be more than 10 per cent failures. That life is
located on the curve at about 1/6 of the value of the
average life or at the 20 per cent point on the curve.

No definition of gcarrying ecapacity can be established
unless some agreement has been reached as to which point
on the dispersion curve has been chosen as the basis.

So far bearing life has been expressed in number of
revolutions, but load carrying cepacity may also be re-
ferred to number of hours at & given speed. Then, if the
life is fixed at a certain number of hours the life curve
may be plotted sgainet di fferent speeds. This is the
usual method of expressing bearing ratings. Thus, if a
manufacturer rates his bearings on the basis of 500 hours
minimum 1life,with not over 10 per cent R ilures,the average
life corresponding to the catalog rating will be 5 x 500 or
2600 hours. The basic rating will then be given for a
certain rpm, say 500, and the load which 90 per cent of all
the bearings will carry drring 500 x 60 x 500 = 15,000,000
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revolutions., If the speed is higher than 500 rpm the
total number of revolutions during 500 hours will be
greater and the rating lower, simce the corresponding point
on the 1ife curve has moved farther down., The opposite
would be true for speeds lower than 500 rpm.

Thus it ean be seen that if a fair comparison of bear-
ing ratings is to be mde consideration must be made of the
point chosen on the life mrve, and what average life
expectancy is used as a basis. This informetion is usually
given by the bearing mamufacturers.

4, CORRECTING T0 A STANDARD BASE. (1) When itis

desired t o compare two catalog bearing ratings using

di fferent life bases the figuwes of one must be corrected
before & comparison is made with the other. The equation
has been given, that: hours of life is inversely pro-
portional to the bearing load raised to the tem-thirds
power., If & curve is constructed mving the equation
Yxlo/z, and vhen X = unity loading assign such a value %o
Y as will correspond to the standard number of hours used
as a basis of bearing ratings by & particular menufacturer,
& curve will be had which may be used to sorrect to amny
base and also to determine the probable life of any bearing
of this meke for which the load has been calculated in a
given machine.

In Figure 9 is shown a series of curves that may be
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used in correcting to another base or calculating the
probable bearing life according to bases in common use by
manufacturers, namely 10,000, 5,000, 3500, 3000, 2500, and
1000 hours of average life. The ordinate of these curves
represent the bearing life in hours and the abscissa re-
presents factor of safety, in other words, if the catalog
rating is based on 5000 hours average 1life the curve at
85000 hours of life will cross the abscissa at a faetor of
safety of one, This axis might also be ealled the ratio
of catalog rating to bearing losd.

From these ecurves it is seen by reading horizontally
that the rating at 2500 hours is 1l.25 times the ratingat
5000 hours, or reading in the opposite direction,that the
5000 hour rating is equal to .80 times the 2500 hour rating.

The curves of Figure 9 may also be used in designing
& machine that requires bearings made by different manu-
facturers using di fferent basic load-life ratings. Let us
assume, for an example, that & machine requi res three types
of bearings, #1, #2, and #3 which will fulfill the service
requirements for three different parts of the machine.
These bearings, being manufaotured by di fferent concerns,
have different basic ratings, namely, 5000, 3000, and 1500
hours.

The design 1life of the mchine i8, sgy, 80,000 hours.

A horizontsl line through 20,000 hours intercepts the curves
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under consideration s that bearing #1 will require &
factor of safety of 1.5, #2 a Mctor of safety of 1,75,
and #3 a factor of safety of 2.2.

Ther efore, to select the correct size of bearing from
each of the three catalogs for #1, #2, and #3 80 as to give
them all an average service life of 20,000 hours, the load
that has been calculated for each bearing must be multi-
plied by the corresponding factor of safety and then a
gelection is mede of the bearing of the nearest size to
correspond with this product.

By using the foregoing method the results will be as
nearly correct as it is possible to caleulate, and on a
comparative bagsis the designer is at least dealing equita-
bly with t he competitive phases of the problem.

5. MODIFICATION FACTORS (12). The operating condi-

tions for establishing t he basic ratings must be more or
less ideal. Loads are uniformly end econstantly applied,
the speed is constant, and the lubrication is controlled to
standard test comditions. These operating conditions are
necessary if the results are to show eny degree of uni-
formity in the laboratory on which the life expectancy and
load rating is based. These conditions are nmot met in
actual practice, therefore, certain modification factors
are applied to the basic catalog ratings to take care of

the type of application, shock or steady load, continuous
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or interrupted running, speeds different from basic speed,
etec, These factors will not be discussed here, since
bearing catalogs take this mtter up in & very clear and
understandable manmer, and t hey do not enter into the basie

ratings in any manner.

6. MODERN METHODS USED IN RATING DETERMINATION. (12)

After the bearing menufacturer has decided on the 1life
value which will be used in arriving at carrying capscity,
it is necessary to determine the magnitude of the carrying
capacity, As was said before, to determine the life of a
single bearing under one given load. It is necessary to
run, until fatigue failure occurs, several groups of bear-.
ings, using at least 30 bearings in each group so as to
permit the law of averages to become adequately effective.
Before a 1life formula can be written it is necessary to

run groups under various loads and use bearings of di fferemnt
sizes. 1If this procedure were carried out to the fullest
extent, a very large amount of equipment and t ime would be
necessary. It is possible to use experimental data from
one group of tests and apply it to other bearings of similar
design, construction, and material, and arrive at a fairly
close estimate of their life-load characteristics. However,
& life formula can be applied only to & certain definite
type manufactured from certain definite meterials and with
a certain definite degree of accuracy. This formmla will
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be applicable only vhen the finite conditims exist,
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PART ¥
METHODS OF CALCULATING BEARING CAPAGITY

A. ROLLER BEARINGS

1, THE ROLLWAY BEARING COMPANY METHOD (12). From

results of overload tests in the laboratory and in actual
service, the Rollway Bearing Company has found the follow-
ing formula to be very accurate in determining the capacity

of a roller bearing that can be safely anticipated:

30,000 d XL x (n-3
rpm X (B + 3)

Capacity at required rpm =

where 4 is the diameter of the rollers in inches

L is the langthof the rollers in inches

n is the number of rollers in the bearing.
30,000 is & constant derived from tests for rollers that
are about the same length as the diameter, 22,500 is used
ag the cmstant when the length is twice the diameter or
more.

From the results of laboratory tests, and records of
bearings in service, it has been found that bearings loaded
to the capacity, as found from the above formula, have an
average life expectancy of 10,000 hours.

2, THE NAVY DEPARTMENT, which uses & large number of

anti-friction bearings uses the following methods:
All roller bearings shall be figured for working capacity
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by the use of the formula=--
P=KXKDILN

For ball bearings the formula shall be

p = J¥D% XN
16

where
P = capacity in pounds
K = factor
D = diameter of roller or ball
L = Length of roller
N = number of rollers or balls
The factor "K" for flat thrust bearings is 7000 for a
life of 3000 héurs, diameters of rollers or balls 3 inches
or more, and speeds of & rpm or less.
The total ecapacity of the bearing for other hours of
life shall be approximatel y--

P, = £
1 Ge
\/ proposed 1ife in hours
3000

whexe

P = capacity rating on basis of 3000 hours

of work

and

Pl = new capacity rating
K shall be taken as 10,000 for rollers or balls of 1/2
inch di ameter, or less, and shall vary uniformly, according
to the diameter of the roller or ball, to the walue of

7000 as given above for rollers or balls 3 inches in diam-
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eter. For balls or rollers more than 3 inches in diameter
the value of K shall be 7,000,

For speeds in excess of 5 rpm reductions shall be
made in capacities of bearings, as determined above, by the
use of the following coefficients:

rpm per cent

50 70
100 60
250 44
500 35

1000 28
2000 23

For radial bearings the distribution shall be taken
as 36 degrees, or on 1/6 of the rollers or balls in the
lower half of the bearing.

No corrections need be made to the above formulae for
tapered roller bearings on account of the taper, as the
usual coefficient is approximately 0.97,

The above information is dated April 10, 1935.

3, MARK'S MECHANICAL ENGINEERS' HANDBOOK, Third Edition
(6) glves the formula:

P = k1nd®/(ND + 2000d), in which N = rpm of the shaft;
D = diameter of the slesve or roller path, in.; and k =
1,200,000 to 2,000,000 for first-class workmanship, hardened
gteel rollers with 1 = 4, running on hardened ground sur-
faces; k = 400,000 for ordinary workmanship and soft steel

rollers mnning on & soft steel shaft.




46
4., THE STANDARD ROLLER BEARING CO. (6) determines load

capacities of roller bearings by the formula P = 130,000
danl/as, in which P = load on bearing, 1b; 4 = diameter of
rollers, in; n = number of rollers; 1 = length of each
roller, in; and s = ¢l rcumferential speed of each roller,
ft per min, In bearings with conical rollers 4 is the
diameter of the roller at its mid-length, The safe load
per inch of length of a solid roller is tsken at 2,000 1b,
with the assumption that one-third the number of rollers
take the whole load on the journal.

5. TREVE'S METHOD (11) is another means of determining
the load which may be placed on a roller bearing. This
method was described in detail and coefficients given in
Part III.

6 Part III also gives MUNDI'S METHOD (8) of calculat=

ing specific wear in a roller bearing, If the material and
bearing constant C is determined experimentally the load
rating of a bearing may be determined by this method also.

B. BALL BEARINGS.

1, STRIBECK'S FORMULA (3) for determining the load

capacity of a ball bearing was given in detail in Part II.
This is recalled to be: P = k N D®/5; where k was deter=
mined to be 10 Kg.; D was the ball diameter in 1/8 in. units;
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and N the number of balls in the bearing.

2. PROFESSOR GOODMAN'S FORMULA (5) was given in Part

IIT as: P=km dz/(n.'D + cd). The constents k and ¢ are
given in Part III also and are seen to vary depending on

the type of ball race and material used.

3, PALMGREN'S AWALYSIS (5) is used frequently in

determining load capacities of ball bearings. The methods
of caleulation and application are given in Part III and
an example for a radial single row bearing is given in Part

VI.
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COMPARATIVE CALCULATIONS




48
PART VI
COMPARATIVE CALCULATIONS

In the preceding section & number of methods of cal-
culating the loading capacity of roller and ball bearings
were given, In order to see how the results of these
various methods compare, calculations were made on & number
of bearings. The results of these calculations are given
in Table I for roller bearings and Table II for ball bear-
ings.

These bearings were selected so as to be as nearly
alike as possible and, therefore, bearings of approximately
the same bore and outside diameter were chosen. These
bearings were also selected, with the mrpose in mind,
of making a comparison of their catalog ratings.

Since the ratings of various manufacturers are based
on di fferent hours of average life all the calculations on
the roller bearings were changed to an average life basis
of 10,000 hours at 100 rpm.

Although the bearing bore and amtside diameter are
approximately the same in all the bearings listed it is
noted that their widths, in the case of the roller bear-
ings, differ considersbly. Therefore, to compare the
ratings on an equitable basis the ratings have been re-
duced to pounds per inch length of roller.

The methods of making the calculations and examples




Comparative Calculations of Roller Bearings.

Table 1

Bearing ¥ake

Hoaring Type
Eearing Nusber

Bore incnes
=
Outside inches
Ulamoter oy
Number of Hollers
Contact Length Inohes
of Rollers ma
Diameter of Incnea
Rollers %
Inner Race Inches
Ulemoter mn
Outer Hace Inches
Dinmetor e

Catalog Rating st
100 R.7.N.,Lbs.

Basic averase L1fe, hours

Catalog Hating on
10,000 hour basis, Lbs,

Rating per inch length of
roller,10,000 hour basis,lus,

Rollway Formule.
10,000 hour besls,Lbn,

Havy Formuls

Fa glfld =3

K of Mundt Formuls

Treves Nethod

’-_LS'_D...'S;%LI'!_
-~

¥, Norma
Hot P
'wo How Jingle
R234¢
1.874 B.00
200 203
16,0386 13,

420 S00
28 24
1,90 0. 878
48.5 2ilet

2,52 1.0
60,0 26.4
10,197  9.578
250 240
14.921 11.578
379 24
<39,000 36,000
2500 10,000
180,000 35,000
64,200 40,000
S 39,600
806,000 82,700
13,300
432,000 852, 000
81,000 13,450
255,000 18,200

o

single
How
L SRERE

8.10
203

16,00

481
12

1.376
S4.0

1.5
58,0

10.04
5

15.04
a2

76,180

10,000
75,180
54,600

76,200
143, 801

27,400

708, 000

28, 200

Norman lorma iyntt
Hoftoan Hoffman Hof tman
Single Single Uingle
ow Row ftow
US2OLL MUSISLL 5-240
ol ot 7.87%
203 203 200
13.7¢ 15.00 15,386
S50 381 340
17 13 24
0,878 1.378 3,60
2.2 54,9 2.5
1.0 1.5 1.37%
20.4 3B.0 S4.9
2,678 10.04 4,245
248 255 236
11.878 13.04 14,00
o4 ss2 304
29,890 63,300 45,100
10,000 14,000 5,000
29,890 63,300 36,800
54,200 46,000 15,700
29,000 62,800 158,000
58,200 98,400 545,000
9,430 18,700
706,000 775,000 189,000
9,600 17,200 76,200
12,900 34,900 141,500

51,000

Jyatt

single
ow
We240

7,874
00

13,586
340

4

5,67
144

L.275
S4.9

#.245
235

12,00
S04

€v,000
6,000

56,000
15,300

286,000
853, 000

182, 000
120,000
282,000

Hyatt Bantam

Single
How
24078

7,274
200

14,178
360

116, 000
48,500

123,800
354,000

708,000
54,300
110, 000

Single
Ao
ALF140

7.974
200

12.598
320

32

«878
22.2

1.90
D

Jouse
2354

11,228
286
54,000
3,000
37,000
44,400

$0,000
168, 000
17,900

890,000
18,000
24,200

Bantam

wingle
Row
BLF140
7.5174
200

12,6vB
520

32

1,876
7.8

1,00

“h.4

.02
204

11, 2e
85
108, 000
3,000
78,000
41,000

107,000
339,000

b4b, 000
38,600

53,000

Bantam

Single
How
ALF240
7,874
200

14.173
60

58,000
54,500

68,500
201,000
24,700

660, 000
24,000
40,000

LHantam

Single
Row
BLF240

7,974

14,178
360

27

2.544
59.6

1.28
31.8

9.975
248

12,273
312
167,000

5,000
116,000

B0, 800

111,000
430,000

615,000
51,600
85,500

oantam

Single
How
ALF540

T.674
200

16,528
420

22

1.5
SB.0

1.76
44.9

10.40
265

18,954
64
113,000

3,000
78,600
54,000

110,000
294,000
41,500

Santam

Single
flow
BLFo40

T.574
200

16,028
420
F24

3,88
A2.6

1.76
4.5

10,456
o8

15,904
S04
226,000

3,000
187,000
49,500

179,000
537,000

540,000 495,000

7,600
87,600

81,5600
190,000

Santam santem
Single 3ingle
Row Row
HECS EhE
.00 8.00
203 203
1.0 15.8
304 43
22 18
3.937 S.937
100,¢ 100,.¢
1.00 1.576
“hed 4.9
9.0 4e5
229 241
11.0 12.25
279 s11
54,100 126,400
3,000 5,000
68,800 87,400
15,260 22,800
146,000 128,500
488,000 486,000
264,000 361,000
55,500 86,000
76,000 103,200

antam Tlmken
iingle ULingle
ow Row
laper Taper
1,875 T.576
200 200
18,6 14,0
7 366
“ “4
1.8 1.76
9l.8 4.0
1,00 1.186
2h.4 28.8
9.187 10.25,
AN 260
11.187 12,6
204 518
58,900 32,800
3,000 15,000
41,000 87,000
53,700 21,150

58,500 89,200
176,000 160,000

20,000 2,000

532,000 ¥08,000
19,500 30,200
27,100 46,000

6%
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TABLE II

COMPARATIVE CALCULATIONS

50

ON BALL BEARINGS

Bearing Make
Bearing Number

Bearing Type

Bore Inches
mm
Outside Inches
Diameter mm
Inner Race Inches
Radius mm
Outer Race Inches
Radius mm

Ball Diameter Inches
mm

Number of Balls

Catalog Rating (radial)
at 100 rpm

Life Basis, avg.hours

Stribeck formula
Goodman Method (100 rpm)

Palmgren
for avg. life, hours

Navy lMethod at 100 rpm
Treve's Method (k = 17)

M.R.c L
322M

Radisl

Fill.
slot

4,33
110

9.448
240

2.663
67.75

4.226
107.2

1-9/16
39.8

12

22,100
3,000

8,250
32,300

8,040
3,000

30, 200
14,100

N.,D. Fafnir
7322 322-W
Radial Radisal
Fill. No
slot slot
4,33 4,33
110 110
9.448 9.448
240 240
2.72
69.10
4,220
107.0
1-+ 1-5/8
38,1 41.25
12 12
19,630 32,470
Not 3,500
stated
7,600 8,950
29,600 35,000
7,700 10,200
3,500 3,000
28,000 32,300
13,100 15,300

Federal
1322M
Rad isl
No
slot

4,33
110

9.448
240

1-%
3841

12

19,520

Not
stated

7,600
29,600

10,230
3,000

28,000
13,100
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of the application of each method of load capacity deter=-
mination are given in detail under Part VII Discussion of

Calculations.




PART VII
DISCUSSION OF CALCULATIONS
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PART VII
DISCUSSION OF CALCULATIONS

Comparative calculations have been made on & number
of roller bearings of spproximately the same bore and
outside diameter. The physieal dimensions of these bear-
ings were ovtained direotlyifrom the manufecturers.

The catalog ratings of these bearings are given in
Table I for 100 rpm and are taken directly from the manu-

facturer's catalog or, in cases where the rating was not

given for 100 rpm, the rating for this speed was calculated

from the rating at the speed given. The bearing catalogs
usually give the rating at some basic speed amd if the
rating at some other speed is desired the rating at the
specified speed must be multiplied or divided by a speed
factor, provided the same life is desired. For example:
The S.K.F. bearing No., 22340 is rated at 140,000 pounds
radial load at 500 rpm. At 100 rpm the rating would be:
140,000 x (500/’.1.00)"5 = 259,000 pounds. In other words,
the lower the speed the higher the rating, or the ratio
of the load rating will be as the speed ratio raised to
the ten-thirds power.

The basis for the catalog ratings in terms of average
life in hours is also given. In order to make these
ratings comparable they have 21l been placed on a 10,000
hour average life basis. This was done with the use of
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Pigure 9. For example: The Bantem bearing No., ALF140 is
rated at 54,000 pounds at 100 rpm on a basis of 3000 hours
average life. From Figure 9 the factor of safety for the
10,000 hour life curve is, of course, 1, and for the
3,000 hour curve the factoar of safety is 1.4. Then 54,000/
l.4 = 37,800 pounds whi ch is the radiel capacity of this
bearing on a 10,000 hour life basis.

It will Dbe seen that a wide divergence exists in the
ratings even on this basis. Perhaps this is because the
bearings are not of the same length. To eliminate this
factor the ratings on a 10,000 hour life basis have been
reduced to the reting per inch length of roller. From an
ingspection of the figures given it will be seen that there
is a great di fference even on this basis. Especially is
this true of the Hyatt S-240 and SW-240 bearings which are
of the wound helix type, and consequently, would differ
materially from the other bearirgs wh ch are of the solid
roller type.

Thug, it is seen from the 2bove calculations that
there is & wide divergence in the menufacturers' ratings
of roller bearings of approximately the same bore and out=-
side diameter. In the msnufacture of these bearings the
same meterisl (2) is not used by 2ll menufacturers and,
consequently, accounts for some of the difference in the

ratings. However, even if the same was used by all manu-
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facturers the divergence in the ratings would still be
great because of the quality of machining and grinding
operations performed. A highly finished bearing can be
rated considerably higher for the same life than & poorly
finished one. Therefore, in considering the rating of a
bearing account must be t aken of the accuracy and quality
of workmenship that goes into that bearing.

A number of formulae were given under Part V, "Methods
of calculating bearing capacity". These Mmve been applied
to the bearings given in Table I in order to see how the
results compare with the load ratings of the manufacturers.

The Rollway Bearing Co. formule is based on overload
laboratory tests and on bearings in actusal service. The
Rollway Co. uses this formula for caleulating the ratings
on their bearings and state that it has been found very
accuwrate in determining the capacity that can be safely
anticipated. It is based on a 10,000 hour life basis. The
results of using this formula on various bearings are
shown in the table. In some cases it compares very favor-
ably with the menufacturers' rating while in others it
varies 300 or 400 per cent. As an example let us teke the
Norme-Ho ffmann bearing No. RLS-26 where n is 24, 4 is

1.00 inch, and L is 0.875 inches.
30,000 x 4 X L x (ne3)

Capacity at required rpm = %
V rpm x (n+3)

1b
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YV 100 x (24+3)
= 20,000 x 1.00 x 0,875 x 21

$/ 2700

= 39,600 1b

The Navy uses the formula P = K D L N for caleculating
the capsacity of roller bearings for a 1ife of 3,000 hours.
The constant K seems to be entirely empirical. The value
of K varies uniformly from 10,000 for rollers of 4 inch
diamter to 7,000 for rollers of 3 inch diame ter. If we
teke, for example, the Norma-Hoffmann bearing No. RLS-26
and caleculate the capacity by this method it will be:

D is 1,00 inch, L is 0.875 inch, N is 24, and K is 9400,
For 100 rpm the ceapacity by the above formulas must be
multiplied by 0.60.

P=KDLUEx .60 = 9400 x 1,00 x 0,875 x 24 x .60 =

118,500 1b. For 10,000 hours 1life
S .o - 118,500
\? 10,000/3,000
This value is over 100 per cent more than the manu=-

= §2,700 1b

facturers' rating at 10,000 hours life.

The results in Table I were obtained by using the
ménufacturers' rating in the formmla. By noting the re-
sults obtained by this method of celculating capacity,
it can be seen that they are not reasonable.

The formula P = (klnd®)/(ND + 20004), which is ob=-
tained from Mark's Mechanical Engineers' Hendbook, is to
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be used where the roller length 1 is approximately equal
to the diameter 4, in which case K = 2,000,000, D is the
outer race diameter. Only a few of the bearings listed
have a roller length approximetely equal to the diameter.
Therefore, this formula is applicable on only & few of the
bearings listed. The results in the few cases where it
was used are very low compared to the manufacturers'

ratings. 1
«8
In the Mundt formula Q = ,O__x_&___%._%_l_. Kg. where
(60 ¢ n)*“B*

C is & bearing and materisl constent, B is the 1ife in
work hours, %, is the number of rollers, d is the diameter
in mm, L the length in mm, ¢ the number of cycles per

revolution, and n the rpm of the shaft. Mundt cells C/B*®
Q (60 ¢ n)*3
10°°° 8, & 3

the specific wear, K. Then -B-gz- = K=

¢ is given as .17 Zy dy/(dg + 4;) for rotating inner ring,
as explained previously, then

4
o 8 (60 x 27 By THT x 100) °3

1.8
107 4y 4 B

In this formula Q is in Kg. and 4 and L are in mm.
Changing Q to pounds and d end L to inches and simplifying

we get: s
- 180 Q (a,/a +a,)"

o7
Zw d L

K

Since the ratings of the bearings listed in Table I
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are all given for 10,000 hours life and the dimensions
are also given we can calculate K for all the bearings
and make & comparison. It is seen from the results that
tlere is a great di fference in the values obtained between
the bearings on this basis also.

Treves' method, which was also given previously, is
used in the caloulations. Since the calenlations are for
100 rpm and the bearing dimensions are nearly the same,
the value of k is practically t he same for all bearings
listed and is teken as 156. The constants nsed. in the
formule are based on the actual experience of some foreign
manufacturers, but it is seen that the results d not
agree at all with the ratings of the manufacturers of the
bearings listed.

The Steandard Roller Bearing formula given in Mark's
Handbook, P = (130,000 n 1 4%)/3 8 is also used in the
‘ca.lculations. According to "Elements of Machine Design"
by Hoffman and Seipio (4), in their disoussim of this
formula take S, which is the circumferential speed of the
rollers about their centers in feet per minute, as 50
when it figures 50 or less. Since this is the case with
all the bearings listed in the table the wvalue of 50 is
usede The results are seen to vary greatly from the cata-
log ratings when using this formula.

In the comparative calculations of ball bearings of
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the radial type given in Table II it is rather difficult
to meke a ¢ omprehensive comperison since the life basis
is not given in meny of the catalogs. The bearings listed
are given in catalogs as interchangeable bearings; however,
it is seen that there is quite a wide range of capaecity
e@lthough the physical sizes are practicelly the same.

The application of the Stribeck formula P = KND?/5 is
seen to give very low resul ts for the bearings listed. It
does not take into account the rpm of the shaft and the
same constant is used for 2ll types of bearings. The
application of this formula for the MRC No, 322M bearing
is as follows: Diameter of the balls = 1-9/16 ineh, or
12.5 one~eighth inch units; the number of balls N is 12;
and the constant, K, is 10 Kg.

P =KND*/5 = 10 x 12 x 12.5°/6 = 3750 Kg.
or 3760 x 2.2 = 8,250 1b

The Goodman formula P = k m a°/(nD + cd), where
k = 2,500,000 for hollow races of best guality, and ¢ =
2,000 is also used to eglculate the load which may be
applied on these bearings. This formula takes into
account the speed of the shaft and also the material used.
The resul ts are higher then the menufacturers’ ratingse.

4s an example, this formule is used on the MRC No. 322M

bearing. The number of balls m = 12, d = 1-9/16 inches,

n =100 rpm, D = 4,22 inches and k and ¢ as given above.
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2.500.000 x 12 x 1.56259
100 x 4.22 + 2,000 x 1.5626

P = = 32,300 1b

The Palmgren formula for the average hours of life
stated in Table II gives results about 70 per cent lower
than the mamufacturers' ratings. Of course, this would
be conservative for ealoulating permissapble loads on a
bearing but very uneconomical. The me thod was explained
in detail in Part III and its application to the New
Depar ture bearing No. 7322 for 3500 hours life is given &s
an example. The number of gtresses, a, per revolution =
N/(1 + ry/ty) where N is the number of bells and r; and

Ty the rad.iué of the inner and outer race respectively.

s = mm = 7,36 stresses per revolutiom.

100 rpm = 6,000 rph and with 3500 hours life = 21 million
stresses. 8.n. = 7,36 x 21 = 154,56 million stresses.

Since the bearing has a filling slot we will use

K, = g—ato 3 6,6 1D
\/ 8eNle + 5
K, = 198 + 6.6 = 43,3

Y 152.56 + 5

K, =X (1 + .0001 V){1 + .007D%)

i
= X (1 + ,0001 x 100)(1 + .007 x 12°) = K 2,028
K =K;/2.028 = 43.3/2.028 = 21.35
W = 21.35 x 12 x 12%/6 = 7,700 1b
It is seen that the Navy method gives values much too

high for three bearings while in the fourth it is equal to
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the manufacturer's rating. The bearing material is taken
into account in the constant and the formula also considers
the speed of the shaft. This formula applied to the New
Departure bearing No, 7322 is as follows:

PB-%deNKx .6 (for 100 rpm)

d=1.,6 in, N = 12, K = 8800

P = 3,1416/16 x 1.5 x 12 x 8800 x .6 = 28,000 1b

Treve's Method gives valuves that are quite low for all
the bearings considered. Its application for the New
Departure bearing No. 7322 is given as an example:

P= ,02KN ])2 Kg.

P=.02KND®x2.2 1b
K is & constant depending on the ci rcumferential speed,
V, of the palls about their centers.

V=0,0525 x 100 x 69,10 = 366 mm or .366 meters
Por V= ,366 K= 17 approximately.

P=.02 x17 x 12 x 36.1% x 2.2 = 13,100 1b

It is seen from the above calculations for roller
and pgll bearings that none of the general formulae avail-
able at present seem to give satisfaectory results. Most
of these methods take into account bearing meterial and
also speed, which, of course, must be done. However, none

of them teke into account the type of bearing and bearing

finish or workmanship in any satisfactory meanner,

Ball bearings are mostly &ll mede of the same material




61
(2)(12), namely, S.A.E. No., 52100 steel, which has &
carbon range of .95 - 1.10, manganese .20 - .50, and
chromium 1.20 - 1.50, end with & definite heat treatment
to give it an average Rockwell "C" hardness of 60. How=-
ever, the bearings are of many types, for instance light,
medium, and heavy; and their finishes vary from pressed
rings to those of a very finely grbund finish.

Roller bearings, on the other hand, are not made of
the same meterial (2) by all menufscturers and consequently,
from that standpoint alone will not have the same rating. |
Also, their types and finish vary greatly, the same as in
ball bearings.

In view of the above calculations, and also the
diagrams and discussion of the influence of bearing design
and materials which follows in Part III, it is seen that
it is impossible to prepare & formula that may be used
for calculating bearing capacity for bearings of different
material and manufacture.

In support of the above statement the following is
offered: A series of tests were run recently by the Navy
to establish an acceptable list of ball bearing manu-
faeturers complying with théir specifications, in respect
to design and construection and to establish comparative
standards of performence from their relative endurance in

special testing machines.
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Due to the magnitude of an investigation ineluding
several sizes of various types it was necessary to limit
the tests to one size bearing in each of the types sub=-
mitted by the several exhibitors. For this purpose,
medium duty bearings having bores of 656 mm and outside
dismeters of 140 mm were arbitrarily selected. The bear-
ings submitted for test were submitted with the under-
standing that they were representative of the various
exhibitor's products and not special or selected bearings.

Eight manufacturers submitted 256 bearings in one or
more types.

The tests were divided into two parts or series; a
series of tests which consisted of a determination of
dimensions and physical properties of balls and races in
conformence with Navy specifieations and a series of tests
to determine the relative endurance of the bearings in
special testing machines. Five bearings of each type were
used for determining dimensions and physical properties of
the several parts, and the remaining 20 bearings were used
for endurance testing.

Measurements were made on the five bearings with
Johansson gage blocks and a Zeiss Optimeter.

The remaining 20 were used in the endurance tests.
Breakdown time was decided upon as the test criterion.

The following test conditions were used for the
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different bearings:

Single row No. 313 bearings and 2000 rpm

LA 2

Double row No. 1313 bearings 5000 1b radiel load

Double row No. 5313 bearings 2000 rpm 4000 1D
thrust load; 2000 1b
radial load.

Four bearings of the same make and type were mounted
at a time and run continuously on an average of about 130
hours per week with idle periods over week-ends until
failure occurred or until bearings had run 1000 hours.
Attendants held the speed at 2000 rpm and ingoing oil
temperature at 90°%,

The results of the test showed: that in general the
data taken in the measurement tests showed close conformity
to the specification requirements. The endurance tests
showed that, under the carefully controlled identical test
conditions, a rather wide range of average hours of run-
ning for the various makes of bearings resulted ‘in varia-
tions from 272 to 646 in the case of the single row No.
313 bearings and from 247 to 810 in the case of double row
No. 5313 bearings. The only double row No. 1313 bearing
showed an average running of 742 hours. Weighted figures
based on the actual number of bearings of all makes on
which tests were completed, gave an average running time
of 574 hours for the No. 313 single row bearings and 595
hours for the No. 5313 double row bearings.
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A general consideration of the results of all tests
indicated that variations from the specifications, "either
in physical characteristics or dimensions of the beéringa
are insufficient to account for the variations in relative
endurance of the several makes of bearings. The variations
in the performance of the several makes of bearings is
undoubtedly due to variations in materials and methods of
manufacture."

"Purther analysis of the genersl results indicates
that fhare appears to be no formule applicable for pre-
dieting the probable 1ife of bearings produced by & number
of manufecturers. On the other hend, since only one size
of a given type of bearing manufactured by each exhibitor
was tested, there is insufficient information available
to determine the relation between the probable life of

different sizes of bearings of the same type and make."




PART VIII

INFLUENCE OF BEARING DESIGN AND MATERIALS

ON LOAD CAPACITY
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PART VIII
INFLUENCE OF BEARING DESIGN AND MATERTALS
ON_LOAD CAPACITY

To give some idea of the progress made in the im=-
provement in the design and manufacture of bearings msnu=
factured by onme concern (12) and the resulting incresse in
capacity, Figure 10 is shown. This curve shows the
relative capacity of ball bearings based on 1927 ratings.
Concerns meking improvements in carrying capacity must
likewise change their formulae. Consequently, the pre-
paration of a formula must take into account the factors
previously mentioned, but it must be adjusted as improve-
ments are made in materials and workmanship.

The menner in which materials affect the load rating
of (12) bearings is shown in Pigures 11 and 12. These
disgrams show dispersion curves with the number of bearings
plotted as abscissa, and bearing life plotted as ordinate.
The load and speed to which each group of bearings was
gsubjected was the same, that is, Figure 1lla, 11lb, and lle
were all subjected to the same operation, while the bear-
ings in Figure 12a, 12b, and 12¢ were also subjected to
the same operation. PFigure 1la and Figure 12a show the
dispersion curve which resulted from the use of ore and
production customarily used in making one certain make of

ball and roller bearings. Figure 11b and lle and Figure
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BEARING LIFE—~RESULTS OBTAINED WITH THREE DIFFERENT MAKES OF BEARING STEEL,BEARING SIZE AND LOADING
WERE THE SAME FOR ALL CHARTS. ANALYSIS AND HEAT TREATMENT, BEARING DESIGN AND FINISH, WERE IDENTICAL .
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BEARING LIFE—~RESULTS OBTAINED WITH THREE DIFFERENT MAKES OF BEARING STEEL.
ANALYSIS AND HEAT TREATMENT, AS WELL AS BEARING DESIGN AND FINISH, WERE IDENTICAL IN ALL CASES.
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12b end 12¢ show the results of making bearings from
different ores, elthough the chemical analysis and method
of treating and finishing were identicel in &ll cases.

It is rather difficult to explain the reason for such
a wide varistion in these dispersion curves. The reason

may be partly explained as follows:‘l)

If we study Figure
9 it will be seen that with a variation of bearing load
from 0.5 "factor of safety"™ to 2.45, which is 490 per cent,
the 1life ﬁill vary from abéut 500 to 100,000 hours, which
is 20,000 per cent. Therefore, in making overload tests
in the laboratory, it does not take & very great variation
in the imposed load to make a very great difference in life
and it is quite likely that there would be a econsiderable
veriation in performance among & group of practically
identical test bearings that are run as nearly a&s possible
under the same set of conditions.

The great variation in the curves of Figure 8,
Figure 11, and Figure 12 is most likely due to chemically
indetectable particles of slag or oxidized iron, and of
intermal or miecroscopically invisible external cracks in
the material used.(v? These irregularities cause high
localized stresses due to the repeated loading. High
localized stresses cause cracks to start. These cracks

extend the discontinuity of the material, and at the roots
the localized stresses are still further intensified. Not
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every localized stress develops & crack to failure of the
part, but every high localized stress is & potentisal
source of progressive failure. Therefore, the greatest
homogeneity of internal structure and smoothness of sur-
face are very important in bearing materials.

Nevertheless, it is seen in these diagrams, the great
influence material has upon bearing life or capacity.

A clear understanding of how the improvements in
bearing material and workmanship, and of how bearing mate~
rial affects life and carrying capacity will show that it
is impossible to apply & given formula to bearings made

of different materiels and by different manufacturers.



PART IX
CONCLUSION AND SUMMARY
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PART IX
CONCLUSION AND SUMMARY

The wear in an anti-friction bearing is due, in
general, to the fatigue of the material; for the calcula~
tion of the radiesl load rating, therefore, the process
of fatigue must be the basis. Due to the knowledge of
the reaction of the material to stress, and to the ex=
perience &acquired by practical experiments, bearing
manufacturers have developed formulae which represent a
relation between load rating and life. However, a life
formula can be applied only to a certain definite type
manufactured from certain definite materials and with a
definite degree of accuracy; therefore, no formula can be
prepared which can be universally applied to bearings of
different material and of different menufseture. If &
bearing load rating is stated by a manufacturer it is
meaningless, unless the life on which that rating is based
is also stated.

The life of anti-friection bearings shows great varia-
tion; the experiments on a great number of bearings show
that the dispersion or spread of life takes place according
to & certain law. Therefore, if & load rating with a
certain life is stated, it is furthermore necessary to

state what is understood by that life.
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