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1 Introduction

Recent upward trends in fuel cost and consumption have led to increasing
interest in the area of high efficiency power generation. One area of potential
efficiency increase is through waste heat recovery. In typical diesel power
generation waste energy is present in the exhaust at a magnitude which rivals
the engine output work [1]. Traditional large scale thermal generation plants
have long used bottoming cycles as a means to increase overall plant
efficiency [2]. While this technique has been used with great effect at
megawatt generation level , heat recovery is not often utilized in small scale
systems. The purpose of this study is to demonstrate the increase in system
efficiency which can be realized by utilizing a microscale heat exchanger for
waste heat recovery with a 13.5 kW diesel generator.
Over the last 30 years it has been shown in numerous studies that
microchannels alternatives often offer superior performance when compared
to macro-scale devices [3]. Microchannels have found commercial use in
many industries including medical, fuel reforming, and heat transfer. The
advantages of microchannels stems from the high surface area-to-volume
ratio they provide. In heat transfer applications this means lower internal
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temperature gradients and higher heat transfer per unit volume. These
concepts are explored in more detail in the following sections.

1.1 Literature Review

A literature review was conducted with a focus around several areas of study.
Prior examples of heat exchangers using microchannels were found to
demonstrate their usefulness in thermal applications. In order to design the
heat recovery unit (HRU), thermal and hydrodynamic correlations were
sought for microchannel flow. Various heat exchanger configurations were
studied so that performance could be optimized. Finally, microchannel
manifold designs were investigated to ensure even channel flow distribution
for optimal performance.

1.1.1 MICROCHANNEL HEAT EXCHANGE

The concept of utilizing microchannels for heat exchange was brought
forward by Tuckerman and Pease [3] as a technique for increasing the cooling
capacity for heat sinks on integrated circuits. This paper showed that thermal
resistance was largely dominated by the convection coefficient which scales
inversely with the heat sink channel width. Tuckerman and Pease
demonstrated theoretically that with the use of microchannels cooling of
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integrated circuits with power densities beyond 1000 W/cm2 could be
achieved. This opened the door for circuits much more powerful than the 20
W/cm2 [4] limit which were accepted at the time.
Tuckerman and Pease were able to demonstrate their theory using a heat sink
fabricated from silicon wafers with channels etched 50 μm wide and 300 μm
deep. In an experiment using water as a the cooling fluid in the laminar
regime they were able to dissipate 790 W/cm2 across a temperature
difference of 71°C between the inlet water temperature and substrate
temperature. This result was in good agreement with theory.
The work of Tuckerman and Pease was extended theoretically by Phillips,
Glicksman, and Larson [5] to include a range of channel aspect ratios and to
include developing flows.
Microchannels have found many industrial uses beyond electronic cooling.
Their high surface areas facilitate quick chemical reactions. Tonkovich et al.
[6] showed this to be useful in water gas shift reactors for fuel cells. By using
microchannels for this reaction the performance of conventional reactors
could be matched by devices one to two orders of magnitude smaller.
Cai et al. [7] used microchannel devices as high performance reactors for
Hydrogen production from ethanol steam. In this application ethanol steam
was processed through a microchannel with a catalyst coating. Hydrogen was
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produced at a rate more than double that achieved by conventional fixed-bed
reactors.

1.1.2 EXHAUST HEAT RECOVERY EXAMPLES

Engine exhaust was used successfully by Wei et al. [8] to run an organic
Rankine cycle (ORC) in an industrial power plant setting. In this application
the exhaust was supplied directly to the evaporator at a temperature of
around 370 °C and a flow rate of 4.5 to 6 kg/s. This system used macro scale
components and recovered 80-90 kW. The authors identified the evaporator
as the largest source of exergy destruction in the system and concluded that
system performance could be best increased by increasing the utilization of
exhaust heat. It was noted that net system performance and efficiency were
increased as exhaust flow and temperature were increased. Data regarding
the effectiveness of the evaporator itself was not given.
For smaller scale heat recovery applications thermoelectric generators are
often used. These configurations have been inefficient in converting a thermal
exhaust stream to electricity. A review of such systems by Saqr et al. [9]
showed that thermoelectric heat recovery systems have been develop to
recover typically less than 5% of the energy available in the exhaust stream. It
was concluded in a literary study by Yang [10] that without an optimized heat
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exchange process for the exhaust stream the energy recovered by
thermoelectric heat recovery systems is at least a factor of 4 less than the
potential.
Work by Miller, Peterson and Hendricks [11] further emphasizes the need for
high performance heat exchange processes when considering the utility of
thermoelectric heat recovery. In this study the performance of a heat
recovery system utilizing thermoelectric topping cycle and ORC as a
bottoming cycle was evaluated as the performance of the heat exchanger was
varied. It was found that the performance of this system was optimized when
the heat exchanger was allowing the thermoelectric cycle to operate at its
maximum power point.

When performance of the heat exchanger was

increased the performance of the thermoelectric cycle was increased away
from its maximum power point, making the overall system less sensitive to
operating conditions.
An alternative to a traditional heat exchanger for waste heat recovery is a
heat pipe heat exchanger. An apparatus developed by Yang et. al. [12] was
successful in recovering nearly 6.5 kW of energy from an exhaust stream at
300 °C with an exhaust side pressure drop on the order of 25 Pa. The
effectiveness of such a system, however, was only 0.46, due to the low
temperature of the cold fluid.
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1.1.3 FRICTIONAL LOSS CORRELATIONS

In order to design a microchannel heat exchanger it is necessary to
understand the fluid flow characteristics through the channels. A
predominate focus of research has been on the applicability of convectional
fluid dynamics equations on microchannel devices. In particular, researchers
have sought to validate the hydraulic entry length and friction factor
correlations for microscale flows.
Research on the subject has been somewhat inconclusive. The frictional loss is
often summarized in terms of the non-dimensional quantity, f·Re, where f is
the friction factor and Re is the Reynolds number based on the hydraulic
diameter of the channel. In conventional flow theory this parameter is taken
to be a constant value of 64 for a circular channel or 57 for a rectangular
channel, with other values proposed at other aspect ratios [13].
Several researchers have found microchannel frictional pressure loss to be
higher in microchannel flows than for flows in conventionally sized channels.
Papautsky et al. [14] found across a range of aspect ratios the coefficient f·Re
was typically 20% higher than that reported for conventional channels.
Papautsky studied channels with a hydraulic diameter around 45 μm. Mala
and Li [15] demonstrated an even greater departure from conventional flow
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theory, reporting f·Re values ranging from 1.4 to 20 times those predicted
with some channel material and Reynolds number dependence in circular
channels ranging from 50-254 μm. Peng and Peterson [16] presented
correlations dependent on the Reynolds number, aspect ratio, and ratio of the
hydraulic diameter to center to center distance of the channel which are in
most cases higher than conventional values. Yu et al. [17] found the friction
factor to decrease by 19% in tube microflows with a hydraulic diameter of 52
μm.
Most papers written within the last decade conclude that pressure drops in
microflows can be analyzed with conventional theory. Judy et al. [18]
examined flow through channels ranging from 15 to 150 μm over a Reynolds
number range of 8-2300 and found agreement with conventional theory
regardless of aspect ratio, diameter, or liquid.
Steinke et al. [19] showed that the lack of careful measurement of channel
dimensions and surface roughness as well as the neglecting of entrance
effects can introduce significant error into experiments. With these effects
accounted for they showed good agreement with conventional theory using
microchannels with a hydraulic diameter of 227 μm. Koo and Kleinstreuer
[20] demonstrated that viscous dissipation, another factor often neglected in
conventional flow, can be significant in water flow through microchannels
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with a hydraulic diameter around 50 μm, which may account for some of the
discrepancies in earlier studies.
Because microchannels are typically short the entry length can often play an
important role in pressure drop [19]. Conventional flow theory [13] predicts
the hydrodynamic entry length to be related to the Reynolds number with
0.06

( 1.1)

Relatively little research has been done around the validity of this equation
for flow through microchannels. Hseih et al. [21] reported a much shorter
entry length in laminar flows through a microchannel with a hydraulic
diameter of 146 μm and an aspect ratio of 1.7. This study used PIV to analyze
flows with a Reynolds number ranging from 50 to 200 and found the entry
length coefficient to be 0.012.

1.1.4 CONVECTION CORRELATIONS AND HEAT TRANSFER ENHANCEMENT

In many ways research into microchannel convection parallels that of the
friction factor. The non-dimensional convection coefficient is reported as the
Nusselt number and in classical flow theory has been found to be constant
with the Reynolds number but vary with thermal boundary conditions and
channel geometry [13]. For a channel with all sides heated at a constant
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temperature the Nusselt number falls between 2.98 to 7.94, increasing with
the aspect ratio [22]. Recent research has shown both agreement and
disagreement with correlations from conventional theory
Research conducted by Park and Punch [23] indicated that convection
correlations for microflows with constant wall heat flux may not align with
those used in conventional flows. Their research was conducted over a
Reynolds number range of 69 to 800 using channels varying in aspect ratio
and hydraulic diameter. The data from this experiment was correlated with
the Brinkman number and effects of slip flow were given as an explanation of
the departure. These results point to heat transfer which is generally higher
than expected in conventional flows. Also predicting higher than expected
heat transfer was Peng and Peterson [16] for laminar and turbulent flows
with a hydraulic diameter ranging from 133 to 367 μm. Other studies
predicted lower than expected Nusselt numbers in microflows [24]. Qu, Mala
and Li [25] showed a drop in the Nusselt number for trapezoidal
microchannels with hydraulic diameters ranging from 62 to 169 μm. This
result was attributed to surface roughness and viscosity effects. Wu and
Cheng [26] found that with trapezoidal channels the Nusselt number deviates
depending on surface roughness and hydrophilic property.
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Other studies show agreement with classical theory. Lee, Gerimella, and Liu
[27] showed with a Reynolds number ranging from 300 to 3500 in channels
with a hydraulic diameter of 194 to 134 μm heat transfer matched large-scale
correlations.

In a review of the literature on the subject Steinke and

Kandlikar [28] concluded that research showing deviations from large-scale
theory is often unreliable do to neglecting of entrance effects, and not
accounting for experimental uncertainty. When experiments are run carefully,
agreement with macro-scale theory is found.
Additional studies attempt to identify optimization parameters regarding
microchannel design for heat transfer. Matteo and Vladmir [29] developed a
numerical model of developing laminar flow in a microchannel with a varying
aspect ratio in order to evaluate the importance of the entrance length for a
variety of flow conditions. For the electronics cooling industry Wei and Joshi
[30] modeled the effect of adding layers of microchannels to a system in order
to lower the thermal resistance. This study found that the addition of multiple
microchannel layers lowered the pumping power needed to maintain flow
and lowered the thermal resistance of the system. In addition, increasing the
channel aspect ratio lowered thermal resistance. These effects were hindered,
however when the channels were formed in materials of low thermal
conductivity. Foli et al. [31] present an approach towards optimizing
microchannel heat exchanger aspect around a set of design conditions. A
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tradeoff was shown to exist between fluid pressure drop and the heat transfer
coefficient. A study by Steinke and Kandlikar [32] concluded that heat
transfer could be further improved by including enhancement features in the
channels to force the redevelopment of the thermal boundary layer. Plain and
enhanced microchannels can be compared by taking into account the pump
power flux in order to calculate a coefficient-of-performance. This study
showed a potential COP increase of two orders of magnitude with
enhancement features.

1.1.5 HEAT EXCHANGER CONFIGURATIONS
Because of the multitude of applications involving heat exchange much
research has been focused on the subject. A number of parameters exist for
classifying different heat exchanger types [33]. Although in some applications
it is necessary to transfer heat between many different streams, in this study
only heat transfer between two fluids is considered. In the broadest sense, a
heat exchanger may perform this heat transfer through either direct or
indirect contact between the fluids. Direct contact heat exchangers involve
fluids which are not separated by a wall. The most common example of this
type would be a cooling tower. In most industrial processes it is necessary to
use indirect contact heat exchangers. In these devices heat must be conducted
through a wall while fluid streams are kept entirely separate. Indirect contact
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heat exchangers can be further classified on the basis of flow arrangement
(such as parallel flow, cross flow, and counter flow) and construction (such as
plate or tubular).
A parallel flow heat exchanger is one in which both fluids travel in the same
direction. This arrangement leads to a large temperature gradient on the inlet
and small temperature on the outlet. With this arrangement it is impossible
for the outlet temperature of the cold stream to exceed the outlet temperature
of the hot stream. Counter flow heat exchangers are similar in design to
parallel flow heat exchangers, however the fluids flow in opposite directions.
Although the temperature gradient between the fluids will vary when the heat
capacities of each stream differ, this configuration generally maintains a more
uniform temperature gradient between the fluids than a parallel flow
exchanger. Cross flow describes a configuration where each stream flows at
approximately ninety degrees from one another.
Plate type heat exchangers are made up of alternating cold fluid and hot fluid
plates sealed together in a frame. Each plate contains four through holes
making up the inlet and outlet plenums for each stream. Seals direct flow into
the proper channels. Differing from plate type heat exchangers are tubular
heat exchangers. In this construction an outer tube contains one fluid while
the other fluid runs through smaller tubing contained on the inside. The
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simplest of such designs are double pipe heat exchangers through which pure
counter or parallel flow can exist. The performance of tubular heat
exchangers can be enhanced by utilizing a shell and tube configuration.
Contrary to a double pipe heat exchanger a shell and tube heat exchanger
contains internal tube passes and baffles to direct the flow.
Performance of each of the aforementioned flow configurations and
constructions can be compared by examining the effectiveness-NTU
relationship associated with each. While the meaning of these parameters is
discussed in detail in section 3, simply put, effectiveness is a measure of the
efficiency of the heat exchanger while NTU is a measure of the size of the heat
exchanger in terms of both thermal properties and physical heat transfer
area. NTU is taken to be a function of the flow configuration and capacitance
ratio.
Plots of the effectiveness-NTU relation based on correlations presented by
Kays and London [34] show optimal performance is delivered by a counter
flow concentric tube heat exchanger, although at low capacitance ratios the
performance of a cross flow heat exchanger (with unmixed streams) is able to
mimic its performance.
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Figure 1.1 - Comparison of differing flow configurations with a fluid
capacitance ratio of 0.5. Parallel flow reaches an asymptote much lower than
the alternate configurations which trend towards one (Adapted from
Incropera et al. [13]).

It is possible to enhance heat transfer by assembling multiple heat exchangers
in series or parallel forming multiple passes. In doing so, the net effectiveness
is increased. Baclic et al. [35] showed that an ideal case existed when each
pass had an identical number of transfer units (NTUs) and when both fluids
remain unmixed between passes. Domingos [36] presented correlations for
effectiveness when both fluids are allowed to mix between passes. These
results are plotted in Figure 1.2 along with the performance of a pure tubular
counter-flow heat exchanger for N equally sized passes at a capacitance ratio
of 0.5. There is a significant jump in effectiveness with the addition of the
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second pass, however further increases in the number of passes only
produces small effectiveness gains.

Figure 1.2 - With additional passes the performance of a cross flow heat
exchanger approaches that of a pure counter flow heat exchange with a
capacitance ratio of 0.5. The gains provided by a 3rd and 4th pass are minor
(Adapted from Baclic[35]).

1.1.6 MANIFOLD DESIGN

The effects of flow maldistribution on heat transfer and pressure drop has
been well established. Recently, Ming-Chang [37] et al. studied this problem
numerically with channels around 1.5 mm in hydraulic diameter. In this
study, the number of channels was increased and the diameter of the
channels was decreased maintaining cross sectional flow area. The flow
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entered into a rectangular manifold vertically. It was found that
maldistrubution was highest at high flow rates. Under identical flow rates the
flow profile was optimized by increasing the number of channels. The flow
maldistribution caused an increase pressure drop and local temperature
variations.
Jones et al. sought to validate the numerical models used to predict flow
misdistribution experimentally using PIV [38]. This experiment was
conducted with a continuous manifold at Reynolds numbers of 10.2 and
100.2. The results showed little maldistribution at the low Reynolds number,
however when the flow rate was increased mass flux deviations of 30% were
observed. These results were compared to those produced by FLUENT, a
commercial CFD code, and agreement with the experimental results was
obtained.
Other researchers have used CFD to systematically optimize the design of the
manifold. Tonomura et al. offer one such approach [39]. Beginning with a
rectangular manifold, this paper found with rectangular manifolds increasing
the manifold area and increasing the channel length general improved flow
distribution, but at the expense of pressure drop and flow residence time.
Changing the manifold to a more triangular shape to eliminate the areas of
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low flow velocity was successful in improving flow distribution while
reducing dead volume. This was offered as a preferred approach.
CFD carries a downside of being time and cost intensive when used to
compare potential manifold designs. Because of this some researchers have
attempted to develop analytical algorithms to predict flow distribution and
compare designs quickly. Commenge et al. [40] offered a novel approach in
which the manifold was divided into discrete volumes and treated as an
electrical resistance network leading to a system of solvable equations. The
model considered frictional pressure losses and took pressure to be constant
in each of the manifold volumes. At low Reynolds numbers, this model
showed agreement with results obtained with a finite volume solver.
Amador et al. [41] used an approach similar to Commenge to investigate the
performance of three manifold configurations when manufacturing tolerances
and blockages were introduced after validating the analytical method against
finite volume simulation. In this study a bifurcating manifold was compared
to continuous manifolds with both a rectangular and triangular shape. It was
concluded that at low Reynolds numbers the rectangular manifold was fairly
insensitive to blockages and manufacturing tolerances. This configuration
was recommended when tolerances and channel blockage risks are large. A
triangular manifold was able to produce much more uniform flow
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distribution, however the performance was sensitive to manufacturing
tolerances and channel blockages. At higher Reynolds numbers a bifurcating
manifold was suggested because flow distribution remained predictable when
non-frictional pressure losses began to affect the solution.
Pan et al. extended the utility of the resistance model approach by including
the effects of singular losses [42]. Comparing the results of the model to CFD,
it was found that significant singular losses were present when the Reynolds
number was raised from 60 to 300. The model (including singular losses)
accurately predicted the flow at a Reynolds number of 300. When comparing
manifold shapes, this study concluded that optimal flow distribution was
obtained when a right triangle shaped manifold was used over an obtuse
shape.
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2 System Overview

The objective of this design is to draw enough waste heat off of a Kubota SQ14 diesel generator to power a cooling cycle. As shown in Figure 2.1, exhaust
produced by the diesel cycle is passed through a heat exchanger before being
vented to the atmosphere. Inside the heat exchanger thermal energy is
transferred from the exhaust to a heat transfer oil. The oil is then circulated
through the boiler of an organic Rankine cycle (ORC), which produces shaft
work. This shaft work is used to drive the compressor in a vapor compression
refrigeration cycle.

Figure 2.1 - Complete Heat Recovery System

2.1 Power Cycle

The HRU is designed to provide thermal energy to the heat activated cooling
system presented earlier by Wang et al.[43]. The heat activated cooling
system demonstrated a 4.5 kW cooling capacity from an electrically heated oil
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loop with a high temperature of 200 °C. In its designed environment, this
system is expected to produce 5.3 kW of cooling capacity. With an overall
system COP of 0.5, this system will require approximately 10.6 kW of heat
input to operate.
This system utilizes the waste heat recovered to power an ORC using HFC245fa as a working fluid. ORC's have been shown to operate efficiently at
relatively low temperatures. This ORC outputs power in the form of shaft
work which is used to directly run a compressor on the cooling side,
eliminating the conversion power losses encountered when an electrical
compressor is used. The cooling side runs a vapor compression cycle to
produce the cooling capacity.

2.2 Generator

The Kubota SQ-14 diesel generator used in this system is capable of
producing 13.5 kW of DC power. This size generator is typical of what is used
in semi-mobile power applications.
In order to determine the thermal properties of the exhaust the composition
of the gas must be ascertained. This can be done by performing a combustion
analysis of the engine. The chemical formula of the diesel fuel is taken to be
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C12H26. In this analysis it is assumed that the fuel is fully combusted with
excess ideal air.
18.5

3.76
12

13

66.74

1

Figure 2.2 - Chemical reaction of the combustion of diesel with excess air

Relevant specifications of the generator used to calculate exhaust
composition are provided in Table 2.1.
Table 2.1 - Generator Specifications [44]
Parameter

Published Value

Load

13.5 kWa

Fuel

Diesel

Fuel Consumption

4.86/hr

Air Intake

1.3 m3/min

Exhaust Flow Rate

3.3 m3/min

Exhaust Temperature

501 C

Maximum Back Pressure

10 kPa
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Based on the fuel and air consumption specifications presented in Table 2.1.
The product and reactant flow rates can be found on a molecular flow basis.
The resulting constituents are summarized in Table 2.2.
Table 2.2 - Combustion Components
Mass Flow
Rate
(10-3kg/s)

Mass
Fraction

C12H23

1.1

0.04

167.3

6.5

O2

14.2

0.52

16.0

888.4

N2

12.2

0.44

28.01

3340.4

Chemical
Compound

Molecular
Weight
(10-3kg/mol)
Reactants

Molecular Flow
Rate (10-3
mol/s)

Products
CO2

3.4

0.15

44.01

78.28

H2O

1.35

0.06

18.02

75.02

N2

12.2

0.55

28.01

1703.6

O2

5.40

0.24

16.0

337.3

With these constituents known intrinsic properties of the exhaust can be
calculated with:
( 2.1 )
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Properties of the mixture, compared to those of air, are shown at various
temperatures in Table 2.3.

Table 2.3 - Temperature Dependent Properties
Temperature

Viscosity
(10-5 m2/s)
1.8

Specific Heat
(J/kg-K)
1005

Exhaust 1.24

1.4

1043

Air

0.68

2.78

1034

Exhaust 0.69

2.64

1092

Air

0.52

3.28

1068

Exhaust 0.54

3.15

1137

Fluid
Air

Density
(m3/kg)
1.20

20 °C

250 °C

400 °C

Using the exhaust parameters presented in Table 2.3 the available waste heat
can be calculated with Equation ( 2.2).
( 2.2)

This analysis shows roughly 20 kW of thermal energy is lost through exhaust
at full load, relative to ambient temperature. In order to recover 10.6 kW of
thermal energy the exhaust must be cooled to approximately 170 °C
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2.3 Heat Recovery Unit

With regard to the discussion on heat exchanger configurations in section 1.1
a two-pass cross counter flow configuration was selected for this application.
This can be designed to allow for exhaust passages to pass straight through
the device thus minimizing engine back pressure. A plate type device was
selected as it lends itself well to microchannel fabrication techniques,
allowing for greater design versatility than a tubular heat exchanger. As was
shown in Figure 1.2, the benefits of adding additional passes were minor and
would add considerable complexity and bulk to the device with additional
plenums.

Figure 2.1 - Multi-pass Cross-Counter Flow Heat Exchanger

In this diagram hot exhaust enters from the left side and passes straight
through the heat exchanger. The heat transfer oil enters counter to the
exhaust stream so that the coldest heat transfer fluid meets the coldest
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exhaust. The working fluid is then fully mixed between passes before coming
into contact with the incoming exhaust. While performance gains (on the
order of a few percent) could be realized by adopting a fully inverted
configuration, this would add complexity to the channel design. This
complexity would potentially increase the size of the device and the pressure
drops imposed on each fluid.
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3 Heat Recovery Unit Modeling and Design

Thermal performance models of the heat recovery unit were created in order
to aid in the design of the device. This model was created using Matlab. With
this model, the output of the heat recovery unit was evaluated as a function of
upstream flow conditions and physical device geometry. Using this simulation
a parametric study was performed around the geometry of the device in order
to maximize the recovered energy for a realistically sized device.

3.1 Thermal Modeling

3.1.1 MODELING OF A SINGLE PASS MICROCHANNEL HEAT EXCHANGER

The performance of a heat exchanger is governed by an energy balance where
the flow is steady and potential and kinetic energy changes are negligible.
( 3.1 )
( 3.2 )
When the assumption of no phase change and constant fluid specific heats is
assumed the energy flow from one fluid to the other can be expressed as a
function of the change in temperature of either fluid.
( 3.3 )
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( 3.4 )
In order for an accurate estimate of heat flow to be obtained in these
expression, the average specific heat is used. In this problem, the heat transfer
and oil inlet temperature must be found. This is done using an effectivenessNTU correlation.
The correlation for the overall heat transfer coefficient (UA) is expressed as
the dimensionless number of transfer units (NTU).
( 3.5 )

The overall heat transfer coefficient is determined using one dimensional heat
transfer theory. In general, heat transfer between two fluids in a heat
exchanger is impeded by five resistances; convection and fin resistance from
the hot fluid to the wall, fouling resistances at the hot fluid wall, conduction
through the wall, fouling resistances at the cold fluid wall, and convection and
fin resistance to the cold fluid at the cold fluid wall (Figure 3.1).
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Hot Fluid Convective/Fin
Resistance

Hot Fluid Fouling Resistance

Conductive Resistance

Cold Fluid Fouling
Resistance

Cold Fluid Convective
Resistance

Figure 3.1 - Thermal Resistance network

The relative importance of each of these resistances can be determined from
an order of magnitude analysis. Calculations of the convection resistances per
unit length
1

( 3.6 )

are based on the Nusselt number correlations given by Kandliker [45]. For a
fully developed flow the convection coefficient h is equal to
( 3.7 )
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For a typical microchannel with a hydraulic diameter on the order of 250 μm
and a perimeter of a 780 μm, the convective resistance of approximately 3.0
m·K/W for the exhaust flow. Similarly, 0.7 m·K/W can be calculated for the
oil flow.
Conductive resistance is defined as
( 3.8 )

where l is the solid distance across which conduction occurs. Taking this
quantity to be on the order of 250 μm, the resistance of conduction through
stainless steel is approximately 0.02 m·K/W.
Fouling resistances reflect a change in surface condition over time as the unit
operates and are difficult to predict. As the system operates, observed
changes in the apparent net conductance over time can be attributed to
fouling and can be quantified as:
1

1

( 3.9 )

Fouling can be mitigated by installing an upstream filter to prevent
particulates from depositing themselves on the channel walls. For the
purposes of thermal modeling of the HRU, the system is assumed to be
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initially clean and fouling resistances, if present, will be extracted from
experimentation.
The overall heat transfer coefficient is calculated from the thermal resistances
as
1

( 3.10 )

With conductive resistances two orders of magnitude less than convective
resistances, these are neglected, and the thermal model only considers
convective resistances in deriving heat exchanger performance.
Effectiveness is defined to be the ratio of the maximum possible heat transfer
rate to the actual heat transfer rate of the design:
( 3.11 )

where qmax is the energy required to cool the fluid with the lower thermal
capacitance to the inlet temperature of the other stream.
The effectiveness is calculated using the correlations from Incropera et al.
[13]. In the case of a cross-flow heat exchanger with both fluids unmixed the
appropriate correlation is:
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1

1

.

.

1

( 3.12 )

The pressure drop through the channels can be derived using the DarcyWeisbach equation ( 3.13 )
( 3.13 )
2
In this model, the correlations for the friction factor f are those presented by
Kandliker [45].

3.1.2 MODELING OF A TWO PASS HEAT EXCHANGER

In order to use equations ( 3.5 ) and ( 3.12 ) to determine the performance of
a multi pass heat exchanger, an iterative scheme (Figure 3.2) must be
employed to determine the fluid temperatures between each of the passes
[35].
The program developed for this purpose first assumes the intermediate
exhaust temperature to be that of the inlet exhaust stream. Using this
assumed temperature the second heat exchanger pass can be solved for. With
this initial solution for the second pass, the intermediate temperature of the
oil is found. Once this temperature is determined it is used to solve the first
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pass producing a new value for the intermediate exhaust temperature. This
improved intermediate exhaust temperature is recycled through the program
until it converges. Convergence is determined when the change in subsequent
values of the intermediate exhaust temperature are less than 1·10-6 °C.
By employing this model, it is assumed that the fluids are fully mixed (reach a
homogenous temperature) between passes. While this is true for the oil, in
this system the exhaust remains unmixed. It is shown in section 6.2 that the
effects

of

this

assumption

are
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Initial temperature
for midpass
exhaust

Evaluate
performance of
cold pass

Output
Results

Compare exhaust
midpass temperature
to initial value
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midpass
temperature
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temperature
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Single Pass HEX Solver
Geometry
Flow Rates
Inlet Fluid
Temperatures

Evaluate thermal
properties of each
fluid at bulk mean
temperature

Calculate Nusselt
Number and
Friction factor from
correlation

Determine
Convection
Coefficients

Compute UA
overall thermal
resistance

Iterate with new
temperature

Calculate NTU

Calculate
effectiveness,
duty, and outlet
temperatures

Evaluate bulk
mean temperature
of each fluid

Compare mean
temperatures to original
values

Performance
Outlet Fluid
Temperatures

minor.
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Figure 3.2 – Solution algorithm for the Heat Exchanger Thermal Model

Because the constraints imposed by the EC system fix the outlet temperature
of the oil loop further iteration was needed in order to determine what oil
flow rate would produce the required high oil temperature at the outlet. This
was accomplished by solving the two pass model at two arbitrary oil flow
rates and determining the resultant outlet oil temperatures. Similar to a
"shooting method" approach towards solving boundary volume problems, the
results are interpolated to arrive at an oil flow rate that would produce the
desired outlet temperature. This flow rate is than used in the multipass model
and the result is used to interpolate a new prediction of the oil flow rate. This
process is continued until the oil outlet temperature is within 0.25°C of the
target.

3.1.3 MODEL RESULTS

It was shown by the model that heat transfer is enhanced by flow through
channels with a high aspect ratio
( 3.14 )

34

where b is the channel width and a is the channel depth. This is due to the
combined effect of an increased Nusselt number and a decreased hydraulic
diameter for a given cross sectional area. Demonstrating this relationship is
Figure 3.3, which shows the effectiveness increase as a function of oil side
heat transfer area when oil channel aspect ratios are made higher by
decreasing the channel depth.

Figure 3.3 - Effectiveness at various aspect ratios. For a given heat transfer
surface area, a higher aspect ratio design increases heat transfer to or from
the fluid.

While significant heat transfer enhancement can be obtained by using a high
aspect ratio channel this is limited in practice by the pressure drop through
that channel. As the hydraulic diameter of the channel is decreased the
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pressure drop through that channel rises. Provided that a reduction in
hydraulic diameter allows the designer to increase the number of channels
maintaining a roughly constant total cross sectional flow area, the DarcyWeisbach equation ( 3.13 ) shows the pressure rise is inversely proportional
to the hydraulic diameter,
For this reason the aspect ratio of the oil channels was set to 10. While similar
benefits would be realized by increasing the aspect ratio of the exhaust
channels, this was not practical. Concerns about channel clogging and
pressure drop dictated that the exhaust channels should not be smaller than
0.8 mm deep x 2 mm wide.
With the channel lengths fixed and the air channel dimensions determined it
was possible to model the total waste heat recovered as a function of exhaust
and oil channel surface area. Figure 3.4 shows contours of performance as a
function of each surface area.
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Figure 3.4 - Contours of Duty against Surface Areas

This figure shows that around these operating conditions, heat exchanger
performance is largely driven by the exhaust channel area. In order to
increase exhaust channel surface area without changing the channel length or
cross section, the number of exhaust channels must be brought to a maximum
by reducing the volume of the oil channels. Because the surface area-tovolume ratio of a rectangular channel is inversely proportional to the width of
that channel the use of microchannels here is desirable.
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3.2 Design

It was of primary importance that the heat recovery unit fit within the
interior of the diesel engine housing itself. Furthermore, in the interest of
minimizing thermal losses upstream of the heat recovery unit it was
beneficial to design the HRU to be positioned directly below the engine
exhaust manifold.
With this location in mind the volume constraints imposed on the device are
summarized in Table 3.1. These constraints include not only active heat
transfer area, but also flow distribution and mounting features.
Table 3.1 - Volume Constraints
Dimension

Maximum

Depth

150 mm

Width

90 mm

Length

225 mm

With the above requirements a prototype was developed to meet the
performance target. The design includes oil microchannels with a depth of
150 micron and a width of 1.5 mm. This design includes 0.77 m2 of exhaust
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side heat transfer area and 0.62 m2 of oil side heat transfer area. Such a design
is expected to recover approximately 11.6 kW of thermal energy.
Table 3.2 - Expected Performance of the HRU at the Design Point
Parameter

Value

Duty

11.6 kW

Effectiveness

0.88

Exhaust Pressure Drop

3.4 kPa

Oil Inlet Temperature

100 °C

Oil Outlet Temperature

200 °C

Oil Flow Rate

0.046 kg/s

Stainless steel 316L is used for all components of the heat recovery unit. This
is done for two primary reasons. First, the use of stainless steel reduces the
risk of corrosion at the high temperatures that the device will operate.
Secondly, stainless steel has been used successfully in other microchannel
manufacturing processes.
The heat recovery unit consists of four parts bonded together using a
diffusion brazing process; exhaust shims, oil shims, the top plate, and the
bottom plate (Figure 3.5). The heat exchange section of the device is made up
of stacked exhaust and oil shims. Fluid channels and plenums are chemically
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etched into these shims. When bonded, this shim stack forms an array of
integrated microchannels. The top and bottom plates contain mounting
features which are machined prior to bonding. These include tapped ports to
the oil inlet and outlet plenums and exhaust manifold mounting holes.

Figure 3.5 - Assembled Heat Recovery Unit

Diffusion brazing involves first plating the surfaces with a nickel alloy. Once
the etched shims are stacked and registered, heat and pressure are applied in
a vacuum furnace which allows the filler metal to liquefy and diffuse into the
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base material. Upon solidification a contiguous bond is formed [46]. By
utilizing a design which includes pre-machined mounting holes in the top and
bottom plates much post-bonding work is avoided. This reduces the exposure
of the diffusion brazed component to high heat processes, for example post
welding of the part, which is capable of destroying the bonds and causing
internal leaks. One area where post bond machining cannot be avoided is at
the interface between the heat recovery unit and the manifold. Due to the
etching process the surface formed by the lamina contained grooves equal to
half the shim thickness. In order to seal this surface against the manifold with
a gasket it was necessary to finish this surface using a finishing pass
performed by wire electrical discharge machining.

Etched
Channel

Etchant
Mask

Incidental
Etched Area

Figure 3.6 - Unintended shim grooves caused by chemical etching
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The exhaust shims (Figure 3.7) are 0.99 mm thick and contain 23 channels
running the length of the HRU. Each of the channels runs a length of 210 mm
and has a 2 mm x 0.8 mm cross section. These channels extend all the way to
each end of the HRU without including a header region. A relatively low
aspect ratio was chosen here in order to mitigate fouling and clogging
concerns, allowing particles to pass through the channels. The channels are
separated by 0.5 mm ribs. The oil inlet, outlet, and midpass plenums are
etched through the shim.
Table 3.3- Exhaust Shim Geometry
Parameter

Value

Number of Channels

23

Channel Length

210 mm

Channel Width

2 mm

Channel Depth

0.8 mm

Aspect Ratio

2.5

Shim Thickness

0.99 mm
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Figure 3.7 - Exhaust Shim

Three distinct features are evident on the oil shims (Figure 3.8). The entry
and exit regions each contain a round plenum etched through the shim as well
as flow veins designed to distribute flow among the channels. In order to
ensure even flow through each of the shims the hydraulic diameter was
designed to be greater than 10 times the net hydraulic diameter of the entry
channels. The heat transfer channels themselves run a length of 60 mm and
have a 1.5 mm x 0.15 mm cross section. Between each channel is a 0.5 mm rib.
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The midpass plenum is etched through the shim with short channels etched at
the midpoint. These channels are designed to provide some pressure drop
between the passes to aid in flow distribution.
Table 3.4 - Oil Shim Geometry
Parameter

Value

Number of Channels

35 (per pass)

Channel Length

60 mm

Channel Width

1.5 mm

Channel Depth

0.15 mm

Aspect Ratio

10

Shim Thickness

0.30 mm
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Figure 3.8 - Oil Shims
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Figure 3.9 - Distribution Veins

Figure 3.10 - Midpass Plenum

The heat recovery unit occupies a volume of 0.21 m length x 0.15 m width x
0.08 m height. When assembled the heat recovery unit weighs 11 kg dry. The
total volume of oil present in the HRU is 135 cm3 adding, when cold, another
1.5 kg to the mass. In order to achieve a net surface area of 0.77 m2 46
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exhaust shims are used. The 45 oil shims have a net surface area of 0.62 m2. A
summary of the key geometric features is presented in Table 3.5.
Table 3.5 - Assembly Geometric Features
Parameter

Value

Length

0.21 m

Width

0.15 m

Height

0.08 m

Dry Weight

11 kg

Oil Channel Surface Area

0.62 m2

Oil Channel Volume

42.5·10-6 m3

Oil Channel Ratio

14588 m-1

Exhaust Channel Surface Area

0.77 m2

Exhaust Channel Volume

355·10-6 m3

Exhaust Channel Ratio

3488 m-1
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4 Experimental Setup

Vacuum Processes Engineering Incorporated (VPEI) was contracted to
produce the HRU as described in the previous section. The HRU was bonded
using diffusion brazing and finished using a wire EDM process. VPEI
subcontracted VACCO engineering to perform the chemical etching of the
shims.

4.1 Inspection and Measurement

Upon receiving the HRU the device was inspected for deviations in the actual
dimensions from those which were specified by the design. Several deviations
were noticed. The height of the device measured perpendicular to the lamina
was 1.5% shorter than nominal. This change is likely due to compression of
the shims during the bonding process. Deviations were also noticed in the
channel geometry. Because channels are formed through a chemical etching
process the channel shape found in the device was not rectangular. The
etching process creates a curved profile at the bottom of the channel.
Channels were measured using a ZeScope optical profilometer with an
approximate uncertainty of 0.01 nm. Figure 4.1 and Figure 4.2 show a typical
measured profile of the oil and exhaust channels. The chemical etching
process used to construct these channels leaves a rounded shape at the
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bottom of the channel. At the center of the oil channels a slight crown was
also observed.

Figure 4.1 - Typical oil channel profile as measured using an optical
profilometer. The chemical etching process creates a rounded profile near the
edges of the channel
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Figure 4.2 - Typical exhaust channel as measured with an optical
profilometer. A rounded profile is produced by the chemical etching process
Investigating the profiles of all the channels of a particular shim the
deviations in cross sectional area from the specified values were evaluated. It
was found that for the oil shim (Figure 4.3) channels on average were 8%
smaller than nominal. The exhaust shims showed greater deviation from the
nominal value. These channels averaged 15% smaller than specified (Figure
4.4). For comparisons of experimental results and modeled performance done
in section 5.2, these values are used in the thermal model.
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Figure 4.3 - Variation in cross sectional area across all channels of an oil shim.
It was found that on average channels were 8% smaller than was specified by
the design
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Figure 4.4 - Variation in cross sectional area across all channels of an air shim.
Channels are on average 15% smaller than was specified by the design
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4.2 System Integration

The HRU was designed to be installed downstream of the engine manifold on
the diesel generator. In the unmodified generator the exhaust is piped from
the manifold to the exhaust pipe through 4 feet of 1.5 inch NPS pipe. In order
to incorporate the HRU into the generator the manifold was modified.
Modification of the manifold required a fabricated adapter to be welded to the
bottom of the unit with a bolt pattern matching that of the HRU. This modified
manifold contained ports for temperature measurements.
Downstream of the HRU the exhaust is routed through an expansion joint
before being reconnected to the original ducting. This expansion joint allows
for thermal expansion and vibration of the engine to take place without
damaging the ducting.

4.2.1 FILTRATION

Initial testing of the engine performance showed particulates present in the
exhaust stream. Because of the particulates present in diesel exhaust it was
deemed necessary to include a component downstream of the manifold to
house a filter in order to protect the HRU from fouling and clogging. This took
the form of a machined part with ribs capable of supporting a filtration
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screen. Above and below the ribs ports were welded in place to attach
pressure transducers to monitor the pressure drop across the filter.
The screens used to filter particulates upstream of the HRU were made from
stainless steel 304 wire. Various mesh sizes were chosen to evaluate the
performance or the filter against the pressure drop across it. Mesh sizes
ranged from 5 micron to 190 micron. It was found through initial testing that
the mesh filters alone clogged quickly. To increase the runtime stainless steel
wool was placed upstream of the mesh filter to contain large particles.

4.2.2 INSULATION

In order minimize the effects of heat loss to the surroundings, the heat
recovery unit was insulated with one inch thick high temperature sheeting.

4.3 Facility Description

A testing facility was developed to determine the actual performance of the
HRU when connected to the diesel generator around expected operating
conditions. This setup allowed performance at various oil flow rates and
temperatures to be evaluated to fully characterize the HRU.
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Figure 4.5 - HRU Testing Facility. In the foreground is a cart with
instrumentation and components of the oil loop. Behind the cart is the
generator and HRU (wrapped in insulation).

4.3.1 OIL LOOP

The oil loop was designed to be operated in two configurations; as an open
loop drawing oil from an open reservoir and as a closed loop not exposed to
the atmosphere (Figure 4.6). This setup also provided a vent for excess oil to
be discharged as it expanded during heating, lowering the overall system
pressure.
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Figure 4.6 – Process and instrumentation diagram for the experimental test
set up.

The oil loop was driven by a Liquiflo 43 series gear pump. This pump was
capable of delivering fluid at a flow rate of up to 5.5 lpm against a back
pressure of up to 100 psi. In order to ensure proper lubrication a back
pressure of 20 psi was required to be applied across the pump at all times. In
order to adjust the back pressure at the pump head a needle valve was placed
downstream of the pump. The pump was controlled by a DC voltage
controller. To prevent cavitation it was necessary for the pump to be located
two feet below the oil reservoir, as recommended by the manufacturer.
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Upstream of the pump a pressure relief valve protected the pressure
transducers from damage caused by pressure spikes and a ball valve allowed
the system to be drained for disassembly. A Cole-Palmer 68075 series
pressure transducer and K-type thermocouple measured the oil state prior to
flow through the HRU. The exit flow from the HRU employed another ColePalmer 68075 pressure transducer and K-type thermocouple to measure the
outlet conditions of the oil. From there the oil passed through a conventional
flat plate heat exchanger to reject the heat recovered from the exhaust. The oil
was cooled through the heat exchanger by water with the flow rate controlled
by a needle valve. It was with this needle valve that the cold side oil
temperature was controlled.
Following the flat plate heat exchanger the oil passed through a pair of
redundant flow meters. The first flow meter was a Hedland variable area high
pressure flow meter. This was selected for its high range viscosity stability in
order to provide a reading when the oil was near room temperature and to
confirm the reading of the digital flow meter. The second flow meter was an
Omega FTB-902 turbine flow meter. This meter was capable of measuring a
flow rate of 2.8 to 19 lpm and provided a signal to the data acquisition unit.
While this meter was capable of accurate measurement over a range of
viscosities near the operating temperature, it could not be used with the room
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temperature high viscosity flow. The calibration of this system is discussed in
section 5.1.

4.3.2 EXHAUST LINE

Exhaust temperature and pressure were measured at the manifold using a
pressure transducer and k-type thermocouple. Following the manifold the
exhaust passed through a series of filters as described in section 4.2.
Immediately downstream of the filters an additional pressure reading was
taken. The flow then passed through the heat recovery unit. Downstream of
the HRU pressure and temperature were again measured with a k-type
thermocouple and pressure transducer. Exhaust from the experimental setup
was rejected into the facilities exhaust ducting. All pressure transducers on
the exhaust line were equipped with snubbers to dampen pressure
fluctuations caused by the engine.
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5 Results and Discussion

5.1 Data Reduction and Uncertainty

Pressure, temperature, and oil flow data were collected during experiments
and analyzed in Matlab to evaluate the operating state. Each measurement
was taken using a National Instruments cDAQ-9172 sampling at 100 Hz.
Samples

were

averaged

and

recorded

at

one

second

intervals.

Thermodynamic properties, such as specific heat and density were taken
from tables provided by the Peratherm Corporation [47] and from the EES
software library [48].
Oil flow rate was calculated from the fluid volumetric flow rate and density
( 5.1 )

With these parameters collected total heat transfer is calculated from the oil
side as
( 5.2 )

The air mass flow rate could be deduced using an energy balance at the HRU.
Assuming that no heat loss to the surroundings occurs at the HRU the exhaust
flow rate can be calculated as
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( 5.3 )

Again making the same assumption of no heat transfer between the HRU and
the surroundings the effectiveness reduces to
( 5.4 )

Hydraulic power losses due to viscous oil flow through the HRU can be
calculated using the volumetric flow rate, pressure drop, and density. These
losses are quantified as
( 5.5 )

To measure temperature, K type thermocouples were used with an
uncertainty of 2.2 °C. The pressure transducers used in this setup had an
inherent uncertainty of 0.25%. These pressure transducers were calibrated
against a digital pressure gauge in order to remove bias error. The digital
pressure gauge had an accuracy of 1.7 kPa.
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The flow meter was calibrated using catch and weigh measurements at oil
temperatures ranging from 50 °C to 100 °C. A schematic of the facility used to
perform the calibration is presented in Figure 5.1.
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P
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Gear Pump

Figure 5.1 - Volume Flow Meter Calibration Loop

Using the methods presented by Doebelin [49] the calibrated flow meter had
an uncertainty of 7.72·10-7 m3/s.
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Uncertainties were propagated through the analysis using the Kline
McClintock method [50]. Resulting uncertainties in derived parameters are
given in Table 5.1.
Table 5.1 - Uncertainty in Derived Measurements
Parameter

Uncertainty
1.8·10-3 kg/s
6.1·10-4 kg/s

Duty

293 W

ΔP

1.7 kPa
0.17 W

ε

0.015

5.2 Results of the diesel engine testing

In order to evaluate the performance of the heat recovery unit a series of tests
were conducted at a variety of flow conditions to determine the amount of
heat recovered by the unit at various operating conditions. First, performance
was evaluated under varying generator loads to establish a baseline of
performance. Following that, the heat transfer oil flow rate was changed and
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performance measured. With these results, comparisons to the thermal model
were made. Finally, pressure losses in the oil loop were quantified and
performance was evaluated without the use of a filter.
Prior to any testing the oil was circulated in an open loop configuration in
order to allow trapped air to escape. This continued for five to ten minutes
until no bubbles were observed in the oil reservoir. Following this process the
oil loop was closed and the generator was started and the desired load was
applied. Steady state was determined by monitoring fluid temperatures over
time and, after providing the engine ample time to warm up, were reached
within a few minutes. Data was recorded after the system had reached a
steady state for a duration of typically 10 minutes. The oil temperatures
during a typical test are shown in Figure 5.2. After each test was conducted
results were averaged.
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Figure 5.2 - Typical Fluid Temperatures During Test Run. Error bars omitted
for clarity. Uncertainty in temperature measurements was ±2.2 °C

An initial test was conducted to determine what effect particulates played in
fouling the heat exchanger and clogging the filter. For this test, a filter with a
150 micron mesh size was used downstream of a fine steel wool. Figure 5.3
shows the pressure drop across the HRU and filter over an extended test.
Initially, the pressure drop is low as the generator load (and exhaust flow
rate) is slowly brought up. Load was added gradually to the engine 11.4 kW of
power output was reached, one half hour into the test. Each addition of load
caused a bump and oscillation in the pressure drop. These bumps can be seen
between 0 and 0.5 hours. With the generator running under an 11.4 kW load
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the pressure rise caused by the HRU and filter combined increased from an
initial 4 kPa to 6 kPa over a two hour period.
Figure 5.4 shows the performance of the HRU over the course of this test. As
the test progressed, duty remained fairly constant as the pressure drop rose.
This is indicative of a gradually clogging, but effective filter.
The increase in engine back pressure may cause degraded engine
performance and increased emissions. With these results in mind the system
was disassembled and cleaned every 2-3 hours of operation.
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Figure 5.3 - Pressure rise across the HRU and filter with 11.4 kW generator
load. Back pressure on the engine caused by the HRU and filter increased
gradually over time. With continued operation this pressure increase could
cause engine performance degradation. Error bars omitted for clarity.
Uncertainty in pressure measurements was ±1.7 kPa.
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Figure 5.4 - Performance over a long duration. Over a 2.5 hour period HRU
performance remained constant. This is evidence that fouling does not affect
the performance of the HRU over this duration. Error bars are omitted here
for clarity. Duty had a typical uncertainty of ±293 W

5.2.1 PERFORMANCE AT VARIOUS ENGINE LOADS

In order to evaluate the performance of the HRU at various generator loads a
series of tests were conducted as the load on the generator was increased
from 5.2 kW to 13.6 kW. These tests were conducted at a constant oil flow
rate of 0.04 kg/s. The oil inlet temperature was held at a constant 100 °C.
The results shown in Figure 5.5 show the heat recovery unit as able to recover
an additional 60%-80% of the energy produced by the electric generator,
increasing as load climbs. At 13 kW engine load, the heat recovery unit
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absorbs 10 kW of heat from the waste stream, as is required to power the
ORC.
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Figure 5.5 - HRU Performance as Engine Load is Increased

As the engine load is increased, the performance of the heat recovery unit is
increased in a non-linear fashion. Investigation of the exhaust stream data
shows that this non-linearity present in both the mass flow rate of the exhaust
(Figure 5.6) and the temperature of the exhaust at the manifold (Figure 5.7).
It is possible that as the engine load is increased, the efficiency drops. Such a
drop would cause an increasing slope in the load vs. flow rate curve as fuel
consumption is nonlinearly increased. This increased fuel consumption would
cause an increase in the air drawn into the system as well as the heavy
combustion byproducts in the exhaust.
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Figure 5.6 - Exhaust Flow Rate
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Figure 5.7 - Manifold Temperature as Engine Load is Increased
The effectiveness of the HRU as generator load is increased is shown in Figure
5.8. An increase in the temperature at the manifold drives the effectiveness of
the HRU down. This result is be expected when considered with the heat
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exchanger NTU equation ( 3.5 ). Because exhaust is the weaker stream, an
increase in the exhaust flow rate decreases the NTU associated with the heat
exchange. This leads to a lower effectiveness, as determined by the
effectiveness-NTU correlations.
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Figure 5.8 - HRU Effectiveness as Engine Load is Increased

5.2.2 OIL FLOW RATE MEASUREMENTS

Thermal performance of the HRU is a weak function of the oil flow rate. As oil
flow rates are increased the net temperature rise of the oil is decreased as
m

p T

T

( 5.6 )
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When the oil inlet temperature is held constant this decrease in temperature
rise is increases the mean temperature gradient between the exhaust and the
oil increasing the heat transfer between the fluids. Conversely, when the
outlet temperature of the oil stream is held constant the mean temperature
gradient between streams is decreased leading to lowered total heat transfer.
A test of the performance of the HRU was conducted under both conditions
with the generator running at full load. The flow rate of the oil was varied
between 0.035 kg/s and 0.050 kg/s. Figure 5.9 shows the performance of the
HRU throughout these tests.
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Figure 5.9 - Effect of Oil Flow Rate on Performance
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Around the designed operating conditions of the HRU the dependence of
performance on oil flow rate is minor. The decrease in heat recovered with a
consistent high side temperature was found to be approximately 1.25 kW
over the range of the study. For the case where the oil inlet temperature was
held constant, performance was steady with an increasing flow rate.
This effect of a varied oil flow rate is more evident when considering the
change in oil temperature, as is done in Figure 5.10, under these conditions.
The steeper slope of the 200 °C oil outlet temperature line indicates that, for a
nearly constant specific heat, less energy is being transferred as flow is
increased.
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The reason why performance is affected by a changing low side oil
temperature and flow rate but not when the low side oil temperature is held
constant can be explained with the effectiveness curve.
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Figure 5.11 - Effectiveness vs. Mass Flow Rate

As was the case when various engine loads were considered, the shape of this
curve is predicted by the NTU relations: equations ( 3.5 ) and ( 3.12 ). Because
exhaust it the weaker stream, the oil flow rate does affect the system NTU.
The increased oil flow rate does, however, decrease the capacitance ratio Cr.
It is seen from equation ( 3.12 ) that this causes an increase in effectiveness.
Evaluating the partial derivative of this equation around the operating
conditions of this tests reveals that this effect is minor. The expected
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effectiveness rise with a change in flow rate of 0.01 kg/s is approximately
0.02. Effectiveness is by definition the ratio of actual to maximum heat
transfer within a heat exchanger. In this system, theoretical maximum heat
transfer would occur when the exhaust stream exits the HRU at the
temperature of the incoming oil. The increased oil flow rate in the 200 °C
outlet oil temperature case raises the incoming oil temperature and thus
lowers the theoretical maximum heat transfer. With a nearly fixed
effectiveness, the result is lowered actual heat transfer.

5.2.3 COMPARISONS WITH THERMAL MODEL

With data collected from the flow rate tests comparisons to the thermal
model were made in order to evaluate the usefulness of the model as a design
tool. Comparisons were made between thermal model and the flow rate test
in which the oil inlet temperature was held constant. The geometric
parameters of the channels were modified to reflect the measurements
conducted in section 4.1. Although the exhaust flow rate and mean inlet
temperature fluctuated slightly between tests, the average values of these
parameters across all tests were used in the model.
The pressure drop across the HRU, shown in Figure 5.12, was found to be
higher than expected. While the model predicted a nearly constant pressure
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drop of 3.6 kPa with the oil flow rate changed the measured pressure drop
was approximately 5.7 kPa; a deviation of 58%. This deviation is likely a
result of flow maldistribution and soot accumulation in the channels, which
effectively decreases the hydraulic diameter.
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Figure 5.12 - The thermal model under-predicted pressure drop across the
HRU by 1.1 kPa. This deviation is likely a result of flow maldistribution and
channel clogging.

HRU performance was predicted reasonably well by the thermal model.
Throughout these tests, the HRU was predicted to recover roughly 11.3 kW of
thermal energy. Most experiments fell within 5 percent of that number
collecting on average 10.7 kW. This result indicates that simplifications made
by the model, including good flow distribution, low conductive and fouling
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resistances, and simplified effectiveness-NTU correlations are reasonable. The
slight deviations in actual heat transfer from the predicted amount may be
due to these simplifications as well as heat loss at the manifold and HRU.
While the unit was insulated improvement here could raise the performance
of the unit.
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Figure 5.13 - The thermal model predicted performance of the HRU
reasonably well. Deviations may be the result of model simplifications and
unaccounted for heat loss to the surrounding air.

It follows from the performance results that temperature changes across the
HRU are also well predicted by the model. The measured temperature rise
across the HRU on the oil side decreased from 85 °C to 116 °C as the oil flow
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rate was increased while the model predicted slightly higher temperature
gradients, ranging from 92 °C to 120 °C.
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Figure 5.14 - Oil Temperature rise across the HRU. As oil flow rate is
increased the temperature rise across the HRU is decreased. The thermal
model under predicted the temperature rise by less than 10 °C

It was predicted by the model that the drop in exhaust temperature across the
HRU would be largely unaffected by the change in oil flow rate, due to the
weak dependence of HRU performance on oil flow, ranging from 320 °C to
327 °C. This trend was well represented by the measurements, ranging from
308 °C to 320 °C. The smaller temperature changes result from the slightly
less than ideal heat transfer.

75

400

350

Exhaust Temperature Drop (C)

300

250

200

150

100

50

0
0.03

0.035

0.04
0.045
Mass Flow Rate (kg/s)

0.05

0.055

Figure 5.15 - Exhaust Temperature drop across the HRU as oil flow rate is
increased. Exhaust temperature drop across the HRU is slightly under
predicted by the thermal model as a result of less than ideal heat recovery by
the HRU

HRU effectiveness showed an increase from 0.84 to 0.85 as the oil flow rate
was increased. As discussed in section 5.2.2 this is due to the increased
thermal capacity ratio. In the modeled system, this increase was slightly
higher. A in increase from 0.86 to 0.88 was observed.
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Figure 5.16 - HRU effectiveness as oil flow rate is changed. A slight upward
trend is present both in the measured effectiveness and the modeled
effectiveness. The model effectiveness is higher than the actual due to
unaccounted for losses and model simplifications.

At the designed oil inlet and outlet temperatures the HRU recovered 11.1 kW
of thermal energy. This is 4% less than predicted by the model. In order to
achieve the design point temperatures a slightly lower than predicted oil flow
rate was needed, leading to the loss of performance. The exhaust side
pressure drop was also significantly higher than anticipated. Pressure drop
across the HRU was measured at 4.8 kPa, Higher than the expected 3.4 kPa
restriction. This could be the result of soot in the exhaust, flow
maldistribution, or entry effects.
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Table 5.2 - Performance of the HRU at the design point
Parameter

Measured

Modeled

Duty

11.1 kW

11.6 kW

Effectiveness

0.87

0.88

Exhaust Pressure Drop

4.8 kPa (Initial)

3.4 kPa

Oil Side Pressure Drop

69 kPa

NA

Oil Inlet Temperature

101.5 °C

100 °C

Oil Outlet Temperature

200.3 °C

200 °C

Oil Flow Rate

0.044 kg/s

0.046 kg/s

5.2.4 PRESSURE LOSSES

Quantifying the pressure losses in the oil loop is important in determining the
net energy recovered by the HRU. This pressure drop is related to the power
which must be consumed by the oil pump to drive the flow. The pressure drop
through the HRU as oil flow is increased (with a constant oil inlet
temperature) is shown in Figure 5.17. Although the temperature dependent
oil density and viscosity cause slight variations, equation ( 3.13 ) implies that
when extrapolated this trend is parabolic.
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Figure 5.17 - Pressure increase across the HRU as oil flow is increased. Over
the range tested, oil pressure drop nearly doubles across the HRU. This
increase requires additional pumping power reducing the net heat recovery

Hydraulic power losses are calculated with equation ( 5.5 ). In relation to the
heat recovered by the HRU, these losses are minor. When considered with a
typical pump with an efficiency of 70% the energy consumed by the pump
would represent less than 0.1

of the thermal energy recovered.
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5.2.5 FILTRATION TESTING

Concerns about high engine back pressure prompted further testing in order
to quantify the long term fouling risk of the HRU without filtration. This was
conducted after the HRU was cleaned and both the filter and the steel wool
removed. This tests were conducted with the engine running at 13.7 kW (full
load) with an oil flow rate of 0.04 kg/s. The cooling water flow rate was
adjusted so that the oil temperature ranged from 95 °C on the low side and
190 °C on the high side. Two test runs were performed. The first lasted 4.5
hours. Following this test the system was shut down but not cleaned. Further
testing was performed for an additional 4.0 hours.
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Observation of the pressure at the manifold during the initial test showed an
increase in total back pressure on the order of 1 kPa/hour (Figure 5.18). This
rise can likely be attributed to the gradual clogging of the air passages which
had been prevented by the filters. Midway through the testing several large
pressure fluctuations occurred roughly two hours into the test. These
fluctuations occurred with a period of about ten minutes. It is notable that the
spikes are present in the pressure both upstream and downstream of the
HRU. For this reason it is not believed that the HRU itself contributed to these
events. Many possible explanations exist, including fluctuations in the engine
fuel consumption rate, pressure fluctuations caused within the muffler, and
changes in the pressure of the ducting through which exhaust was removed
from the building. Further testing would be needed to pinpoint an exact
cause.
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Figure 5.18 - Observation of the pressure upstream and Downstream of the
HRU without a filter

Comparing the rate of back pressure rise with what was observed with a 150
micron filter in place reveals that the rate of pressure increase in both cases
was similar (Figure 5.19). In the filtered case the back pressure rise was
approximately 0.7 kPa/hour, and in the unfiltered case, the back pressure
increased at a rate of 1.0 kPa/hr. It must be noted that these cases were
conducted with differing engine loads, 13.7 kW for the unfiltered test and 11.4
kW for the filtered test, which likely contributes to the difference in back
pressure rate. It is notable that the total back pressure in the absence of a
filter is significantly lower, approximately 5.2 kPa.
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Figure 5.19 - Comparison of the backpressure on an unfiltered vs. filtered
system

Over the course of this trial the total performance of the HRU remained
unaffected (Figure 5.20). Once the desired operating condition was reached,
the HRU recovered approximately 10.7 kW of heat, fluctuating only 300 W
over the duration of the test. With this result we can conclude that while
filtration of the system was effective in preventing soot accumulation on the
HRU, this accumulation did not cause an appreciable change in the
performance of the system.
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Figure 5.20 - Duty of an Unfiltered System

After the system was shut down and cooled off an additional four hours of
testing was conducted to see if the trends continued. It was found that the
back pressure continued to rise steadily at the same rate with no initial drop
in back pressure when the test was restarted Figure 5.21.
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Figure 5.21 - After an engine shutdown and restart the upward pressure
trend continued with no sign of leveling off. Further pressure spikes were
observed at the manifold

As was the case with the pressure, performance trend continued over an
additional four hours of testing. The heat recovery unit maintained near
constant performance over the duration of the test (Figure 5.22).
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Figure 5.22 - Performance continued over an additional 4 hours of testing.
Over the entire 8.5 hours of testing little change was observed in heat
recovered rate

In both runs a gradual rise in the exhaust temperature at the manifold was
observed (Figure 5.23). The rise in temperature could be indicative of engine
performance degradation due to increased back pressure, however,
discontinuity between the tests suggests that this is merely evidence that of a
longer duration needed before the manifold reaches a thermal steady state.
Alternatively, since both tests were conducted during the morning, it is
possible that the increases could be a result of increasing building
temperature.
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Figure 5.23 - Exhaust temperature measured at the manifold continued to rise
during both tests. Discontinuity existed between runs.

At the conclusion of these tests the HRU was disassembled and inspected for
signs of clogging. Visual inspection of the HRU revealed no noticeable clogging
at the entrance of the channels, however it is likely that deposits had
accumulated within the channels.
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Figure 5.24 - Soot deposits at entry of exhaust channels after 8 hours of
unfiltered operation. Upper left corner has been wiped clean to contrast the
clean surface with the dirty surface. Deposits cause a gradual pressure
increase over time

Using the model, it is possible to predict the thickness of soot accumulation
over the duration of the test. Test cases were run in the model to correlate the
decrease in flow area of the air channels to a rise in exhaust pressure drop
across the HRU. Using the correlation developed, the pressure rise over time
can be plotted against an estimated soot buildup on all walls of the channel.
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Figure 5.25 - Estimated buildup of soot on exhaust channel walls without a
filter present. Soot was estimated to accumulate at a slightly decreasing rate
up to a thickness of 150 microns over the 8.5 hour duration of testing

This analysis shows a soot buildup of up to 150 microns on the nominally 800
μm by 2000 μm channels. Buildup occurred at a rate of approximately 12
μm/hour, although the rate appears to decline slightly over time. This result
should be expected, as soot accumulation would lead to higher exhaust
velocities lowering the buildup rate. An accumulation of 150 microns
represents a 27% reduction in flow area.
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6 Future Work

With the satisfactory performance of the HRU established design
modifications for a second generation system should be made with the intent
to make the device smaller. A redesign of the oil manifolds has the potential to
reduce the overall size of the HRU, making it lighter and more versatile. There
is also potential to increase the performance of the HRU through the use of a
more sophisticated two pass design.

6.1 Manifold Design

One area that can be identified as a focus of future work is the design of the oil
manifold feeding the channels. Optimization of the manifold design can be
judged by the degree of flow uniformity through the channels and the overall
compactness of the manifold region. Although the results of the performance
testing do not indicate severe flow maldistribution, which would cause a drop
in performance over that predicted by the model, a carefully designed
manifold could reduce the size of the header region.
Papers by Pan Commenge and Amador[42] show that flow distribution from a
microchannel manifold can be accurate predicted

using a simplified

resistance model. Using this approach allows for a manifold to be designed
using simple algorithms rather than complicated CFD analysis. To use this
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method, it is assumed that the pressure field present in the inlet and outlet
manifolds displays linear contours. In a comparison with CFD results
conducted by Pan, departure from this profile occurred at a Reynolds number
between 300 and 600.
Using this approach, the inlet and outlet manifolds are decomposed into a
network of rectangular channels Figure 6.1

Figure 6.1 - Decomposition of a triangular manifold into a series of
rectangular channels. Pressures in each manifold section are solved
analytically to determine approximate flow distribution with the design.
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Frictional losses captured by the Hagen-Poiseuille equation are expressed as
the product of the frictional resistance Rf, and the flow velocity U:
32

where

( 6.1 )

is the non-circular coefficient defined as
3 2
1

0.351 min

( 6.2 )
1

With equation ( 6.1 ) the flow through the microchannels and manifolds can
be represented by a resistance network as in Figure 6.1
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Figure 6.2 - Analogous resistance network. Manifold regions are
approximated as flow resistances and used to solve for unknown flow rates.

In this model, the pressure drop (analogous to voltage) across each loop must
be equal along both paths around the loop.

92

1

( 6.3 )

Inlet flow rates are governed by continuity so that
1

( 6.4 )

1

( 6.5 )

and outlet flow rates can be expressed as

Recognizing that
( 6.6 )
equations ( 6.3 )( 6.4 )( 6.5 ) form a set of 3N linear equations for the 3N
unknown flow rates.
( 6.7 )
2
Using this model it is possible to explore HRU designs using an oblique
triangle manifold configuration. Here, oil enters and exits the HRU through
plenums located outside of the area parallel to the channels. Oil is routed
away from the channels between passes and is mixed in a small plenum
before entering the second set of channels.
In this study, the location of the oil inlet and outlet plenums (X and Y,
referring to Figure 6.3) are varied and the flow distribution is noted. Also
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varied is the length of the step H. The geometry of the manifold between
passes is fixed because of tight engine clearances in that location.

Figure 6.3 - Geometry of a redesigned oil shim utilizing oblique triangle oil
manifolds. The location of the inlet and outlet plenums is varied to determine
the optimal placement for flow uniformity.

It was found that the variation of the inlet plenum in the X direction produced
little change in the flow distribution. As X was increased, flow was biased
towards the earlier channels. This is because of the manifold width becomes
slightly more uniform. The standard deviation of the normalized flow
distribution showed slight improvement in distribution as X was increased.
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Figure 6.4 - Changes to channel flow distribution as inlet/outlet plenums are
moved horizontally away from the channels with H = 2mm

Changing the Y coordinate caused more significant changes in flow
distribution. As the Y coordinate was increased, flow decreased in the early
channels and increases in the late channels. With the inlet plenum near the
early channels, there was little resistance to flow through these channels.
With the plenum located further away, the placement of the fixed midpass
plenum caused the late channels to experience more flow. By noting the
standard deviation of the normalized flow distribution it is clear that flow
distribution is optimized around Y = 16 mm.
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Figure 6.5 - Changes to channel flow distribution as inlet/outlet plenums are
moved vertically away from the channels with H = 2mm. Flow is most
uniform at Y = 16 mm

Flow distribution can be further improved by varying the length H. As H was
decreased, more flow restriction was added to the late channels, which
experienced greater than ideal flow. As H was decreased from 2 mm to 0 mm,
the standard deviation was lowered from 0.17 to 0.12.
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Figure 6.6 - Changes to channel flow distribution as length H is increased with
inlet and outlet plenums located at (0 mm, 16 mm)

Further investigation is necessary in order to determine what degree of flow
maldistribution is tolerable and a CFD model would need to be created in
order to validate these results, however a redesigned manifold

could

potentially reduce the size of the HRU. A heat recovery unit designed with oil
inlet and exit plenums located at X = 0 mm and Y = 16 mm, shown in Figure
6.7, would have channel flow deviating at most 30 from nominal. The width of
the HRU would be reduced from 140 mm to 106 mm.
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Figure 6.7 - Second Generation HRU concept. Such a design would have
maximum flow maldistribution of 30%

6.2 Channel and Configuration Optimization

Potential performance improvements of the HRU resulting from changes to
the flow configuration were investigated. For simplicity, the first generation
HRU was developed so that both passes were identical and so that the exhaust
remained unmixed between passes while the oil was mixed. Research by
Baclic et. al. [35] suggested improvements could be made through sizing the
passes so that both contain the same NTU and by utilizing a different channel
design between passes.
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Baclic identifies three configurations which provide better heat transfer than
the current design (Figure 6.8, Case 1). The first is a configuration in which
both the exhaust and oil remain unmixed throughout the entire device (Case
2). Case 3 improves on the performance of case 2 by inverting the oil streams
between passes, so that the hottest oil channel is exposed to the most
upstream exhaust through both passes. Performance improvements here
come at the expense of complexity (and pressure drop. The last configuration,
case 4, is the ideal scenario in which both fluids are inverted between passes.
This configuration further complicates the design of the HRU.
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Case 1:
1 Generation HRU

Case 2:
Unmixed Passes

Case 3:
Inverted Oil

Case 4:
Both Fluids Inverted

st

Figure 6.8 - Two Pass Crossflow Heat Exchanger Configurations. Case 1 shows
the first generation HRU with oil mixed between passes. Several heat
exchanger configurations are expected to improve the performance of the
HRU over this configuration.

Using the performance correlations provided by Baclic the performance of
each configuration was evaluated at the design point of the HRU to investigate
potential performance improvements. Referring to Table 6.1, a performance
gain of 200 W could be realized by maintaining separate channels throughout
the HRU . The gains to be had with cases 3 and 4 are minor (100 W
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improvement over case 2), making it difficult to justify the added design
complexity.
Table 6.1 - Performance Comparison of Two Pass Crossflow Heat Exchanger
Configurations
Case 1

Case 2

Case 3

Case 4

Cold Pass NTU

1.26

1.4

1.4

1.4

Hot Pass NTU

1.54

1.4

1.4

1.4

Effectiveness

0.86

0.88

0.88

0.89

Duty

11.8 kW

12.0 kW

12.1 kW

12.1 kW
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7 Thesis Conclusions

It was concluded through this thesis that a heat recovery unit can be designed
using a simplified heat exchanger model to recover enough energy to power a
vapor compression cycle. The heat recovery unit developed in this study used
a two pass cross-counter flow configuration to achieve an effectiveness of
0.87 at its design point. This corresponds to 11.1 kW of thermal energy
recovered.
By utilizing microchannels, this device was able to be made highly compact.
The dimensions of 210 mm x 150 mm x 80 mm allowed the unit to reside
entirely within the generator for which it was designed with minimal
modification. Because of the use of microchannels, however, pressure drops
caused by the HRU were high, potentially causing performance degradation in
the generator itself.
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