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Abstract
In the current study a thermally activated cooling system that combines an ORC system with a vapor
compression cooling cycle was developed and tested under laboratory conditions. This combined system
can utilize waste heat or other thermal sources such as solar and geothermal to generate power and
cooling. Hot oil with temperature up to 200 °C was used as the simulated heat source for its convenience.
Microchannel heat exchangers were used throughout the system in order to meet the performance, size
and weight challenges. Two conventional plate heat exchangers for the boiler and recuperator were also
tested inside the system for comparison purposes. Compared to the plate boiler and recuperator, the
integrated microchannel boiler/recuperator displayed significant improvement of the heat transfer
effectiveness over the range of mass flow rates examined which translates to higher conversion efficiency
and overall COP. A simplified model, used to design the microchannel recuperator, ignores the entrance
and conjugate heat transfer effects, but it appears to match well the trend of measured average heat
transfer coefficients for all cases tested. After taking into account the channel side walls, the measured
values of the average heat transfer coefficient agree also with the predicted one. Because of this relatively
conservative design approach, the actual heat transfer effectiveness for the recuperator was significantly
higher than the designed value of 85%. With the integrated microchannel boiler/recuperator, this
thermally activated cooling system was able to achieve over 5 kW of cooling and approached an overall
COP of 0.8 under laboratory conditions.
Keywords: microchannel, heat exchanger, performance enhancement, efficiency, organic Rankine cycle
(ORC), cooling, waste heat recovery
Nomenclatures
A

heat transfer area (m2)

Cmin

minimum heat capacity (W/C)

Cmax

maximum heat capacity (W/C)

COP

coefficient of performance

Dh

hydraulic diameter (m)

E

exergy (W)

f

friction factor

Gz

Graetz number

h

convective heat transfer coefficient (W/m2-C)

k

thermal conductivity (W/m-C)

m

mass flow rate (kg/s)

M

Maranzana number

NTU

number of transfer unit

Nu

Nusselt number

Pr

Prandtl number

Q

heat (W)

Re

Reynolds number

t

wall thickness (m)

T0

temperature at dead state (°C)

U

overall heat transfer coefficient (W/m2-C)

W

work (W)

ε

heat transfer effectiveness

η

efficiency

Subscripts
air

air

ave

average

BI

boiler inlet

boi

boiler

c

cooling cycle

com

compressor

con

condenser

d

destruction

D

diameter

EI

expander inlet

EO

expander outlet

eva

evaporator

exp

expander

f

fluid

h

hydraulic

l

liquid

OI

oil inlet

oil

oil

OO

oil outlet

p

power cycle

PCI

power condenser inlet

PCO

power condenser outlet

PI

pump inlet

PO

pump outlet

recup recuperator
s

system

v

vapor

w

wall
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Introduction

As energy demand continues to grow worldwide, the concept of diversifying energy sources and reducing
our dependency on fossil fuels has been widely accepted. Progress in this effort can be along two different
paths. On the one hand, renewable energy sources such as solar, wind and geothermal are playing more
important roles in the world energy supply. On the other hand, there continues to be significant potential
for reducing energy consumption and greenhouse gas emission by improving overall energy efficiency for
various energy systems. One route toward satisfying both paths is to develop technology able to recover

waste (or otherwise low-grade if from renewables) heat that would be otherwise rejected to the
atmosphere without usage. A good example of that is internal combustion engine. It is well known that
internal combustion engines generally operate at 25 to 40 percent conversion efficiency from fuel to
power. Consequently there are large amounts of high grade waste thermal energy (350 to 500 °C) rejected
to the atmosphere across the entire transportation sector nationwide, which includes light-duty and heavyduty vehicles. Many mobile power generators, driven by diesel engines, also dissipate significant waste
thermal energy during operations. Currently, most of these high-to-medium grade thermal sources
exhaust to the environment without further utilization, which presents significant opportunities for waste
heat recovery and thus improved overall fuel efficiency. Similarly, many industrial processes are also
inefficient and create additional opportunities for waste heat recovery. It has been estimated that industrial
low-grade waste heat accounts for more than 50 percent of heat generated [1].
In order to improve overall energy efficiency, waste heat has to be converted into a useful form such as
for producing hot water or for space heating. Another option is converting the waste heat into higher
grade energy such as power or cooling. One method that has attracted much attention is thermoelectric
conversion (TEC) due to its simplicity associated with solid state components. Because of this
characteristic, there have been numerous studies on thermoelectric power generation for waste heat
recovery. Many of the studies have focused on developing higher efficiency TE materials and optimizing
their manufacturing process. Others demonstrate system level integration to utilize these new TE
materials. However, the conversion efficiency for most TE modules currently remains low. There has
been recent interest in creating hybrid power and cooling systems that can leverage the benefits of TE
systems with other power and cooling technologies to provide flexible, robust systems in different
applications [2-5].
Another technology which has regained significant interest in recent years due to environmental and
economical concerns is the organic Rankine cycle (ORC). It remains a strong candidate for converting
low-to-medium grade heat into power due to its technology maturity and relatively high thermal
conversion efficiency. In recent years, it has been demonstrated and studied using renewable energy
sources such as solar [6-8], geothermal [9,10] and waste heat [11-19] to produce electric power. Besides
power generation, another interested application for ORC is water desalination [20-22], where the power
generated in an ORC is used to drive a reverse osmosis system to produce fresh water from sea water. In
this study, an ORC is used to drive a vapor compression cycle to achieve space cooling. Instead of using
power from a diesel generator for the motor/compressor, the vapor compression cooling cycle can be
driven by waste heat coming off the engine exhaust flow to provide heat to an ORC. Direct coupling of
the output shaft of the ORC to the compressor of the cooling system provides the coupling between these
two cycles. Compared to other thermally activated cooling technology, the most prominent being the
absorption cycle, the current system provides advantages in terms of overall efficiency and has the
flexibility of producing power when cooling is not needed.
2

Microchannel Heat Exchangers

Since Tuckerman and Pease [23] first published their work in 1981, microchannel fluid flow and heat
transfer have been studied extensively in the electronics cooling industry over the past three decades.
Most of the studies found that classical correlations based on conventional or macro-scale channels still
work in microchannels [24-29]. However, some scaling effects such as entrance effects and conjugate
heat transfer, often negligible in conventional channels, may now have a significant influence and thus

need to be accounted for [30-32]. Similarly, microchannel heat exchangers offer the same advantages that
can significantly increase heat transfer rates at much reduced sizes [33]. It can be considered as one of the
enabling technologies for compact or portable energy conversion systems where space is limited and
weight is critical for the overall design goals. In addition, the working fluid charge for the system can be
reduced significantly, rendering better compliance with the environmental mandates. Microchannel
condensers and evaporators [34-37], for example, have been successfully used in the air-conditioning
industry due to the advantages mentioned above, especially in mobile air-conditioning units. The
hydraulic diameter of the channels in these condensers and evaporators is slightly over 1 mm. In contrast,
the size of a microchannel used for electronics cooling is typically less than 200 µm [38].
The fundamental driving factor for using microchannel heat exchangers lies in eq. (1), where Nu is the
Nusselt number, h is the convective heat transfer coefficient, Dh is the hydraulic diameter of the
microchannels, and k is the thermal conductivity of the fluid. For a fully developed laminar flow with
constant heat flux boundary condition, the Nusselt number is a fixed value, 5.33 for rectangular channels
with an aspect ratio of 4. As the hydraulic diameter is reduced by an order of magnitude from a few
millimeters for conventional tubes to a few hundreds of micrometers for microchannels, the convective
heat transfer coefficients can be an order of magnitude larger. This is particularly favorable for gas or
vapor flows whose thermal conductivities are typically very low. In addition, the ratio of wet surface-tovolume for microchannel heat exchangers is significantly higher than conventional heat exchangers such
as tube-fin and plate. Therefore using microchannel in a heat exchanger application creates a double
effect – higher heat transfer coefficients and higher heat transfer areas. One of the concerns of using
microchannels is the potentially higher pressure drop associated with smaller flow passage. However this
can normally be resolved by a careful design ensuring sufficient cross-sectional flow area. In addition, the
flow length inside microchannel heat exchangers are typically much shorter for a given heat duty, which
will help reduce overall pressure drop.

Nu
3
3.1

hDh
k

(1)

System Testing and Components Design
System level design

The thermally activated cooling system was designed to utilize medium-to-low grade waste heat to
generate cooling. Essentially, it combines an ORC with a vapor compression cooling cycle. The cooling
capacity under design conditions is 5.3 kW. Figure 1 shows the P&ID diagram of the combined cycle.
The ORC working fluid was firstly vaporized in the boiler. The superheated vapor then flows through the
scroll expander to produce shaft work (the latest scroll expander performance can be found in [39]). HFC245fa from Honeywell was selected as the working fluid not only because i t has desirable
thermodynamic properties for recovering low-grade waste heat, but also it has zero ODP, low GWP and is
non-toxic, non-flammable, and non-corrosive for practical reasons. As a drying working fluid upon
expansion, the vapor still contains significant amounts of sensible heat upon exiting the expander. The
vapor then enters the recuperator to preheat the fluid going to the boiler. This internal heat recuperation is
important for improving cycle efficiency as the required amount of heat at the boiler is reduced and the
average heat input temperature is increased. The vapor then enters the power condenser to reject heat to
the environment. The slightly subcooled fluid flows into the reservoir and then to the pump where the

pressure is raised. The exiting high pressure fluid goes through the recuperator and enters the boiler to
complete the cycle. The cooling side is based on a standard vapor compression cycle. Instead of using an
electrical motor to drive the compressor, a refrigeration scroll compressor was modified to directly
couplewith the scroll expander through a common shaft (detailed information can be found in [39]). The
conversion losses associated with an electrical generator and motor, typically 20 to 40 percent are
eliminated. The high pressure vapor after compression goes through the standard condensing and
evaporating processes before completing the loop. A 1.5 tons (5.3 kW) thermostatic expansion valve from
Sporlan Inc. was selected. The working fluid HFC-134a was used as the refrigerant, as it is found widely
in various mobile air-conditioning systems.
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Figure 1: Schematic Flow Diagram for the Heat Activated Cooling System

.
Figure 2: Combined Cycle Prototype Unit Front View (left) with the Hot Oil Circulator (right).

Figure 3: The Back View of the Combined Cycle Prototype Unit (size: 30 × 32 × 34 inches)
During tests conducted under laboratory conditions, a hot oil circulator was used to simulate the heat
source. The combined cycle prototype unit (on the right) and the hot oil circulator (on the left) are shown
in Fig. 2. The view is from the front side of the prototype unit, where the evaporator panel was situated.
The louver panel in front of the brazed aluminum microchannel (BAM) evaporator protects the air fins
and directs the flow. Two impellers were used behind the evaporator to draw air from the center of the
front surface; and blow the cooled air out to the room through both the top and bottom slots. The4 axial
fans sitting on the top of the unit provided air flow to cool both the power and cooling condensers. They
are designed to provide a draw-through system, which means cooling air is pulled through the power and
cooling condensers on each side of the unit and exits from the top. A back view of the prototype unit is
shown in Fig. 3.
A series laboratory tests were conducted to assess the performance of the prototype unit over a range of
conditions. Due to facility limitations, the system has not yet been tested under its design conditions with
outdoor condenser air temperature of 48.9 °C and indoor evaporator air temperature of 32 °C. Rather, the
system was tested indoors with an air temperature at approximately 22 °C. The typical pressure-enthalpy
(P-h) diagrams for the power and cooling cycle are shown in Figs. 4 and 5, respectively. The graphs
provide in visual form the cycle conversion performance. As the boiling takes place from state point 3 to
point 4 in Fig. 4, the corresponding distance on the horizontal axis (enthalpy) indicates the amount of heat
input in the boiler. In contrast, the work generated by the expander is projected on the horizontal axis
between state points 4 and 5. The ratio of these two is the conversion efficiency of the power cycle. For a
given heat input to the boiler, as the length of the projection on the horizontal axis from point 4 to 5
increases, the better is the energy conversion efficiency. Also, from the second law perspective, less
entropy is generated in the process as the slope between state points 4 and 5 decreases. Similarly in Fig. 5,
the horizontal distance from state point 11 to point 8 represents the heat absorbed in the evaporator, while
the horizontal distance from points 8 to 9 represents the work consumed by the compressor. The ratio of
these two quantities visually shows the coefficient of performance (COP) for the cooling cycle.
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3.2

Microchannel boiler/recuperator

The current thermally activated cooling system was intended to recover waste heat from diesel generator
sets, which typically produce 10 kW of electric power to run communication equipment and an
environmental control unit (ECU) or air-conditioning unit. It is anticipated that the fuel consumption by
the diesel engine could drop significantly by using waste heat to drive the ECU. Due to the mobile nature
of the application, the size and weight of this thermally activated cooling system is specified with the goal
of achieving 5.3 kW of cooling at the design conditions. In order to meet the design challenges, all heat
transfer components in the combined cycle system were microchannel heat exchangers. An integrated
microchannel boiler/recuperator was designed for the ORC side; additionally all the condensers and
evaporator were based on brazed aluminum microchannels (BAM). A detailed description of the
microchannel recuperator design involving single-phase liquid and vapor flow, is provided as follows.
3.2.1

Design

Although there are many design aspects to be considered, the single most important one is to properly
calculate the required heat transfer area. According to the thermodynamic model of the cycle, the
recuperator requires an effectiveness of over 85% to achieve the targeted COP. The ε-NTU method was
used to calculate the heat transfer rate and area, given that the inlet conditions of the liquid and vapor
streams are known. For counter-flow heat exchangers, the effectiveness is

1 exp[ NTU (1 C r )]
1 C r exp[ NTU (1 C r )]

(2)

where

NTU

Cr

C min
C max

UA
C min

(3)

mCp v
mCpl

(4)

For the recuperators, the heat transfer effectiveness is defined as (refer to Fig. (1) for the state points):

Qrecup
recup

Qrecup ,max

h( PEO , TEO ) h( PPCI , TPCI )
h( PEO , TEO ) h( PPCI , x 1)

(5)

where Qrecup represents the enthalpy change of the vapor stream across the recuperators. Although it
makes more sense to define Qrecup from the liquid side as it represents the amount of heat actually
recovered, the current approach eliminates the effect of heat loss which could be significant. This is due
to the difference of size and thermal insulation for the microchannel and plate recuperators. Qrecup, max
represents the maximum enthalpy change of the vapor stream when it exits from the recuperator as
saturation vapor (x = 1). Limiting the exiting fluid to saturated vapor, or not allowing condensation at the
recuperator exit, provides a practical advantage because flow distribution at the inlet of the power

condenser could be compromised if two-phase flow emerged from the recuperator and immediately
entered the power condenser in the integrated device. Table 1 shows the design parameters associated
with the microchannel recuperator.
Table 1: Design parameters for the microchannel recuperator
Effectiveness
εrecup

Mass Flow Rate
(kg/s)

Vapor Inlet
TEO (°C)

Liquid Inlet
TPO (°C)

Vapor Inlet
PEO (kPa)

Vapor Outlet
PPCI (kPa)

85%

0.05

148

68

575

575

In order to calculate the average heat transfer coefficient U shown in eq. (3), the characteristic dimensions
of the microchannels were designed first. Table 2 shows those channel dimensions for both the boiler and
recuperator sections. Figure 6 provides a schematic channel cross-sectional view of the recuperator
section with only one layer of liquid and vapor shim, respectively. Although it contains 41 channels for
each individual shim, only two channels are shown here for simple illustration. To make the actual
recuperator, this same 2-shim unit repeats 40 times to achieve the design effectiveness. The red dotted
lines show the schematics of channel profiles after chemical etching (refer to Fig. 7 for actual channel
profiles taken by an optical profilometer).
Table 2: Characteristic channel dimensions for the integrated boiler/recuperator
Boiler – Hot Oil
Side

Boiler – Fluid
Side

Recuperator –
Liquid Side

Recuperator –
Vapor Side

Channel Depth, d (µm)

250

380

125

250

Channel Width, w (µm)

1270

1270

1270

1270

Fin Width, f (µm)

890

890

890

890

Hydraulic Diameter (µm)

418

585

228

418

f
w

w

d

Liquid Channel

d

Vapor Channel

Liquid
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Vapor
Shim

Figure 6: A schematic cross-sectional view of the liquid and vapor channels (recuperator section)

To ensure the performance of the recuperator inside the system, a conservative and simplified design
approach was taken based on the following assumptions:
Fully developed flow (no entrance length effect)
Constant fluid properties (no change with temperature)
Constant heat flux boundary condition (no axial conduction, no heat loss)
Heat transfer area including top and bottom walls of the channel (no side walls)
Uniform flow distributions between all channels
Perfect rectangular profile for the channels
Although fluid in the liquid inside microchannels remained laminar flow at all times, fluid inside the
vapor channels could turn to turbulent flow in some cases of high flow rates. This is because, for the same
mass flow rate, the specific volume for R245fa vapor is almost two orders of magnitude larger than that
of R245fa liquid while the viscosity is an order of magnitude smaller. The consequence is much higher
Reynolds numbers (Re > 2,300). Given this potential transition to turbulent flow, the Gnielinski
correlation [40], shown in eq. (6), was used to predict the Nusselt numbers for the vapor side. The liquid
side Nusselt number was based on the well-known value for fully developed laminar flow with constant
heat flux, eq. (8).
Vapor channels:

( f / 8)(Re D,v 1000) Pr

Nu D,v

(6)

1 12.7( f / 8)1 / 2 (Pr 2 / 3 1)

where

f

(0.79 ln(Re D,v ) 1.64) 2
Nu D,l

Liquid channels:

(7)

6.49

(8)

Thus, the calculated overall heat transfer coefficient for the recuperator is

1
U recup

1
hv

t
kw

1
hl

D h ,v
Nu D,v k v

t
kw

Dh,l
Nu D,l k l

(9)

While the assumptions such as fully developed flow and reduced active heat transfer area lead to a
conservative design, assumptions associated with heat loss, axial conduction, boundary conditions and
channel profile tend to degrade the performance of the heat exchanger. In order to determine the
significance of entrance length effect, the Graetz number defined in Eq. (10) was used. According to
Morini [41], the entrance length effect on average Nusselt number can be neglected if the Graetz number
is smaller than 10.

Gz

Re Pr Dh
L

(10)

Because of the high surface area to volume ratio associated with microchannel heat exchangers, heat
transfer along channel walls can be significant. A dimensionless Maranzana number [42], defined as

M

k w Aw 1
k f A f Re Pr

(11)

was used to determine the significance of axial conduction. It measures the ratio between the axial
conduction in the solid walls of the channels and the heat transfer by convection in the fluid. where Aw is
the cross-sectional area of the solid walls of the channel and A f is the area of the surface wetted by the
flow. Also in this expression k w is the thermal conductivity of the channel walls and k f is the thermal
conductivity of the fluid. For the axial conduction in the solids to be neglected, the Maranzana number
needs to be smaller than 0.01.
3.2.2

Fabrication

To eliminate the connections between the fluid side of the boiler and the liquid side of the recuperator,
and to reduce the heat loss from the device, the microchannel boiler and recuperator were designed to be
an integrated unit. As mentioned earlier, the microchannel recuperator contains 40 layers of liquid
channel shim and 40 layers of vapor channel shim. Each shim includes 41 channels etched into it.
Similarly, the boiler contains 40 layers of fluid shim and 40 layers of oil shim. Both the oil and vapor
channels were designed on the same shim, while the liquid channels and fluid channels of the boiler were
designed on another shim. The shims were photochemically etched to obtain the designed channel width
and depth. Figure 7 shows the vapor channel profiles taken by an optical profilometer indicating curvature
at the edges. Then they were plated with a thin layer (a few microns) of nickel phosphor. Besides the
shims, there are two end plates used to sandwich the shims. They were surface polished after machining
to achieve very smooth finish, which ensured hermetic sealing after the diffusion brazing process.

Figure 7: Vapor channel profiles taken by an optical profilometer

Figure 8: The integrated microchannel boiler/recuperator (size: 14.75 × 5.25 × 2.61 inches) with attached
fittings to the ports
After the shims and end plates were properly registered and assembled, they were diffusion brazed
together in a vacuum furnace to form a functional device, which can withstand the design pressure and
temperature. All shims and end plates were made of SS 316. The actual picture of the integrated
microchannel boiler/recuperator with six header blocks attached is shown in Fig.8. The ratio of its active
heat transfer area (2.27 m2) and volume (0.0033 m3) is about 690. The six- header-blocks were an
approach to avoid post welding, which caused failure of an earlier design. The header blocks were also
made of SS 316 and used PTFE o-rings to seal the ports on the end plates. As shown in the picture, the
top two ports on the left are hot oil inlet and outlet. The bottom port is where the high pressure liquid
enters. The liquid travels upward to recuperate heat from vapor on the other side; and then enters the
boiler section (opposite side to the hot oil) where it was fully vaporized and exits from the top right port.
In order to achieve high heat transfer effectiveness, both the boiler and recuperator sections were designed
in the counter-flow configuration. This implies that the vapor enters the middle port on the right and exits
from the bottom port.
3.3

BAM condensers and evaporator

Microchannel condensers and evaporator are used in the current system. They are based on so-called
BAM coils, which are constructed of extruded aluminum tubes containing many small rectangular
refrigerant ports with hydraulic diameter of 1.22 mm. BAM coil can deliver greater heat exchange
capacity than a conventional tube-fin coil in the same space. In other words, a BAM coil can be
smaller than a tube-fin coil with the same capacity. In this way, BAM coils are significantly lighter
than their traditional counterparts. Besides the small passage for enhanced air side heat transfer, the
air side flow length (25.4 mm in the current design) of BAM coils is significantly shorter than that of
tube-fin coils. This leads to advantage of using smaller fans and lower fan power requirement.
Additional advantages of the BAM coils include their smaller internal volume, which can reduce the
refrigerant charge by up to 45% [43-44]. Figure 9 shows a typical microchannel condenser based on
BAM coils. It has a two-flow-pass design. The two condensers used in the combined system,

however, have three-flow-pass design. They both have 35 tubes (21 in the first pass, 10 in the second
pass and 4 in the third pass). The superheated vapor comes in from the top and subcooled liquid exits
from the bottom. Air flows across the panel along the louver fins. The microchannel evaporator, on
the other hand, has only one-flow-pass in order to minimize pressure drop. This makes uniform flow
distributions harder to achieve, however, particularly with fluid coming in at two-phase. During the
system design, the evaporator was oriented such that the two-phase fluid comes in from the bottom
and the superheated vapor comes out from the top. During the tests, the temperature profile on the
front surface of the evaporator was reasonably uniform, indicating a flow approaching a uniform
distribution between the microchannels.

Figure 9: A typical microchannel condensers based on BAM coils
3.4

System testing and uncertainty analysis

A series of tests were conducted under laboratory conditions to evaluate the performance of the prototype
unit at both the system and component levels. The collected pressure, temperature, and flow data were
used to determine the thermodynamic properties of the working fluid such as enthalpy and entropy at each
individual measurement point. These quantities were then used to calculate quantities of interest such as
heat transfer rates, coefficients of performance, effectiveness and thermal efficiencies. During testing,
many operational parameters were adjusted to observe the responses of the system as well as individual
components, and then to optimize the parameters to achieve the performance targets; i.e. a cooling
capacity of 5.3 kW and overall system COP (see eq. (16) ) of 0.6. In the ORC power side, the parameters
include fluid charge amount, mass flow rate, superheat, expander inlet and outlet pressures, condenser fan
speed, hot oil inlet temperature and flow rate. In the vapor compression cooling side, the parameters also
include fluid charge amount, thermostatic expansion valve settings and condenser fan speed. In the
current study, four test cases were presented for each complete system (one system has the microchannel
boiler/recuperator; one system has the plate boiler and recuperator). The only active parameter changed
for all those cases was mass flow rate by adjusting pump speed, although it also affected the expander
inlet and outlet pressures to some degree. In Table 3, values of the most relevant operating parameters
associated with those test cases are presented.

Table 3: The relevant operation conditions for each case
System

Microchannel
Boiler and
Recuperator

Plate Boiler
and
Recuperator

Parameters

Case 1

Case 2

Case 3

Case 4

R245fa Mass Flow Rate (kg/s)

0.045

0.038

0.032

0.026

Vapor Side Reynolds no.

2,758

2,308

1,956

1,604

Recuperator Liquid Inlet T (°C)

28.5

26.5

25.5

24.6

Recuperator Vapor Inlet T (°C)

154.9

155.3

153.9

151.1

Boiler Fluid Outlet T (°C)

193.8

195.0

195.7

195.5

Expander Inlet P (kPa)

2,164

1,992

1,873

1,749

Expander Outlet P (kPa)

452

399

358

323

Oil Inlet T (°C)

198.8

198.4

198.4

197.9

Oil Flow Rate (LPM)

16.5

16.5

16.5

16.5

R245fa Mass Flow Rate (kg/s)

0.037

0.032

0.028

0.025

Vapor Side Reynolds no.

-

-

-

-

Recuperator Liquid Inlet T (°C)

26.5

25.7

25.4

25.1

Recuperator Vapor Inlet T (°C)

141.8

139.6

137.1

137.1

Boiler Fluid Outlet T (°C)

147.3

145.4

140.0

137.1

Expander Inlet P (kPa)

1,701

1,589

1,478

1,406

Expander Outlet P (kPa)

422

405

381

354

Oil Inlet T (°C)

188.0

188.4

188.5

188.4

Oil Flow Rate (LPM)

13.7

13.7

13.7

13.7

All temperatures were measured with type K thermocouples made of special limits of error material,
which have an uncertainty of ± 1.1 °C or 0.4% of measurement between 0 and 1250 °C. All pressure
transducers with inherent 0.25% accuracy were calibrated against a digital pressure gauge with an
accuracy of ±0.05% (of full scale range), or ±1.7 kPa. The mass flow rates for both the power and cooling
sides were measured by turbine flow meters (AW Company, model TRG-11.300-5) with an accuracy of
±1% of the actual measured flow. The expander power output was measured by a Futek torque sensor
(model TRS 605) with rated torque capacity of 10 N-m. It had an accuracy of ±0.3% of the full scale
range, or ±0.03 N-m. The uncertainty analysis was focused on the bias errors introduced by the

instruments, as the random errors during the experiments were minimal and averaged out. According to
the theory of error propagation, the root-sum-square method was used to combine individual errors. The
resulting maximum uncertainties for the quantities of interest are listed in Table 4.
Table 4: Uncertainties for Interested Parameters

4
4.1

Parameter

εrecp

Qrecup

Urecup

ηp

ηp,II

Uncertainty

2.8%

3.0%

5.0%

3.3%

3.3%

Results and Discussion
Components performance verification

In this section, the measured performance of the recuperator and boiler is presented in comparison with
the designed values. This approach will also provide an assessment on how close the simplified model
matches the experimental data. As shown in Fig. 10, the calculated Graetz and Maranzana numbers for
the four test cases are all within the range of Gz 10 and M 0.01 , which indicate both entrance length
and axial conduction effects can be neglected. This observation to some degree validates the assumptions
used in the simplified model. However, the increasing trend of the average heat transfer coefficients with
mass flow rate, as shown in Fig. 11 for the four test cases, shows possible effects of the entrance length.
This is because, as Reynolds number increases with flow rate, the portion of the entrance length over the
entire channel length increases too. This trend also shows up in the Graetz number plot in Fig. 10.
Another consideration affecting the Graetz number is the increasing trend of U with mass flow rate; this
leads to possible transition-turbulent flow in the vapor channels, however, this transition is captured in the
model.
As also shown in Fig. 11, the measured average heat transfer coefficients based on the designed heat
transfer area (channel side walls not accounted) are proportionally higher than the predicted ones, which
may indicate the actual heat transfer areas were indeed under-estimated. It is very likely a significant
amount of channel side walls or fin areas also attributed to the heat transfer, which should be accounted
for in the design. Thus, a modified version of the measured average heat transfer coefficients, including
the effects of channel side walls, is also plotted for comparison purpose. The predicted ones based on the
simplified model are now much closer to the modified ones. The slight divergences at both low and high
mass flow rates are likely due to the limitation of the Gnielinski correlation used in the design model. As
more test data becomes available, the design model can be modified to closely reflect the flow regimes.
Although the design approach is rather conservative from the component point of view, it did serve the
purpose of ensuring system performance.

Figure 10: The calculated dimensionless numbers for the four test cases

Figure 11: Comparison of measured and model predicted average heat transfer coefficient
Two separate brazed plate heat exchangers (one was made by GEA PHE with model number of FP 5×1220 and the other was made by ITT Standard with model number of BP 410-30) were used in place of the
integrated microchannel boiler/recuperator. It provided an opportunity to establish a baseline performance
case, which was compared to the microchannel based integrated unit. Although the weight of the
integrated microchannel boiler/recuperator is comparable with that of the combined brazed plate boiler
and recuperator due to excess amount of metal around the device perimeters, the size of the integrated
microchannel boiler/recuperator is significantly smaller (see Fig. 8 for the dimensions). It took only about

half the space that the plate heat exchangers occupied, without taking into account the tubing connections
between the plate boiler and recuperator. In addition, the working fluid charge was reduced by a factor of
two for the system using microchannel boiler/recuperator, which again is a significant advantage from the
environmental standpoint.
Figure 12 presents the direct comparisons of the microchannel and plate recuperators over a range of mass
flow rate. As shown on the left vertical axis, the heat transfer effectiveness of the microchannel
recuperator is 15 to 20 percent higher. From the figure, the effectiveness for the microchannel recuperator
is in the 98 to 99% range which reflects how the effectiveness was defined in eq. (5). Its practical
advantage was also described in the design section. The equation limits the available heat for recuperation
after expansion to only sensible heat in the vapor stream, which means the vapor exiting the recuperator at
saturation will approach an effectiveness of 100%. Although the effectiveness for the microchannel
remained relatively unchanged with the flow rate, there is a clear trend for the plate recuperator that its
effectiveness slowly increases with the flow rate. This again indicates the possible entrance length and
transition-turbulent effects shown in Fig. 11, resulting in increasing trend of heat transfer coefficient with
flow. Besides, the remaining high temperature differences between the liquid and vapor for the plate
recuperator helped improving the effectiveness more noticeably.

Figure 12: Experimental data to compare the microchannel and plate recuperators
The right vertical axis shows the measured amount of heat that was transferred from the vapor side to the
liquid side, assuming no heat loss to the surrounding. In reality, the heat that was recuperated to the liquid
side would be slightly lower due to heat loss, even though the components were well insulated. As
indicated in the plots, more heat was transferred in the microchannel recuperator for all mass flow rates
tested. This is in good agreement with the effectiveness plots. For the mass flow rate of 0.045 kg/s, the
amount of heat recovered from the vapor stream was 4.6 kW, which is equal to approximately 42% of the
heat supplied to the boiler. This means, if there were no heat recuperation, 42% more heat would be
needed in the boiler to maintain the same amount of power output by the ORC. According to the plots, as

the mass flow rate increases more heat can be transferred. The heat transfer enhancement for the
microchannel recuperator did come with a penalty, however. As shown in Fig. 13, the vapor side of the
microchannel recuperator experienced significantly higher pressure drop than the plate counterpart. This
could significantly compromise the rationale of using microchannel heat exchanger with consequence of
degrading the power output by the ORC, thus reducing the cooling capacity. One way to mitigate the
higher pressure drop is to increase the flow cross-sectional area for the microchannel design, which can
be achieved by reducing fin width between channels, increasing channel aspect ratio, increasing the
channel layers while reducing channel length, or combination of all these. According to Table 2, there is
sizable design space to optimize the dimensions in order to minimize pressure drop.

Figure 13: Vapor pressure drops comparison between microchannel and plate recuperators
Similarly, the definition of heat transfer effectiveness for the boiler is (refer to Fig. (1) for the state
points):

boi

Qboi
Qboi,max

h( PEI , TEI ) h( PBI , TBI )
h( PEI , TOI ) h( PBI , TBI )

(12)

where Qboi represents the enthalpy change of the fluid across the boiler and Qboi ,max represents the
enthalpy change of the fluid if it exits from the boiler at the temperature of the incoming hot oil. The
effectiveness and the amount of superheat achieved for both the microchannel and plate boilers are
plotted in Fig.14. The data shows a clear difference between conventional plate and microchannel heat
exchangers. For a range of mass flow rates tested, the heat transfer effectiveness of the microchannel
boiler, as shown on the left vertical axis, is more than 30 percent higher. Correspondingly, the amount of
superheat almost triples as shown in the right vertical axis. This again justifies the advantages of using
microchannel heat exchangers, particularly for applications where a fluid’s superheated vapor has an
inherently poor heat transfer coefficient.

Figure 14: Experimental data to compare the microchannel and plate boilers
4.2

Impact on system performance

In the context of overall system performance, it is important to understand the impact of higher boiler and
recuperator heat transfer on the overall system operation besides just the size and weight advantages.
Engineering Equation Solver (EES) was used to model the overall system, where the fundamental
equations of state based on Helmholtz energy were used to calculate the thermodynamic properties such
as enthalpy and entropy at each cycle state point. Below are equations used to define the ORC efficiencies
and overall system COPs.
ORC 1st Law efficiency (conversion efficiency):

Cooling Cycle COP:

Wexp
p

COPc

Qboi

(13)

Qeva
Wcom

(14)

Wexp

(15)

Assuming the compressor power input equals the expander power output,

Wcom
Overall system COP based on heat activation:

ORC 2nd law efficiency (Carnot efficiency):

COPs

Qeva
Qboi
p

p, II
Carnot

(16)

(17)

Where the Carnot efficiency is calculated based on the averaged cooling air temperature for the condenser
and averaged heating oil temperature for the boiler. In this case, it is a fixed value given by:
Carnot efficiency:

Carnot

1

Tair ,ave
Toil ,ave

(18)

As shown in Fig. 14, the amount of superheat for the fluid coming out of the microchannel boiler is
significantly higher than that for the plate boiler. This impact on system level performance is shown in
Fig. 15, where ORC efficiencies and system COP are plotted against the amount of superheat after the
boiler. The left vertical axis shows the 1st law efficiency, while the 2nd law efficiency and system COP are
shown on the right vertical axis.

Figure 15: Model data to show the effect of boiler superheat on cycle performance (the plate boiler
superheat = 22 °C while the microchannel boiler superheat > 65 °C)
It is clear that higher boiler superheat as the result of improved heat transfer effectiveness has a very
positive impact on system performance, from both 1st and 2nd law standpoints. A higher averaged heat
input temperature to the fluid in the boiler was observed resulting in enhanced conversion efficiency. The
enhancement of ORC efficiency also translates to the increase of the overall system COP. At the same
time, there was a closer matched temperature profile between the working fluid and heating oil (see Figs.
16 and 17), particularly in the superheat section of the boiler. This led to higher Carnot efficiency due to
less exergy destruction in the microchannel boiler.

Figure 16: Schematics of oil and fluid temperature profiles in the microchannel boiler

Figure 17: Schematics of oil and fluid temperature profiles in the plate boiler
The influence of recuperator effectiveness on ORC cycle efficiencies and overall system COP is shown in
Fig. 18. The trends for both efficiency and COP show a linear behavior, indicating 10% of improvement
for both the 1st and 2nd law efficiencies when using the microchannel recuperator. The linear improvement
of the system COP is directly tied to the 1st law efficiency of the ORC. The primary reason for improved
1st law efficiency with higher recuperator performance was explained above, which is due to reduced heat
input from the boiler for the same amount of power output. The improvement of 2nd law efficiency, on the
other hand, is attributed to less exergy destruction in the recuperator.

Figure 18: Model data to show the effect of recuperator effectiveness on cycle performance (the plate
recuperator effectiveness = 82% while the microchannel recuperator effectiveness > 98%)
5

Conclusions

A novel thermally activated cooling system, using microchannel heat transfer components and combing
an ORC with a vapor compression cycle, was presented in this paper with the focus on component
performance enhancement. The system can be used to recover and convert waste heat directly into
cooling. Based on laboratory testing using a hot oil circulating loop as the heat input, the system has
operated at steady state conditions and delivered up to 5 kW of cooling. The highest overall system COP
achieved during experiments was 0.8. In comparison to the plate case, the microchannel
boiler/recuperator operated at higher superheat at the boiler outlet and achieved higher heat transfer
effectiveness in the integrated recuperator. This can be directly attributed to the enhanced heat transfer
coefficient and additional wetted surface associated with the microchannel configuration. The data
justifies the importance of using microchannel heat exchangers to boost overall system performance,
especially for portable or mobile applications. The simplified design model, although being conservative,
captures the important trend of increasing average heat transfer coefficient of the microchannel
recuperator well. When all channel side walls are taking into account as active heat transfer area, the
average heat transfer coefficients predicted by the model match the measured ones closely. This also
validated the current simplified design approach for microchannel heat exchangers without using the
more sophisticated conjugate heat transfer models.
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