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This work investigates the in-tube condensation of low global warming potential

(GWP) zeotropic refrigerant mixtures R448A, R450A, R452A, R454B and R454C.

These refrigerants have been proposed for a wide range of commercial heating, ven-

tilation, air-conditioning applications, but their heat and momentum transport phe-

nomenon were not well understood. Thus, in this study, pressure drop and quasi-local

heat transfer coefficients were measured during condensation in a 4.7 mm horizontal

tube at mass fluxes ranging from 100 kg m−2 s−1 to 500 kg m−2 s−1 at three different

saturation conditions (40, 50 and 50 ◦C). The corresponding temperature glides for

these mixtures range from 0.7 ◦C to 6.3 ◦C.

Past research has shown that a strong coupling between the heat and mass trans-

fer exists for zeotropic condensation. As a result, the correlations developed for pure

fluids generally translate poorly to predictions for mixtures. Therefore to determine



the best modeling method for low GWP mixtures, the measured data from this study

were compared against predictions from various heat transfer models from the liter-

ature. The heat transfer coefficients for all five refrigerants are best predicted by the

Cavallini et al. [21] correlation (Mean absolute percent error, MAPE = 8%), with the

mixture effects accounted for using the Silver [96], Bell and Ghaly [12] correction. A

comparison of the heat transfer and pressure drop of the new HFC/HFO mixtures

against their HFC predecessors indicates that the low GWP mixtures may be con-

sidered as viable substitutes from a heat and momentum transport perspective. The

two-phase frictional pressure drop for complete condensation of mixtures was also

measured. The pressure drop for these low GWP refrigerants was predicted by the

Cavallini et al. [19] correlation, with the MAPE equal to 24%.

In addition to the investigation of saturated condensation, an emphasis was placed

on the superheated and subcooled condensation. A review of the literature reveals

limited investigations on this topic, with only a handful of predictions models avail-

able for pure fluids. These models were developed based on various simplifying

assumptions, which may be why they exhibit a poor agreement with the measured

data for refrigerant mixtures. Therefore, a new model is introduced to predict the

heat transfer in the superheated region. The model predicts superheated and com-

plete condensation data with good accuracy, with MAPEs equal to 8% and 12%,

respectively. Implementing this model allows for a more accurate representation of

the superheated condensation phenomenon and by doing so, permits for a more com-

pact condenser geometry. More broadly, this work will aid in the adoption of low

GWP refrigerant technology.
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Chapter 1: Introduction

Condensation of zeotropic mixtures is of interest to numerous industries including

power generation, chemical process, and heating, ventilation, cooling, air condition-

ing, and refrigeration (HVAC&R). It differs from the condensation of pure fluids, such

that the resistances of the heat and mass transfer in the vapor phase can no longer be

considered negligible and the liquid/vapor interface temperature may deviate signifi-

cantly from the equilibrium saturation temperature. Motivated by legislative actions

on the HVAC&R industry mandating the use of new refrigerants, the goal of this

research is to better understand the coupled heat and mass transfer during inter-

nal flow condensation of new, low global warming potential, zeotropic refrigerant

mixtures. This will be accomplished by designing and conducting an experimental

investigation of different zeotropic refrigerant mixtures to evaluate the heat transfer

and pressure drop under representative operating conditions. Particular attention

will be given to the heat transfer during the superheated and subcooled conden-

sation regions. The heat transfer in these regions is conventionally assumed to be

single-phase vapor and liquid, respectively. However, past experiments indicate that

this assumption does not accurately describe the actual non-equilibrium heat transfer

mechanisms, particularly for mixtures. The experimental data are used to assess the

predictive capability of existing models for superheated, subcooled, and saturated

condensation conditions, and to guide the development of more accurate predictive
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methods for zeotropic refrigerants. The results from this study will (1) allow predic-

tion of HVAC&R equipment performance when new refrigerants are “dropped-in”

to replace phased out refrigerants, and (2) enable the more efficient design of next-

generation condensers in multiple industries.

1.1 Motivation

International agreements and regulations have outlined the plans to phase out hy-

drofluorocarbon (HFC) refrigerants due to their environmental impact. These HFC

refrigerants are currently being used in a wide range of commercial, automotive,

and residential HVAC&R systems. Notably, the Kigali Amendment to the Montreal

Protocol – with support from over 170 countries – aims to reduce the use of HFC

refrigerants by more than 80% over the next 30 years. Similarly, aggressive regu-

lations such as the F-gas Regulation No. 517/2014 [88], call for a 79% reduction

in European market supply for HFCs from 2015 to 2030. Furthermore, it prohibits

the use of refrigerants with Global Warming Potential (GWP) higher than 2500 for

refrigeration equipment, beginning in the year 2020. The European Union directive

2006/40/EC [38] limits the GWP of all new cars below 150 after 2017. Therefore,

there is an urgent need to find alternatives to HFCs which have significantly lower

GWP.

The majority of the HVAC&R applications operate based on the vapor compres-

sion cycle. A simple vapor compression cycle consists of four main components:

condenser, compressor, evaporator, and an expansion device. The refrigerant circu-
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lates through the evaporator where it undergoes vaporization as energy is transferred

from the space being cooled to the refrigerant. The refrigerant is then compressed

to a relatively higher pressure and temperature by the compressor. After leaving the

compressor, the refrigerant vapor undergoes complete condensation in the condenser

as it rejects heat to the surroundings. Finally, the refrigerant expands to the evap-

orator inlet pressure in an expansion device. The selection of the working fluid is

an important consideration during the design of these systems. The thermodynamic

properties of the fluid dictate the operating pressures and required flow rates for

different applications. The heat transfer and the pressure drop characteristics of the

working fluid during phase change dictate the sizes of the condenser and evaporator.

In addition, the pressure drop in these components is directly related to the power

required by the compressor and consequently, the coefficient of performance (COP)

of the system. Therefore it is critical to understand and compare the heat transfer

and momentum transport phenomenon to their HFC predecessors. A drastic increase

in the power consumption of the applications utilizing these new refrigerants could

potentially offset the environmental benefits from using lower GWP fluids. Thus, any

proposed alternatives to HFCs must have similar or better heat transfer and pressure

drop characteristics to be commercially viable and environmentally friendly.

Pure Hydrofluoroolefins (HFOs) have been proposed as potential alternatives

to HFCs for HVAC&R applications. Compared to pure HFCs, HFOs have sig-

nificantly lower GWP. However, previous investigations on the condensation heat

transfer of pure HFO refrigerants, such as R1234ze (GWP <1) and R1234yf (GWP

<1)[7], have reported lower heat transfer coefficients compared to their HFC pre-
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decessors [30, 85, 52, 34]. Furthermore, both R1234ze and R1234yf are classified as

mildly flammable A2L refrigerants (ASHRAE [7]), which complicates their adoption.

HFC/HFO refrigerant mixtures are another potential alternative to HFC refrigerants.

They have the advantage of lower GWP than pure HFCs and lower flammability risk

than some pure HFOs. The GWPs of commonly used refrigerants and their proposed

HFO or HFO/HFC replacements are reported in Table 1.1. The corresponding tem-

perature glides, discussed below, of the refrigerant mixtures are also reported in

Table 1.1.

There is presently a lack of publicly available experimental condensation data

available for these refrigerant mixtures. Because zeotropic condensation is a func-

tion of coupled heat (latent and sensible) and mass transfer effects, conventional

condensation correlations for pure fluids cannot be accurately used to predict mix-

ture condensation. Past studies[41] on the condensation heat transfer of zeotropic

refrigerant mixtures have reported a degradation in the heat transfer coefficients as

compared to the individual components of the mixture at the same operating con-

ditions. It is, therefore, vital to understand the heat and mass transfer of these

zeotropic refrigerant mixtures and to be able to predict their heat transfer and pres-

sure drop to design next-generation condensers.

1.2 Zeotropic condensation phenomenon

Condensation of miscible refrigerant mixtures can be broadly classified into three

categories, azeotropic, near-azeotropic, and zeotropic mixtures, based on the tem-
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Table 1.1 GWPs of commonly used HFC refrigerants and their proposed
HFC/HFO replacements [7]. The temperature glides are calculated at a pressure
corresponding to Tsat,avg = 50 ◦C, from REFPROP 10 [70].

Refrigerant
ASHRAE

safety classification
Type GWP

Replacement
for

Temperature
glide (◦C)

R134a A1 HFC 1300 - -
R404A A1 HFC mixture 3943 - 0.3
R410A A1 HFC mixture 3000 - 0.1
R1234yf A2L HFO <1 R134A -
R1234ze(E) A2L HFO <1 R134A -
R1233zd(E) A1 HFO 1 R245fa -
R448A A1 HFC/HFO 1360 R404A 4.3
R450A A1 HFC/HFO 547 R134a 0.6
R452A A1 HFC/HFO 1952 R404A 3.0
R454B A2L HFC/HFO 467 R410A 1.2
R454C A2L HFC/HFO 148 R404A 6.3

perature glide they exhibit. For azeotropic mixtures, the dew point and the bubble

point are the same, and therefore the temperature glide is equal to zero. The heat

transfer and pressure drop behavior of azeotropic mixtures are generally well pre-

dicted by correlations and models developed for pure fluids [36, 16, 51]. Conversely,

condensation of near-azeotropic and zeotropic mixtures is characterized by a non-

isothermal phase change at a constant pressure. This occurs due to the difference in

saturation temperatures of the constituent fluids. Equation 1.1 shows that temper-

ature glide is the difference between the temperature at which condensation begins

(dew point), and ends (bubble point) at a constant pressure.

∆Tglide = Tdew − Tbubble (1.1)
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Figure 1.1: Phase diagram of R32/R1234yf mixtures at a constant pressure equal to
2000 kPa.

To further understand the nuances of the underlying coupled heat and mass trans-

fer associated with condensation of zeotropic mixtures, it is instructive to analyze

the constant pressure phase diagram of binary mixtures of R32 (HFC) and R1234yf

(HFO). Two of the mixtures (R454B and R454C from Table 1.1) investigated in

this study are in fact mixtures of R32 and R1234yf. In Figure 1.1, the x-axis in-

creases with an increasing mole fraction of R32 and decreases with a mole fraction of

R1234yf. The two plots in the figure show variations in the dew point temperature

(blue line) and bubble point temperature (red line) with varying molar fractions.
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As can be observed in Figure 1.1, the temperatures corresponding to 0 and 1 mole

fraction of R32 are the saturation temperatures of R1234yf and R32, respectively,

at a constant pressure equal to 2000 kPa. In this case, R32 is the more volatile

component out of the two components. If a superheated ammonia/water mixture,

as represented by point A on Figure 1.1, is cooled, sensible cooling of the mixture

occurs until the dew point temperature is reached. As condensation commences

(point B), preferential condensation of the less volatile component (R1234yf) occurs.

This results in significantly different equilibrium compositions of the vapor and the

condensate droplets. The mole fraction of R32 in the liquid condensate, which is

represented by point B′ in Figure 1.1, is much lower than in the vapor phase (point

B). As condensation proceeds, the composition of both the liquid and vapor phase

continuously changes. As more energy is removed from the system, the mixture

further cools down to the dew point temperature (point C′) and the concentration

of the liquid approaches the original concentration of the superheated gas. Point C

represents the concentration of the very last bubbles which will condense. As the

mixture is further cooled below the dew point temperature to point D, no change in

the concentration occurs.

The ideal process described above assumes thermodynamic equilibrium through-

out the phase change. However, in reality, condensation of zeotropic refrigerants is

inherently a non-equilibrium process. For the condensation to occur, temperature

and concentration gradient must exist between the bulk liquid and vapor phases to

drive the transport of individual components to the liquid/vapor interface. Figure

1.2 shows representative temperature and concentration distributions that develop
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during film condensation of a binary mixture. As condensation proceeds, preferential

condensation of the less volatile component occurs at the interface which increases

the local concentration of the more volatile component. These concentration gra-

dients promote the back diffusion of the more volatile component from the vapor

interface to the vapor bulk and diffusion of the less volatile component from vapor

bulk to the vapor interface. Thus, there is an additional mass transfer resistance

to the condensation process. Similar to the vapor phase, a concentration gradient

develops between the liquid interface and the bulk liquid as well.

Additionally, the increased concentration of the more volatile component at the

interface will result in the depression of the liquid/vapor interface temperature. This

is dissimilar to the condensation of pure fluids, during which the interface tempera-

ture (Tint) is equal to the bulk saturation temperature (Tsat) defined by the operating

pressure. During condensation, the heat flux through the condensate film (q′′T ) is

equal to:

q′′T = α(Tint − Tw,in) (1.2)

where α is the film heat transfer coefficient, and Tw,in is the tube wall temper-

ature. For zeotropic mixtures, the maximum driving temperature occurs when the

mass transfer is infinite and the Tint is equal to the local equilibrium saturation

temperature Teq. In reality, the interface temperature will be somewhere between

the equilibrium saturation temperature and the bubble point temperature, Tbubble.

The magnitude of the reduction in interface temperature directly depends on the

local concentration at the interface, which depends on the vapor phase mass transfer

rate. This depression of the interface temperature causes heat transfer degradation
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Figure 1.2: A schematic of film condensation of zeotropic binary mixture
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because of the reduction in the driving temperature difference (Ti − Tw,in).

Thus, the heat and mass transfer are strongly coupled for zeotropic mixtures.

Along with the heat transfer resistances (sensible and latent) in the liquid film, pre-

diction methods for the vapor phase sensible resistance, and mass transfer resistances

in both the vapor and liquid phases are required to understand and accurately model

the process.

1.3 Superheated and subcooled condensation phenomenon

Conventionally, the heat transfer in a condenser is modeled by assuming a local ther-

modynamic equilibrium and then categorizing the flow as either superheated vapor,

two-phase flow, or subcooled liquid based on the specific bulk enthalpy. Single- or

two-phase heat transfer correlations are then used depending on the expected flow

regime. Condensation is assumed to begin when the bulk enthalpy approaches the

vapor saturation enthalpy and ends when the bulk enthalpy reaches liquid satura-

tion enthalpy. However, past flow visualization experiments [77] on the cooling of

pure superheated refrigerants have shown that vapor begins to condense as soon as

the wall temperature drops below the saturation temperature, even when the bulk

enthalpy is above the saturation vapor enthalpy. In this so-called superheated con-

densation region, the measured local heat transfer coefficients are much greater than

those predicted by single-phase vapor correlations. This is visually illustrated in a

schematic in Figure 1.3.

Similarly, condensation continues to occur even when the bulk enthalpy is less
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Figure 1.3: A schematic highlighting the differences in the condensation phenomena
considered by the conventional modeling approach and the reality. The conventional
modeling approach ignores superheated and subcooled condensation.

than the saturated liquid enthalpy. This discrepancy exists because the conventional

equilibrium treatment ignores the radial variation in temperature for flow condensa-

tion in a tube. Thereby, the sensible cooling of the liquid condensate film throughout

the condensation process is considered negligible. However, as indicated by the above

discussion on film condensation of zeotropic mixtures, a driving temperature gradient

must exist between the liquid, vapor, and the liquid/vapor interface. This is true for

both single and multi-component fluids. Because the liquid film must be subcooled

and the heat flux transferred in the two-phase regime is a combination of latent and

sensible heat fluxes, complete condensation can not occur when the bulk enthalpy
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reaches the saturated liquid enthalpy. Otherwise, a departure from the conservation

of energy will occur.

As condensation occurs outside the bounds of the traditionally defined two-phase

region, it is extremely important to understand the pressure drop and heat trans-

fer for those conditions. These non-equilibrium effects are of increasing importance

for high-temperature heat pumps and heat pump water heaters, where there may

be significant desuperheating from the compressor outlet. For example, the review

by Arpagaus et al. [6] indicates that the superheat for refrigerant entering the con-

denser in a high temperature heat pumps may be as high as 35 ◦C. Furthermore,

accurately predicting superheated, and subcooled condensation heat transfer offers

an opportunity to design more compact heat exchangers.

1.4 Dissertation organization

For a successful transition to low GWP refrigerant mixtures in the HVAC&R in-

dustry, it is critical that the heat and mass transfer of these refrigerants is well

understood. Furthermore, this transition can also serve as an opportunity to de-

velop a condenser modeling methodology that considers the effects of superheated

and subcooled condensation. However, doing so requires further exploration of the

phenomenon. Thus, this dissertation adopts a systematic approach to investigating

the superheated, saturated and subcooled condensation of low GWP zeotropic re-

frigerant mixtures. The chapters in this dissertation are structured in the following

manner:
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1. Chapter 2 presents an in-depth discussion of the prior heat transfer and pres-

sure drop investigations on the condensation of single- and multi-component

fluids. Various modeling strategies used by previous investigators, based on

equilibrium and non-equilibrium assumptions, are introduced. Informed by

the existing literature, the scope and the objectives of the current study are

finalized.

2. Chapter 3 provides the details of the experimental facility used in this study.

Furthermore, the data reduction methodologies used to calculate quasi-local

heat transfer coefficients and pressure drop in the test section are described.

3. Chapter 4 presents the heat transfer and pressure drop results. The measured

data is compared against correlations from the literature.

4. Chapter 5 presents the development of a novel modeling methodology for pre-

dicting superheated, saturated, and subcooled condensation of low GWP refrig-

erant mixtures. This model is evaluated against measured data to determine

its accuracy. Furthermore, the design of a condenser for a commercial refrigera-

tion system is carried out, using both the conventional modeling approach and

the novel modeling approach from this study. The difference in the resulting

heat exchanger areas is highlighted.

5. Chapter 6 presents the conclusions and contributions from the study, and iden-

tifies the relevant topics for future research.
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Chapter 2: Prior Work

In-tube condensation has been studied extensively due to its relevance in a range of

industries including the nuclear, chemical process, and HVAC&R industry. A consid-

erable amount of research effort has been directed towards investigating condensation

of steam, as well as the adiabatic two-phase flow of water/air and oil/air mixtures,

due to their relevance to power generation and petroleum industry [13, 95, 68, 71].

However, refrigerants typically operate at much higher reduced pressures and

have significantly lower surface tension compared to water. Thus, empirical and

semi-empirical prediction methods developed for condensation of steam often trans-

late poorly to condensation of synthetic refrigerants. Furthermore, the operating

conditions and geometries of the heat exchangers for these applications differ signif-

icantly.

Therefore, this review focuses specifically on the condensation of single-component

and multi-component synthetic refrigerants and identifies the gaps in the literature

that the present work addresses. This review begins with the pressure drop and

condensation heat transfer of pure fluids, and the relevant heat transfer mecha-

nisms associated with it. Studies on the condensation of zeotropic mixtures are then

reviewed. Finally, prior work on the superheated and subcooled condensation of

refrigerants is presented.
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2.1 Pressure drop

For a steady condensing two-phase flow in a channel, the total pressure gradient

consists of three terms (as shown in Carey [15] and Garimella and Fronk [45]):

(
− dP

dx

)
T

=

(
− dP

dx

)
g︸ ︷︷ ︸

Hydrostatic pressure gradient

+

(
dP

dx

)
a︸ ︷︷ ︸

Acceleration pressure gradient

+

(
− dP

dx

)
f︸ ︷︷ ︸

Frictional pressure gradient

(2.1)

The hydrostatic pressure gradient accounts for any gravitational effects. Its mag-

nitude depends on the orientation of the channel, the void fraction of the flow, and

the liquid and vapor phase densities. The acceleration pressure gradient considers

the pressure gain due to deceleration of the flow as it condenses from vapor to a

denser liquid phase. It can be evaluated from a momentum balance on a given

control volume.

During condensation, the vapor travels at a much higher velocity than the liquid

due to a large phase density difference and to satisfy continuity. Rayleigh-–Taylor

instabilities are observed at the interface between the vapor and liquid phases. There-

fore, the frictional pressure drop occurs due to the combination of shear between the

fluids and the wall, as well as the interfacial shear between the gas and vapor phases.

Purely analytical determination of the frictional pressure gradient for condensing

flows is challenging because of the formation of complex flow structures. Therefore,

past researchers have developed empirical and semi-empirical relations to accurately

estimate the frictional pressure gradient for specific fluids and geometries. This



16

is typically done by introducing two-phase multipliers (Φ) (originally proposed by

Lockhart and Martinelli [72]). In general, the two-phase multipliers are a function

of the channel geometry, flow quality, mass flux, and fluid properties. With a known

two-phase multiplier, the frictional pressure drop can be calculated as:

(
− dP

dx

)
f

= Φ2
LO

(
− dP

dx

)
f,LO

(2.2)

The term on the right hand side of Equation 2.2 represents the pressure gradient

for single-phase liquid flowing at the same total mass flux as the two-phase mixtures.

2.1.1 Prediction methods

Several two-phase multiplier correlations have been introduced by researchers to

account for different fluids, tube diameters and channel geometries [11, 75, 22, 23].

Among one of the most widely cited two-phase pressure drop correlations, the empir-

ical Friedel [39] correlation was developed by considering adiabatic 25,000 frictional

pressure drop data points with a wide range of fluids (water, refrigerants, air, oil,

etc.) and tubes (12 mm < Dh < 49 mm). It considers the two-phase Weber number

(WeTP ) and Froude (FeTP ) number to account for surface tension and gravitational

effects. The effect of mass flux is accounted by incorporating the vapor-only (fvo)

and liquid-only (flo) friction factors. The Friedel [39] correlation has been reported

to show good agreement with condensation data for a variety of working fluids and

operating conditions [16, 30, 105, 94]. For horizontal flow, the liquid only two-phase

multiplier is defined as:
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Φ2
LO = C1 +

3.21C2

Fr0.0454TP We0.035TP

(2.3)

C1 = (1− x)2 + x2
(
ρlfvo
ρvflo

)

C2 = x0.78(1− x)0.224
(
ρl
ρv

)0.91(
µv
µl

)0.19(
1− µv

µl

)0.7

Müller-Steinhagen and Heck [83] developed an empirical correlation that was

validated using a large database of experimental pressure drop (including the data

used by Friedel [39] and Martinelli and Nelson [75]). This correlation uses the single-

phase vapor and liquid pressure drops as bounds and thus, shows no discontinuity

between the single-phase correlations and two-phase correlations when the quality

equals one and zero.

Earlier research on two-phase pressure drop was focused on primarily on air/water

and some air/oil mixtures [78]. However, the thermophysical properties of the these

mixtures differ significantly from those of synthetic refrigerants that are of interest

in this study. Haraguchi et al. [48] developed a correlation by analysing the pressure

drop data of R22, R134a and R123 in an 8.4 mm horizontal tube. The correlation is

defined in terms of the turbulent-turbulent Martinelli parameter (Xtt) and the vapor

two-phase multiplier:

Φ2
V = 1 + 0.5

[
G√

gdρv(ρl − ρv)

]0.75
X0.35
tt (2.4)

Xtt =

(
ρl
ρv

)0.571(
µv
µl

)0.143(
1− x
x

)
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Soliman et al. [98] also developed a simple empirical correlation, by carrying out

a curve fit on the Lockhart-Martinelli [75] data, for predicting pressured drop in the

annular flow regime. The highest pressure drops during condensation occur in the

annular regime, which is generally associated with high qualities and thus, relatively

high vapor velocities. The correlation is valid for 0 < Xtt < 10,000):

Φ2
V = 1 + 2.85X0.523

tt (2.5)

The Cavallini et al. [19] correlation (Equation 2.6) has a similar form as the

Friedel [39] correlations and explicitly considered the effects of different tube surface

roughness and liquid entertainment in the vapor core in shear dominated flows (i.e.,

annular flows). This model was primarily developed for annular flows in minichannels

(Dh = 0.5 to 3.2 mm) but was also shown to be applicable to intermittent flows and

macro tubes (Dh = 8 mm).

(
− dP

dx

)
f

= Φ2
LO2f ∗LO

G2

DhρL
(2.6)

f ∗LO = 0.046Re−0.2LO

Φ2
LO = Z + 3.595FH(1− E)W

W = 1.398Pr

Z = (1− x)2 + x2
(
ρl
ρv

)(
µl
µv

)0.2

F = x0.9525(1− x)0.414
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H =

(
ρl
ρv

)1.132(
µv
µl

)0.44(
1− µv

µl

)3.542

Later, Del Col et al. [31] compared their experimental data from five different

test sections, with different geometries (circular, square and irregular) and diameters

(Dh = 0.76 to 2 mm), with the Cavallini et al. [19] model. They found that the

model overestimated the contribution of surface roughness effects for low liquid-only

Reynolds number (i.e., laminar region). Del Col et al. [31] argued that this is due

to the fact that surface roughness effects on the pressure drop are comparatively

negligible for laminar flows. Therefore, they proposed a modified definition of the

liquid-only friction factor which accounted for the surface roughness effects only in

the transition and turbulent regions.

Andresen et al. [5] collected condensation data for refrigerant blends R404A and

R410A at near-critical pressures (Pr = 0.8, 0.9) in five channels sizes (0.76 <D <9.4

mm). The experimental data was generally overpredicted by the correlations from

the literature. They hypothesized that this is because the ratio of the liquid/vapor

densities and viscosities approaches unity at the critical point, and interfacial shear ef-

fects decrease. Thus, they proposed a two-phase multiplier correlation for predicting

the pressure drop during condensation of HFC refrigerant mixtures at near-critical

pressure.

2.1.2 Application to mixtures

Several past researchers have investigated if the two-phase frictional pressure drop

models developed for pure or azeotropic fluids can be extended to zeotropic mixtures.
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Koyama [66] collected pressure drop data for pure and three different mixtures (23

- 73% R22 by mole) of R22 and R114 inside an 8.32 mm spirally grooved horizontal

copper tube. Their data was well predicted by the Lockhart and Martinelli [72]

method for all fluids, regardless of the molar concentration.

Del Col and co-workers reported the pressure drop during adiabatic two-phase

flow of both pure and mixtures of R32/R1234ze(E) (23/77, 50/50 and 75/25% by

mass) with temperature glides equal to 10.9, 7.4, and 3, respectively ◦C [33, 32]. R32

is a HFC, while R1234ze(E) is a HFO refrigerant. The tests were conducted in a

0.96 mm micro-channel at Tsat,avg = 40◦C and mass fluxes from 200 kg m−2 s−1 to

800 kg m−2 s−1. The resulting data for pure fluids and mixtures were well predicted

by the Del Col et al. [31] model, with the Mean Absolute Percentage Error (MAPE)

equal to 7.7%.

Azzolin et al. [8] measured the pressure drop of zeotropic refrigerants R455A

(R32, R1234yf, and R744 at 21.5/75.5/3.0% by mass) and R452B (R32, R1234yf,

and R125 at 67.0/26.0/7.0% by mass) in an 8 mm tube and 0.96 mm tube. The

temperature glide of R455A and R452B are 9.8 ◦C and 1.1 ◦C, respectively. Two-

phase adiabatic pressure drops agreed well with the Friedel [39] correlation, with

a MAPE equal to 10.9%. Similar results have been reported in other studies on

the condensation of mixtures [2, 105], which confirms that models developed for

pure fluids can be successfully applied to zeotropic mixtures at similar operating

conditions. In the present study, the pressure drop was measured in addition to heat

transfer, and the observations from prior work were confirmed for the new refrigerants

under consideration here. These results are discussed in Chapter 4.
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2.2 Saturated condensation of pure fluids

The internal convective condensation behavior of pure saturated refrigerants has been

widely studied and is fairly well understood [44, 16, 18, 62]. Several past researchers

have developed semi-empirical heat transfer correlations that attempt to identify and

model the dominant heat transfer mechanisms.

As condensation begins in a tube, a thin layer of condensate film develops around

the surface. This layer of condensate continues to grow as more vapor condenses. In

a horizontal tube, this results in the development of the annular flow regime. The

liquid condensate travels at a much slower velocity than the vapor due to differences

in densities and to satisfy continuity. The shear between the vapor and liquid phases

causes the formation of interfacial waves as described by the Kelvin-Helmholtz insta-

bility theory. Generally, these waves tend to enhance heat transfer. In a horizontal

tube, eventually the weight of the condensate can no longer be supported in the

upper part of the tube and the effect of gravity becomes more significant, a pool of

liquid begins to form at the bottom of the tube. This is defined as the stratified-wavy

flow regime. In this regime, the vapor primarily condenses at the top of the tube

and travels down the tube walls. Past researchers [21, 101] have similarly modeled

this process using the Nusselt’s [84] laminar falling film analysis. The heat transfer

through the liquid pool is comparatively lower due to its higher thermal resistance.

At relatively low qualities (high liquid mass fraction) and high vapor velocities, the

transition to the intermittent regime may occur. This occurs when the magnitude

of the interfacial waves becomes larger than the tube diameter and discrete liquid

and vapor bubbles/slugs are formed. The heat transfer through this regime is a
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combination of annular flow and single-phase liquid flow.

The dominant thermal resistance during the in-tube condensation of pure satu-

rated vapors is the resistance through the liquid condensate. The main heat transfer

mechanisms that occur depend on the prevailing flow regime (e.g. annular, inter-

mittent, stratified-wavy). At the beginning of condensation, the thickness of the

condensate is thin and its thermal resistance is relatively small. Therefore, the high-

est heat transfer coefficients are associated with higher qualities. As condensation

proceeds, this resistance increases as the liquid condensate film thickness increases.

Similarly, the heat transfer further deteriorates as liquid pool forms at the bottom of

the tube in the stratified-wavy regime. Eventually, as the vapor quality approaches

zero, the heat transfer coefficients are reduced to those of single-phase convective

liquid flow.

Therefore, the ability to accurately predict heat transfer during condensation

depends on being able to accurately identify the expected flow regime for a given set

of operating conditions. Several flow regime maps have been introduced to determine

the conditions at which these regimes occur and the transition criteria between them

[99, 9, 14, 74]. Taitel and Dukler [99] were among the first researchers to develop

transition criteria based upon the underlying physics, rather than just relying on

empirical data. Earlier efforts focused on adiabatic two-phase flows such as air-

water and air-oil mixtures [9]. These have shown to have limited applicability when

extrapolated to condensing flows [14, 20]. Furthermore, the predictions from these

flow maps do not always agree with each other, and different authors have introduced

different names for similar flow structures. This is because the process of collecting
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flow regime data often involves visually determining the regime and therefore, can

be highly subjective.

Garimella and Fronk [45] state that the main relevant regimes for condensation

modeling in large horizontal tubes are annular and stratified wavy regimes. This

is because the transition between these regimes distinguishes whether the dominant

heat transfer mechanisms are shear driven or gravity driven. This argument was

also used as the basis of the semi-empirical heat transfer correlation by Dobson and

Chato [36]. In their model, they considered the relative contribution of the shear

and gravity effects during condensation. The height of the pool during gravity driven

condensation was obtained by determining θ (Figure 2.1), the upper angle of the tube

not wetted by the stratified liquid. The Zivi [112] model was used to determine the

void fraction. Dobson and Chato [36] used condensation data of refrigerants (R-12,

R-22, R-134a and R-32/R125 mixtures) in horizontal tubes (3.14 < D < 7.04 mm) at

varying mass fluxes (25 < G < 800 kg m−2 s−1) to guide development of their model.

The Thome et al. [101] multi-regime condensation model uses the flow regime map

of El Hajal et al. [37] to identify the dominant heat transfer mechanisms occurring for

a given flow. For annular, intermittent and mist flows, the heat transfer primarily

occurs through the thin liquid film that develops between the vapor core and the

inner surface of the tube. For stratified and wavy-stratified flows, the heat transfer

is a combination of the falling film heat transfer, αf at the upper surface of the tube

and the convection heat transfer coefficient, αc through the liquid pool. A visual

representation of the falling film and pool are shown in Figure 2.1. Again, the depth

of the liquid pool, as well as the areas associated with each mode of heat transfer
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Figure 2.1: Schematic of the falling film and liquid pool during gravity driven con-
densation, from Thome et al. [101]

can be determined by evaluating θ. The resulting two-phase heat transfer coefficient

can be modeled as:

α =
[θαf + (2π − θ)αc

2π

]
(2.7)

Another multi-regime model was introduced by Cavallini et al. [20] for the con-

densation of refrigerants. Later on, Cavallini et al. [21] presented a simplified, easier-

to-implement version of the model which was developed from an extensive database

of condensation heat transfer data in tubes with D > 3 mm. The model accounts

for different flow regimes by categorizing them into either ∆T-dependent or ∆T-

independent flows. ∆T is the temperature difference between the wall and the fluid

saturation temperature. ∆T-independent flows include annular and intermittent

flows, where the flow structure is shear dominated and heat transfer is primarily due
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to convection. For ∆T-independent flows such as stratified and stratified-wavy flows,

the role of gravitational force is more significant. The transition criterion in this

model is defined in terms of transition dimensionless gas velocity JG, which is based

upon the turbulent-turbulent Lockhart−Martinelli parameter. The model showed

good agreement with 4471 experimental data points (representative of hydrochlo-

rofluorocarbon, HFC, hydrocarbon, ammonia, water, and carbon dioxide condensa-

tion), with the MAPE equal to 15%. The two relations proposed by Cavallini et al.

[21] for temperature-independent and temperature-dependent regimes are shown in

Eq. 2.8 and Eq. 2.9.

∆T-independent:

αa = αlo

[
1 + 1.128x0.8170

(
ρl
ρv

)0.3685(
µl
µv

)0.2363(
1− µv

µl

)2.144

Pr−.1L

]
(2.8)

∆T-dependent:

αd = [αa(J
T
G/JG)0.8 − αSTRAT ](JG/J

T
G) + αSTRAT (2.9)

αSTRAT = 0.725

[
1 + 0.741

(
1− x
x

)0.3321
]−1[

k3l ρl(ρl − ρv)ghlv
µlD∆T

]0.25
+ (1− x0.087)αlo

where the αlo is the single-phase liquid-only heat transfer coefficient evaluated

using Dittus and Boelter [35] correlation. In Equation 2.9, the ∆T term is not

known. Therefore, an iterative solution is required to calculate both the ∆T and αd
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for a given heat flux condition.

Other authors have relied on purely empirical approaches to predict condensation

heat transfer coefficients. The highly cited Shah [90] correlation was developed by

analyzing condensation data in horizontal tubes for a wide range of operating condi-

tions and fluids. Later, Shah [89, 92, 91] presented revised versions of the correlation

which were validated against a database containing condensation data for 33 fluids,

tubes with diameters ranging 0.1 to 49 mm, reduced pressures ranging from 0.0008

to 0.946, and mass fluxes from 1.1 to 1400 kg m−2 s−1. In the latest version of the

correlation, three purely empirical regimes were defined. The heat transfer in regime

I is evaluated using a two-phase multiplier type correlation for annular flow (similar

to the one suggested in Shah [90]):

αI = αlo

[(
1 +

3.8

Z0.95

)(
µl

14µv

)0.0058+0557Pr
]

(2.10)

Z = (1/x− 1)0.8P 0.8
r

The heat transfer in regime III is evaluated in a similar manner as Nusselt’s

analysis [84]:

αNu = 1.32Re
−1/3
LO

[
k3l ρl(ρl − ρv)g

µ2
l

]1/3
(2.11)

The heat transfer in regime II is a sum of αI and αNu. The transition criteria

between regimes are defined in terms of the dimensionless gas velocity and vapor-

only Weber number. Despite their simplicity and lack of theoretical background, the

correlations by Shah are able to predict the condensation heat transfer coefficients
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fairly well. For this reason, the latest Shah [91] correlation was recommended in

the ASHRAE [7] handbook for predicting condensation heat transfer coefficients of

refrigerants.

2.2.1 Condensation of pure Hydrofluoroolefins (HFOs)

As discussed in the Chapter 1, new refrigerant mixtures comprised of HFCs and

HFOs have been proposed as alternatives to high GWP HFCs. The condensation

behavior of HFCs in mini- and micro-channels has been widely studied and is well

understood [16, 67, 102, 94, 10]. On the contrary, the condensation of HFOs is still a

relatively new area of research and has received much attention recently. Some of the

notable HFOs include R1234ze(E), R1234yf, and R1233zd(E), which have a GWP

equal to or less than 1. Therefore, their adoption in HVAC and power generation

industries may greatly reduce the environmental impact of these industries. However,

it is also critical to investigate the heat transfer performance of these refrigerants, as

it is directly related to the size and COP of the system. It is also crucial to compare

HFO performance to that of their HFC predecessors to determine their viability as

substitutes. Therefore, a summary of the studies investigating the condensation of

pure HFO is presented in this section.

Both R1234yf and R1234ze(E) have been proposed as potential replacements

for R134a for applications in mobile air conditioning systems, refrigerators, energy-

efficient chillers, etc. Del Col et al. [30] experimentally measured the local heat

transfer coefficients of R1234yf in a 0.96 mm horizontal channel at a constant sat-
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uration temperature equal to 40 ◦C. The measured heat transfer coefficients were

well predicted by the Cavallini et al. [21] correlation. Furthermore, the heat trans-

fer coefficients of R1234yf were 15 to 30% lower than those of R134a at the same

operating conditions. This degradation increased with increasing quality and mass

flux. This difference in performance is due to the fact that R1234yf has a thermal

conductivity 18% lower than R134a. In addition, R1234yf has a lower liquid density

and viscosity, and higher vapor density. This results in 10-12% lower pressure drop

compared to R134a. [52] reported similar conclusions in their investigations in a

horizontal multi-port test section with 1.16 mm hydraulic diameter.

Del Col et al. [34] compared the measured local heat transfer coefficients and fric-

tional pressure drop values for pure R1234ze(E) in a 0.96 mm horizontal tube against

R32, R134a and R1234yf. Experiments were conducted at mass fluxes ranging from

200 kg m−2 s−1 to 800 kg m−2 s−1, and at a nominal saturation temperature equal

to 40 ◦C. They concluded that the heat transfer coefficients of R1234ze(E) were

comparable to those of R134a, while the resulting two-phase frictional pressure drop

values for R1234ze(E) were 18-28% higher than for R134a at similar operating con-

ditions. Among the 4 refrigerants tested, R1234yf exhibited the lowest heat transfer

coefficients and R32 exhibited the highest heat transfer coefficients. The Cavallini

et al. [21] and Del Col et al. [31] correlations exhibited good agreement with the ex-

perimental heat transfer coefficients and frictional pressure drop values, respectively.

Hossain et al. [51] also studied the condensation of R1234ze(E) in a 4.35 mm

horizontal tube and compared its performance to refrigerants R32 and R410A. Tests

were conducted at three different saturation conditions (35, 40 and 45 ◦C) and mass
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fluxes ranging from 150 kg m−2 s−1 to 400 kg m−2 s−1. Their results indicated that

heat transfer coefficients for R1234ze(E) were 30% lower than R32 and pressure

drop values were 26-50% higher than R32. Their heat transfer coefficient data was

predicted well by the Haraguchi et al. [49] and Dobson and Chato [36] correlations.

The pressure drop results were best predicted by the Miyara et al. [79] correlation.

In an independent past research project [53], we investigated the condensation

of HFO R1233zd(E) as a potential replacement for HFC R245fa for application in

Organic Rankine Cycle (ORC) systems. We collected heat transfer and pressure drop

data for condensing R1233zd(E) in a 4.7 mm horizontal tube at 2 different saturation

conditions (Tsat = 45 and 60 ◦C) and mass fluxes ranging from 100 kg m−2 s−1 to

400 kg m−2 s−1. The measured data were then compared with various condensation

correlations from the literature. Shah [90, 91], Cavallini et al. [21] and Thome et al.

[101] correlations were all able to predict the experimental heat transfer coefficient

well, with MAPEs less than 15%. The best performing correlations were then used

to design an air-cooled condenser for a 1 MW ORC plant. A similar analysis was

conducted for R245fa using experimentally validated correlations from the literature.

Replacing R245fa with R1233zd(E) leads to 2.7% reduction in size but an 18.9%

increase in the refrigerant pressure drop for equivalent power production.

Thus, it is clear from the review of literature that in general, the performance

of pure HFO refrigerants is lower than that of their HFC predecessors, due to the

differences in thermodynamic properties. These HFO refrigerants are not suitable

for “drop-in” replacement into existing technologies. Critical components such as

condensers must be redesigned and optimized for HFOs, which may result in the
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increased footprint of the equipment or reduction in the COP. This further demon-

strates the need for HFC/HFO refrigerant mixtures as working fluids. They offer

the opportunity for greater performance benefits from HFCs while still reducing the

impact on the environment from HFOs. While R1234yf and R1234ze(E) are pro-

posed replacements for R134a in a variety of medium pressure applications, there

are no pure HFOs available for replacing HFCs, R404A, and R10A, in high pressure

applications such as industrial refrigeration and commercial HVAC. This necessitates

the research into HFC/HFO mixtures for finding potential replacement candidates

for these applications.

2.3 Non-equilibrium condensation of pure fluids

A large majority of the past research on the condensation of pure refrigerants has been

focused on saturated condensation. For these studies, the fluid is assumed to be in

equilibrium at each axial cross section along the tube, and the effects of superheated

and subcooled condensation are considered negligible. This is done because:

• It simplifies the calculation procedure.

• It results in an oversized heat exchanger which may be desirable for a conser-

vative design.

• Until recently, there has been a lack of validated methods for predicting non-

equilibrium condensation heat transfer coefficients.

However, this assumption is not supported by our theoretical understanding of
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heat transfer (Section 1.3). Furthermore, accurately predicting non-equilibrium con-

densation offers an opportunity to design more compact heat exchangers, resulting

in economic savings and reduction in the footprint of the equipment.

One of the earliest theoretical models on superheated condensation was presented

by Webb [104] in 1998. In his paper, Webb mentions the surprising lack of prior

literature available on superheated condensation. He proposed that the heat transfer

to a condensing superheated vapor, flowing inside of a tube, can be modeled as the

sum of the sensible and latent component (Equation 2.12).

q′′superheat = q′′sensible + q′′latent (2.12)

Equation 2.12 can be further rewritten in terms of the sensible and latent heat

transfer coefficients, and their respective driving temperature differences:

αsuperheat(Tsat − Twall) = αsensible(Tb − Tsat) + αlatent(Tsat − Twall) (2.13)

αsuperheat = αsensible
(Tb − Tsat)

(Tsat − Twall)
+ αlatent

where Tb and Twall are the refrigerant bulk and tube wall temperatures. The sensible

and latent heat transfer coefficients may be predicted using the Dittus and Boelter

[35] and Shah [90] correlations, respectively. Webb [104] also suggested an expression

to account for the mass transfer of vapor to the interface, similar to the Ackermann

correction factor [1]. As the superheat approaches zero, the contribution of the sen-

sible heat transfer coefficient disappears in Equation 2.13. The framework proposed

by Webb [104] was an elementary effort on the topic and was not rigorously vali-
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dated against experimental data. Furthermore, a procedure on how to predict the

quality during superheated condensation was not included in the work. This quality

is required as an input for most two-phase condensation models such as Shah [90].

In 2012, Kondou and Hrnjak [64] experimentally measured heat transfer coeffi-

cients during cooling of pure superheated CO2 and R410A in a 6.1 mm tube. A

wide range of superheats (0 - 40 ◦C), reduced pressures (0.55 - 0.95) and heat fluxes

(3 to 20 kW m−2) were tested. Some of their results are presented in Figure 2.2,

which shows plots of measured and predicted heat transfer coefficients versus the

bulk enthalpy for three different reduced pressures for each fluid. The experimental

data is denoted with red markers, which were defined using the temperature dif-

ference between the bulk and tube inner wall in the superheated region. The blue

lines in the plots show the predictions of the Cavallini et al. [21] correlation in the

two-phase region and the Gnielinski [46] correlation (dotted line) in the single-phase

region. The maximum heat transfer coefficients are associated with the saturation

vapor enthalpy ( x = 1, vertical green dotted line). The heat transfer coefficients in

the two-phase region are well predicted. However, the heat transfer coefficients in

the superheated condensation region (which corresponds to enthalpies higher than

the saturation vapor enthalpy) are significantly under predicted by the Gnielinski

[46] correlation. These results confirmed the existence of superheated condensation.

To improve predictions in the superheated region, Kondou and Hrnjak [64] pro-

posed a similar prediction method as Webb [104], but modified the driving temper-

ature associated with superheated condensation heat transfer coefficient αsuperheat

to (Tb − Tw), instead of (Tsat − Tw) (Equation 2.13). Kondou and Hrnjak [64] sug-
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Figure 2.2: R410A and CO2 heat transfer coefficients in the superheated and satu-
rated condensation regions at reduced pressures 0.68, 0.81, and 0.95, from Kondou
and Hrnjak [64]
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gested using the Cavallini et al. [21] and the Gnielinski [46] equations for predicting

the latent and sensible heat transfer coefficients. For the calculations in the super-

heated region, the bulk thermodynamic quality was assumed to be equal to 0.9999.

A MAPE value was never evaluated to quantify the agreement with the correlation

in the superheated condensation region.

Later, Agarwal and Hrnjak [4] tested various two-phase correlations (including

the Thome et al. [101], Dobson and Chato [36] and Haraguchi et al. [49] correlations)

to see if that would allow them improve the predictions from Kondou and Hrnjak

[64] model. They compared their experimental data for superheated condensation

of R32, R134a, and R1234ze(E). The superheat temperatures were varied from 5◦C

to 50◦C. In the end, they found the Cavallini et al. [21] correlation to best predict

their data, as originally proposed by Kondou and Hrnjak [64]. The resulting MAPE

values in the saturated and superheated condensation regions were 12% and 23%,

respectively.

Agarwal and Hrnjak [3] then further refined Kondou and Hrnjak’s model by

incorporating the areas associated with the vapor and liquid condensate during con-

densation. The thickness of the annular film in the superheated regime was evaluated

by using Nusselt’s falling film analysis. This is questionable because the main driv-

ing mechanism in Nusselt’s falling film analysis is gravity, while shear forces are

expected to dominate in the annular regime. Agarwal and Hrnjak [3] also extended

their analysis to subcooled condensation. The new model allowed them to improve

their agreement with data, with MAPE = 15.8% for all their data (including the

superheated, two-phase, and subcooled regimes). Figure 2.3 shows a schematic of
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the differences in the modeling approach of Kondou and Hrnjak [64] and [3], as well

as the conventional method.

To be more generally applicable, a good heat transfer model must provide ac-

curate predictions while also providing an accurate representation of the underlying

physical mechanisms. For calculating heat transfer in the superheated region, both

the Kondou and Hrnjak [64] and Agarwal and Hrnjak [3] models assume that the

bulk quality xb is approximately equal to one. However, in reality, the true quality

x in this region is lower than one, since condensation is actively occurring. Further-

more, a discrepancy between the true quality and equilibrium quality exists in the

two-phase region, which is not accounted for. Xiao and Hrnjak [108] attempted to

address this issue by introducing the superficial quality (Equation 2.14).

xsup =
h− hend

honset − hend
(2.14)

where honset and hend represent the bulk enthalpies at location where condensation

begins and ends, respectively. The onset of condensation can be determined by

evaluating the bulk refrigerant temperature at the point where the associated wall

temperature will decrease below the saturation temperature. Upstream of this point,

single phase vapor flow occurs and therefore, heat transfer can be predicted using

single-phase correlations. Equation 2.15 shows this criteria in mathematical form:

Tb,onset = Tsat +
q′′

αonset
(2.15)

Xiao and Hrnjak [108] suggested the following empirical criteria for predicting
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Figure 2.3: Predicted heat transfer coefficients versus bulk enthalpy using a) conven-
tional approach b) Kondou and Hrnjak’s [64] method c) Agarwal and Hrnjak’s [3]
method, from Agarwal and Hrnjak [3].
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the end of condensation:

Tb,end = Tsat − 0.33
q′′

αend
(2.16)

By definition, the film heat transfer coefficient during condensation is defined as

the ratio between total heat flux through the film divided by the temperature dif-

ference between the liquid/vapor interface and the tube wall surface (Equation 1.2).

In the two-phase flow region, the liquid/vapor interface is equal to the saturation

temperature for pure fluids. Furthermore, the resistance due to the convection in

the vapor-phase is negligible and the dominant resistance is of the liquid conden-

sate (as discussed in Section 2.2). Therefore, the heat transfer coefficients decrease

as the liquid condensate resistance increases. However, this is not observed during

superheated condensation, as the heat transfer coefficients increase until reaching

a maximum at x = 1 and then decrease. Xiao and Hrnjak [107] attributed this

discrepancy to the fact that the experimental heat transfer coefficients measured

during superheated condensation are not the film heat transfer coefficients, but also

comprise of the sensible vapor convective resistance. These so-called apparent heat

transfer coefficients are evaluated by considering the bulk refrigerant temperature

instead of the interface temperature. Therefore, Xiao and Hrnjak [108] introduced

a condensation model to evaluate the film heat transfer coefficient. A peak for film

heat transfer coefficients is observed at the onset of condensation and from thereon,

they decrease as condensate film continues to grow. In the superheated and sub-

cooled regions, Xiao and Hrnjak [108] suggested using Equation 2.17 to obtain the

apparent heat transfer coefficient.
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αapparent =
Tsat − Tw
Tb − Tw

αfilm (2.17)

Based on two-phase visualization experiments, Xiao and Hrnjak modified the

flow regime map of El Hajal et al. [37] to account for non-equilibrium effects during

condensation of pure fluids [109, 110, 111].

A review of the literature reveals limited research on superheated condensation,

primarily by Hrnjak and coworkers. There are even fewer investigations that address

the superheated condensation of refrigerant mixtures. In general, the mixture ef-

fects are more pronounced for higher temperature glide mixtures [43]. Thus, in this

study, we explore in detail the effects of superheated and subcooled condensation for

mixtures. Furthermore, the applicability of superheated and subcooled condensation

models to zeotropic mixtures is investigated.

2.4 Condensation of mixtures

Recently, the condensation of refrigerant mixtures has received an increased amount

of attention in the quest to find the best low GWP fluids for use in HVAC&R

industry. However, research on the condensation of mixtures dates back to the early

twentieth century due to its application in other industries such as chemical process

and power generation. In this section, modeling methods for predicting heat transfer

coefficients and experimental studies on the condensation of mixtures in horizontal

tubes are reviewed. Excellent reviews by Fronk and Garimella [41, 40, 45] provide

an additional detailed discussion on zeotropic condensation.
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2.4.1 Modeling methods

Zeotropic condensation is complex due to the coupled heat and mass transfer. The

review by Fronk and Garimella [41] on zeotropic condensation indicates conventional

condensation correlations for pure fluids cannot be accurately applied to mixtures.

Unlike saturated condensation of pure fluids, the total heat rejected is a combination

of sensible and latent heat. While the liquid/vapor interface temperature for these

mixtures is often assumed to be equal to the equilibrium saturation temperature, in

reality, the temperature is somewhere in between the equilibrium saturation tempera-

ture and bubble temperature, depending on the local interface concentrations. Fronk

and Garimella [42] showed that deviation between these temperatures is significant

for high glide mixtures, lowering the driving temperature difference and degrading

heat transfer. Furthermore, the sensible heat transfer resistance in the vapor phase

may significantly limit the resulting condensation process.

A non-equilibrium methodology, first introduced by Colburn and Drew [26] in

1937, has been shown to accurately capture the mechanisms of zeotropic condensa-

tion. As implied by the name, the local compositions and temperatures in vapor,

liquid and at the interface are treated as different and tracked as condensation pro-

ceeds along the length of the condenser. The basic assumptions are (from Garimella

and Fronk [45]):

• Thermodynamic equilibrium is assumed only at the interface.

• Heat and mass transfer in the vapor phase occurs in a thin film near the

interface.
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• Only the heat and mass transfer in the direction perpendicular to the film is

considered.

For condensation of a binary mixture (schematic shown in Figure 1.2), the molar

flux of the more volatile component (Ṅ1) to the interface is given as:

Ṅ1 = (Ṅ1 + Ṅ2)ỹ1 + βv
dỹ1
dη

(2.18)

where ỹ1, βv, η are the molar concentration, mass transfer coefficient and distance

from the interface. Equation 2.18 can be integrated across the vapor film to obtain

the total condensing flux:

ṄT = (Ṅ1 + Ṅ2) = βvln
Z − ỹ1,i
Z − ỹ1

(2.19)

where Z = Ṅ1/ṄT . With the knowledge of the total condensing flux and the

composition, the latent flux can be determined as a function of the vaporization

enthalpies:

q′′λ = ṄTZh̃fg,1 + ṄT (1− Z)h̃fg,2 (2.20)

The sensible heat flux is evaluated by accounting for the effects of additional

convection from mass transfer to the interface (similar to Ackermann [1]):

q′′S,V = αv(Tv − Tint)
a

1− exp(−a)
(2.21)

a =
Ṅ1c̃p,1 + Ṅ2c̃p,2

αv
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The sum of the sensible and latent heat fluxes can then be used to determine the

total heat duty transferred through the liquid film.

q′′S,V + q′′λ + q′′S,L = αf (Tv − Tint) (2.22)

The Colburn and Drew [26] equations must be solved iteratively since the inter-

face temperature is not known a priori. It must also be combined with heat and

mass balances in both the liquid and vapor phases to provide closure. Lastly, ac-

curate results from the model are contingent upon the accuracy of the underlying

models used for predicting the heat and mass transfer coefficients for the relevant ge-

ometry of interest. This framework was revised by Price and Bell [86], who adopted

a segmented approach for easier implementation during the design of condensers.

To simplify the procedure, they assumed that the liquid film was well mixed, i.e.,

the concentration at the liquid interface is equal to the concentration of the entire

liquid film. Other researchers have developed modifications to the above approach

to account for application to various fluid mixtures including synthetic refrigerants

[17, 103], CO2/DME [2], ammonia/water[42], and other mixtures.

While the non-equilibrium method described above is a more realistic represen-

tation of the heat transfer process, it is computationally rigorous and difficult to

implement as it requires an iterative solution. An alternative is the simpler equi-

librium approach (also known as Silver, Bell and Ghaly, or SBG approach [12, 96]).

The SBG approach assumes that the liquid and vapor are in equilibrium at the fluid

bulk temperature, and the sensible heat from the bulk vapor is transferred to the

interface via convection only, without two-phase enhancement. The additional resis-
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tance due to mass transfer effects is not explicitly considered but rather correlated

to the sensible resistance in the vapor phase, as shown in Equation 2.23.

αmix =
[ 1

αcond
+Rs,v

]−1
=
[ 1

αcond
+

˙Qs,v

Q̇T

1

αv

]−1
(2.23)

where αcond, Rs,v are the condensate film heat transfer coefficient evaluated using

correlations for pure fluids with mixture thermodynamic properties and the sensible

resistance of the vapor, respectively.
˙Qs,v

Q̇T

is the ratio between the sensible heat

removed from the vapor and the total heat removed. It can be approximated as:

˙Qs,v

Q̇T

≈ xcp,v(Tdew − Tbubble)
hlv

(2.24)

where hlv is the latent heat of vaporization. The vapor phase heat transfer coef-

ficient, αv, is evaluated using the Dittus and Boelter [35] equation, assuming vapor

only flow. Silver [96], Bell and Ghaly [12] argued that this would result in a con-

servative estimate of the heat transfer which is desirable since mass transfer effects

are neglected. The SBG approach has enjoyed widespread use due to its simplicity

and accuracy in predicting heat transfer coefficients for mixtures typically used in

HVAC&R applications. However, caution must be exercised when implementing the

SBG method. Fronk and Garimella [43] demonstrated that the SBG method fails to

accurately predict heat transfer coefficients for high glide mixtures such as ammonia

and water. Macdonald and Garimella [73] presented a criterion which can be used

to determine the applicability of each type of model.

Several researchers in the past have adopted and modified the SBG method to
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improve the predictions for various fluid mixtures and to account for heat transfer in

various flow regimes [93]. Notably, Del Col et al. [29] modified the model of Thome

et al. [101] to predict heat transfer coefficient of zeotropic mixtures. Del Col et al.’s

model applied the additional SBG resistance to both the convective and the film

heat transfer coefficients in Equation 2.7. For the convection in the pool, the effect

of interfacial roughness on the vapor heat transfer coefficient αv was included by

introducing the interfacial friction factor fi. They also introduced a non-equilibrium

friction factor to the falling film heat transfer to account for non-equilibrium effects

in the stratified flow regimes.

2.4.2 Experimental studies

The experimental studies on convective condensation of mixtures are reviewed in

this section. In particular, an emphasis is placed upon the condensation of synthetic

refrigerant mixtures in horizontal tubes, due to their relevance to the HVAC&R field.

Furthermore, a discussion on the comparison between the experimental data from

these studies and predictions from correlations in the literature is included.

Koyama [66] investigated the condensation of R22 and R114, and their mixtures

in an enhanced copper tube with internal spiral groves (D = 8.3 mm). Experiments

were conducted at saturation temperatures ranging from 40 ◦C to 65 ◦C. They

found up to 20% degradation in the average heat transfer coefficients of the mixtures

compared to pure refrigerants. By conducting a statistical analysis of their data,

they proposed an empirical relation for heat transfer prediction. A similar approach
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was adopted by Tandon et al. [100] after investigating R22 and R12 mixtures.

Smit et al. [97] investigated zeotropic condensation of five different mixtures of

R22 and R142b (50% to 90% R22 by mass) in a 8.1 mm tube and a saturation

pressure equal to 2.43 MPa. The glides for these mixtures ranged from 2.5 ◦C to

6.5 ◦C. They reported a degradation in heat transfer coefficients with an increase in

R142b concentration. Particularly, the magnitude of degradation was more signif-

icant at lower mass flux (40 kg m−2 s−1 to 350 kg m−2 s−1) than higher mass fluxes

(350 kg m−2 s−1 to 800 kg m−2 s−1), with up to 33% degradation at lower mass fluxes

and only 7% degradation at higher mass fluxes. Their results were well predicted

by the Dobson and Chato [36] correlation, after accounting for mass transfer effects

using the SBG correction.

Shao and Granryd [93] studied the condensation behavior of refrigerants R32 and

R134a, as well as three of their mixtures (26.5, 55 and 74.5% by mass of R-32). The

experiments were performed in a circular copper tube with a 6 mm ID, at mass fluxes

ranging from 131 kg m−2 s−1 to 389 kg m−2 s−1. The resulting temperature glides for

the mixtures were within 3 - 5.8 ◦C. To account for the degradation in heat transfer

of mixtures, Granryd [47] used a similar approach as Silver, Bell and Ghaly [96, 12].

He developed a correction method that takes into account the additional resistance

due to mass transfer in both the gas and liquid phases, instead of just the gas phase.

While the agreement was never quantified, the correlation seemed to predict their

mixture data well.

In a two-part study, Fronk and Garimella [43, 42] conducted a comprehensive

investigation of condensation of large temperature glide mixtures of ammonia and



45

water (80% and 90%) in mini-channels. The experiments were conducted at a fixed

pressure equal to 1500 kPa and the corresponding temperature glides were equal

to 78 ◦C and 93 ◦C. They recommended a model based on the non-equilibrium

methodology by Colburn and Drew for predicting the heat transfer, as the equilib-

rium assumptions Silver [96], Bell and Ghaly [12] failed to capture the degradation

in heat transfer of these mixtures.

Del Col et al. [33] performed an experimental investigation on the condensation

behavior of binary mixtures of R1234ze(E) and R32 at two different mass com-

positions (77/23% and 54/46%). The corresponding temperature glides for these

mixtures were equal to 11 ◦C and 8 ◦C, respectively. Experiments were conducted

inside a horizontal tube with 0.96 mm I.D., at mass fluxes from 150 kg m−2 s−1 to

800 kg m−2 s−1 and saturation pressure equal to 13.7 bar and 17.7 bar. Measured heat

transfer coefficients were 10 to 32% lower compared to heat transfer coefficients cal-

culated assuming ideal linear interpolation between heat transfer coefficients of the

pure individual components at similar conditions. The degradation increased with an

increasing concentration of R1234ze(E), which was attributed to the mixture effects.

They used the Cavallini et al. [21] model with Silver-Bell-Ghaly [12] correction, to

account for mixture effects, to predicted heat transfer coefficients. Good agreement

was observed with a Mean Absolute Percentage Error (MAPE) equal to 6.7%.

Azzolin et al. [8] investigated the condensation heat transfer coefficients and two-

phase frictional pressure drop of R455A (R32, R1234yf and R744 at 21.5/75.5/3.0%

by mass) and R452B (R32, R1234yf and R125 at 67.0/26.0/7.0% by mass) inside a

0.96 mm and an 8 mm tube. The ∆Tglide for R455A and R452B are 9.8 ◦C and 1.1
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◦C, respectively. Experiments were conducted at an average saturation temperature

equal to 40 ◦C, at mass fluxes ranging from 100 to 600 kg m−2 s−1 for an 8 mm tube,

and 200 to 800 kg m−2 s−1 for 0.96 mm tube. The heat transfer coefficients in the

0.96 mm tube were higher than those in the 8 mm tube. The heat transfer coefficients

for both refrigerants and diameters were predicted with reasonable accuracy (MAPE

values lower than 20%) by the Cavallini et al. [21] correlation with the Silver [96], Bell

and Ghaly [12] approach used to correct for the additional heat and mass transfer

resistances. Azzolin et al. [8] noted that the degradation in heat transfer due to

mixture effects was more pronounced for the higher Tglide mixture, R455A. This is in

line with the conclusions of Kondou et al. [65] who reported condensation and boiling

heat transfer coefficients of two binary mixtures of R32/R1234ze(E) and two ternary

mixtures of R32/R1234yf/R744 in a microfin tube. Both Kondou et al. [65] and

Azzolin et al. [8] found the pressure drop of refrigerant mixtures to be well predicted

by correlations for pure fluids [19, 39].

2.5 Summary of the research needs

The literature review reveals two critical gaps in the condensation heat transfer liter-

ature (1) there is limited investigation of HFC/HFO zeotropic mixture heat transfer

and pressure drop, and (2) more broadly, there is limited investigation of refriger-

ant superheated and subcooled condensation, which is of increasing importance in

HVAC&R applications.

A majority of the past studies on in-tube condensation have focused on the charac-
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terization of single-component or azeotropic mixtures of HFCs. As described above,

zeotropic condensation differs significantly due to coupled heat and mass transfer re-

sistances and non-equilibrium effects. System-level experimental and simulated heat

pump investigations have shown that HFC/HFO zeotropic mixtures are promising

alternatives [81, 80, 82]. However, in addition to the thermodynamic considerations,

the heat transfer and pressure drop of these refrigerants must be investigated to de-

termine the effect on the resulting component sizes and system COPs. Currently,

there is a lack of experimental data available for condensation of these refrigerants

which can be used to test the applicability of the existing models and guide the

development of improved models and correlations.

A review of prior studies reveals two methodologies that have been used to model

condensation of zeotropic mixtures. The non-equilibrium framework by Colburn and

Drew [26] tracks the compositions and temperatures of the vapor, liquid and the

interface as condensation proceeds along the length of the heat exchanger. The Col-

burn and Drew [26] equations must be combined with heat and mass balances in

both the liquid and vapor phases, and then must be solved in an iterative manner.

Furthermore, predicting correlations for the liquid and vapor mass and heat transfer

coefficients are required for this method to provide accurate results. On the other

hand, the equilibrium approach of Silver, Bell and Ghaly [96, 12] simplifies the com-

putational procedure of predicting heat transfer coefficients by assuming equilibrium

between the vapor and liquid phases. This method also requires an accurate un-

derlying predicting correlation for the film heat transfer coefficient. Moreover, the

applicability of this method may be limited to low-temperature glide mixtures only.
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Thus, the predictions from this approach must be compared against experimental

HFC/HFO mixture data to determine if it is accurately able to capture the mixture

effects, or if more sophisticated approaches are needed.

Finally, conventional two-phase models for pure fluids assume a local equilib-

rium during condensation along the length of a heat exchanger. The heat transfer

in the two-phase regime is then defined in terms of the thermodynamic quality of

the flow. While this assumption may be appropriate for pure fluids with low inlet

superheat, significant deviations from this assumption occur during condensation of

highly superheated mixtures. Condensation occurs as soon as the wall temperature

drops below saturation and continues to occur even when the thermodynamic quality

approaches 0. Previous research indicates that the heat transfer in the so-called su-

perheated and subcooled condensation regions is much higher than those predicted by

single-phase vapor correlations. There is limited literature on this topic, primarily by

Hrnjak and coworkers. They have recently introduced empirical and semi-empirical

methods in an attempt to predict the heat transfer of single-component refrigerants

in these regimes. The first two models Kondou and Hrnjak [64], Agarwal and Hrnjak

[4] were heavily empirical and not based on real physical parameters. The subse-

quent model of Xiao and Hrnjak [108] removed some of the empiricism but has not

been validated for refrigerant mixtures. The non-equilibrium effects during zeotropic

mixture superheated condensation are expected to play an even more significant role

than for pure fluid superheated condensation. In his doctoral thesis, Xiao [106]

found that his non-equilibrium model for single-component fluids significantly over

predicted the results for R32/R1234ze(E) mixture condensation, and acknowledged
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the need for more work in this area.

2.6 Objectives of the current study

Based on the research needs from above, the objectives of the current investigation

are:

1. Design and build an experimental facility capable of measuring local heat trans-

fer coefficients during complete condensation of refrigerant mixtures.

2. Conduct condensation experiments for refrigerant mixtures (R448A, R450A,

R452A, R454B and R454C) at representative saturation temperatures, mass

fluxes and heat fluxes.

3. Assess the predictive capabilities of current heat transfer and pressure drop

correlations, as well as the equilibrium and non-equilibrium methodologies for

mixtures. Based on the results, provide recommendations for the best perform-

ing correlations for the design of HVAC&R equipment.

4. Develop and validate a heat transfer model, based on real physical parameters,

to predict the heat transfer in the superheated and subcooled condensation

regions.
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Chapter 3: Experimental Approach

This section provides a description of the experimental facility and the measurement

technique used in this study. This is followed by the details of the data reduction

methodology that was used to determine the quasi-local condensation heat transfer

coefficients and total two-phase frictional pressure drop from the measured values.

3.1 Design Considerations

An in-depth review of the literature reveals that the experimental techniques used

in the in-tube condensation studies to obtain quasi-local heat transfer can generally

be divided into two main categories:

1. The fluid is superheated at the test section inlet, and then undergoes complete

condensation in the test section. Local heat transfer coefficients are measured

by dividing the test section into segments.

2. The fluid is pre-conditioned such that it enters the test section as a two-phase

mixture of vapor and liquid. The inlet quality is determined from an energy

balance on the preheater. In the test section, the fluid undergoes a relatively

small quality change. The local heat transfer associated with the average qual-

ity in the test section is then measured through various means.
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A major shortcoming of the second technique for mixture condensation is that

the phase compositions at the test section inlet cannot be determined unless ther-

modynamic equilibrium is assumed. This assumption also fails to accurately capture

the effects of subcooling of condensate and superheating of the vapor at the test

section inlet. Furthermore, it is not possible to accurately quantify the mixing ef-

fects that occur between the preheater and the test section. It is also difficult to

implement the non-equilibrium framework of Colburn and Drew [26] for the second

configuration since the inlet conditions must be determined using the equilibrium

assumption. Therefore, the facility in the present study was designed based on the

first technique. Additional details of this measurement technique are provided in the

following sections.

However, this methodology does not provide a constant heat flux to the entire

test section. For each experimental condition, the local heat flux is evaluated by

performing an energy balance on the coolant and then dividing by the heat transfer

surface area. The heat flux can vary significantly as condensation proceeds along

the length of the tube due to changing condensation heat transfer coefficient and/or

driving temperature difference. These experiments are conducted to represent re-

alistic operating conditions in which a refrigerant is condensed in a heat exchanger

by a secondary fluid. For the experiments, the coolant flow rates were kept high

to ensure that coolant-side thermal resistance did not become a limiting resistance

for the process. In addition, the water inlet temperatures were set to ensure that

the driving temperature differences between the wall and refrigerant saturation were

greater than 30 ◦C. Thus, the non-constant heat fluxes throughout the test section
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did not affect the resulting measured heat transfer coefficients.

Finally, with this technique, the test section is further divided into sub-segments

to measure the quasi-local heat transfer coefficients along the length of the test sec-

tion. As part of this work, extensive testing was conducted to determine the optimal

lengths for test section segments. Reducing the spacing i.e, building shorter seg-

ments, allows for data collection with a higher resolution. However, this also results

in a smaller temperature change on the water-side for a given effects, increasing

the uncertainty in the measurement. Therefore, 19 cm long segments were imple-

mented for the current technique to measure data with a high-resolution which still

maintaining low uncertainty (on average under 10%).

3.2 Experimental setup

A schematic and photograph of the condensation facility are shown in Figure 3.1. The

refrigerant flows in the primary loop which uses a post cooler, positive displacement

pump, and evaporator to condition the flow into the test section. This facility does

not utilize a compressor or lubricating oil. At state point 1 in Figure 3.1a, the

refrigerant is in a superheated state as it enters the test section, which is a counter-

flow tube-in-tube heat exchanger. The refrigerant flows in the inner tube of the test

section and is completely condensed by the cooling water flowing in the annulus.

Sight glasses are located before and after the test section to ensure that no liquid

is present at the inlet and no bubbles are present at the outlet. At state point 2,

the liquid refrigerant flow is directed towards another tube-in-tube heat exchanger
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where it is further subcooled using a Neslab Merlin M150 recirculating chiller. The

chiller temperature can be adjusted from 5 ◦C to 35 ◦C.

The refrigerant is then pumped through the system using a GC series magnetic

drive gear pump from Micropump, with a M25 gear set. This gear set enables

a nominal volumetric flow rate of 0.9 L min−1 to 7.2 L min−1. At state point 4,

the refrigerant enters the evaporator section where it is completely vaporized and

superheated. The evaporator section is heated using three cartridge heaters from

Watlow with 12.7 mm (0.5 inch) diameter and 2300 W heating capacity each. The

power supplied to the heaters is adjusted using a silicon controlled rectifier (SCR)

to ensure that the refrigerant is superheated as it reaches state point 1. An inline

tube static mixer, with 21 spiral blades, is placed between the test section inlet

and the evaporator outlet to ensure that non-equilibrium effects are not present

and the superheated vapor is well mixed. The pressure in the refrigerant loop is

controlled using a piston accumulator connected to a nitrogen cylinder, which enables

the system volume to be varied.

The cooling water in the test section is circulated using a GJ series magnetic

drive gear pump from Micropump with N27 gear set. The water pump is coupled

with a DC variable speed drive and is able to achieve flow rates from 0.5 L min−1 to

6.5 L min−1. Volumetric flow rate, temperature and adjacent pressure measurements

are obtained to calculate the mass flow rate of the water. After the water leaves the

test section, it is cooled in a copper-brazed 316 stainless steel plate heat exchanger

using a NESLAB Merlin M150 recirculating chiller.
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Figure 3.1: Condensation Facility (a) Schematic (b) Photograph
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Figure 3.2: Rendering of the segments in the test section

3.3 Test section

The inner tube of the tube-in-tube test section is a copper tube with an inner di-

ameter equal to 4.7 mm and outer diameter equal to 6.3 mm. The outer tube is

constructed of clear PVC with an inner diameter equal to 15.8 mm and outer diam-

eter equal to 21.3 mm. The high thermal resistance of PVC reduces the heat loss to

the surroundings and the clear tube provides visual assistance during the placement

of the temperature sensors in the test section.

The test section is divided into seven segments. Each section is approximately

19 cm long. Figure 3.2 shows a visual representation of one of the segments. Quasi-

local heat transfer coefficients and the average quality are evaluated in each segment

as condensation proceeds along the tube. This is accomplished by measuring the

water inlet and outlet temperature at each segment, and the copper tube surface

temperature. As shown in Figure 3.2, the water temperature change is measured



56

using calibrated RTDs, which are immersed in the coolant flow path and secured

using tube fittings. To ensure that the temperature measured by the RTDs is ap-

proximately the bulk temperature of the water, the sensors are located at the center

of the annulus between the inner and outer tubes. 3D printed mixers constructed

from polylactic acid (PLA) were used to ensure that the water is fully mixed prior to

the temperature measurements (Figure 3.2). Furthermore, the mixers were placed

at least 5 cm away from the RTDs so that any nonuniformities due to mixing were

not captured in the measurement.

The surface temperatures are measured at the center of each section using self-

adhesive surface thermocouples with a polyimide base. The thermocouple design has

an increased surface area to facilitate conduction heat transfer between the copper

tube and thermocouple tip. The polyimide base is relatively thin (0.5 mm) and pro-

vides minimal resistance to the heat flux normal to the copper surface. A thermal

resistance network analysis was conducted to compare the difference in the measured

temperatures with and without the thermal resistance of the polyimide base. For the

experimental conditions in this study, the difference was less than ± 0.05 ◦C, which

is well within the uncertainty of the sensor (± 0.5 ◦C). Thus, for simplicity, the re-

sistance of the polyimide base was considered negligible. The surface thermocouples

wiring is routed through drilled holes in the PVC tube and sealed with epoxy.
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3.4 Facility charging process

After the experimental facility was built, isopropyl alcohol (IPA) was circulated in

the facility to remove any impurities leftover from the manufacturing processes of the

components. After discharging the IPA, the system was then purged with nitrogen.

To charge the system with the refrigerant, a vacuum was pulled on the system

down to 0.027 kPa (0.2 torr) to remove any liquid or gas impurities from the system.

The refrigerant is then allowed to enter the system via a standard refrigerant hose.

The refrigerant was charged as a liquid using two different methods:

1. Whenever available, refrigerant tanks with a Y-Valve assembly with a dip tube

were used. These tanks feed the refrigerant from the bottom of the tank where

the liquid is present, instead of feeding the refrigerant from the top of the tank.

2. When refrigerant tanks with dip tubes were not available, the tanks were

charged in an inverted orientation.

Following this procedure guaranteed that the composition of the refrigerant in

the experimental loop is as close to the intended composition by the manufactures.

The refrigerants used in this study were obtained directly from the manufacturer.

They had never been reclaimed or been mixed with lubricants. The system does

not utilize a compressor and therefore no lubricants were introduced. The pump is

a magnetically coupled pump with no lubrication of the wetted components. This

provided confidence that the working fluid being charged into the facility was the

intended refrigerant for testing.
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3.5 Data reduction

As discussed earlier, the test section is divided into seven segments. For each exper-

imental condition, the system was allowed to reach a steady state. This was defined

as the point when fluctuations in the temperature, absolute pressure, differential

pressure, and mass flow sensor readings were less than 0.1 ◦C, 10 kPa, 0.1 kPa and

0.1 g s−1 for a duration of 4 minutes. Temperature, pressure and flow rate measure-

ments were then collected for 4 minutes at 1 Hz. Heat transfer coefficients, frictional

pressure drop, and the corresponding uncertainties were calculated from the methods

described below. Data processing was conducted in the Engineering Equation Solver

[87] software using refrigerant property data from REFPROP 10 [70].

3.5.1 Heat transfer coefficients

For a given segment in the test section, the total heat lost by the refrigerant is

assumed to equal the heat gained by the water. The heat gained by the water in

each segment can then be evaluated from an energy balance (Equation 3.1).

Q̇i = ṁw · (hw,out − hw,in)i (3.1)

where ṁw, hw, Q̇ are the water mass flow rate, enthalpy, and heat duty gained

in segment number i. Water properties are evaluated based on the measured tem-

perature and pressure. On the refrigerant side, the enthalpy of the superheated

refrigerant at the test section inlet is evaluated based on temperature, pressure and
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bulk composition of the refrigerant. The heat duty evaluated using Equation 3.1 is

used to determine the refrigerant bulk enthalpy for subsequent segments along the

test section:

href,out,i = href,in,i −
Q̇i

ṁref

(3.2)

The average quality (Equation 3.3) and equilibrium saturation temperature (Equa-

tion 3.4) in a segment where two-phase flow occurs can be evaluated from REFPROP

[70].

xref,avg,i = f(P, href,avg,i, y1, y2...) (3.3)

Tref,sat,avg,i = f(P, href,avg,i, y1, y2...) (3.4)

where x, P, y are the thermodynamic quality, pressure and bulk concentrations.

The quasi-local film heat transfer coefficient associated with the thermodynamic

quality in Equation 3.3 is equal to:

αcond,i =
q′′

(Tint,i − Twall,inner,i)
(3.5)

where q′′, Tint, Twall are the heat flux normal to tube surface, liquid-vapor interface

temperature and inner tube wall temperature. For low-temperature glide mixtures,

the liquid-vapor interface temperature can be approximated as the equilibrium sat-

uration temperature [41, 43]. For superheated and subcooled regions, the role of
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sensible heat transfer is significant in addition to the latent heat transfer. It is criti-

cal to evaluate the “apparent” heat transfer coefficient (which provides information

about the sensible and latent heat transfer) instead of just the film heat transfer

coefficient. Therefore, for superheated and subcooled regions, the bulk temperature

was used, instead of the interface temperature, to evaluate the local heat transfer

coefficients.

The inner wall temperature is evaluated by using a thermal resistance analogy and

the measured outer wall surface temperature (Equation 3.6), assuming 1-dimensional

conduction. An analysis comparing the thermal resistances indicated that axial

conduction effects could be considered negligible, as 99.9% of the total heat was

transferred in the direction normal to the tube surface.

Twall,inner,i = Twall,outer,i +
Q̇iln

Dinner

Douter

2πlikc
(3.6)

Here Dinner, Douter, k, l are the inner and outer diameter, the thermal conductivity

of copper, and length of the segment, respectively.

For heat flux and inner wall temperature calculations, the surface area occupied

by the water mixers was assumed to be adiabatic. This is because the thermal con-

ductivity of polylactic acid is very low (0.13 W m−1 K−1, ASTM C518) compared to

that of copper and, therefore, the heat transferred through the mixers is negligible

compared to the total heat duty transferred. This was further confirmed by compar-

ing the thermal resistances of the copper tube in the area that is directly exposed to

water and the area that is exposed to the mixers. The resistance of the area exposed
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to the mixers was several orders of magnitude higher and therefore, the heat transfer

in this region is expected to be negligible.

To minimize the heat loss in the test section, the outer PVC tube was insulated

using a 1.9 cm thick polyethylene insulation. The insulation was wrapped using zip

ties to ensure that there were no air gaps present. During 167 experiments conducted

in this study for five different refrigerants, the calculated heat lost by the refrigerant

(evaluated using the measured inlet and outlet temperatures in the test section) was

on average 2% (≈ 29 W) higher than the heat gained by the water. This indicated

that the heat loss in the test section was indeed minimal. Additionally, the coolant

temperatures during the experiments were maintained such that the temperature

difference between the coolant and ambient was never more than 15 ◦C, which also

minimized the heat loss. This was done by adjusting the coolant flow rate and inlet

temperature.

In addition, a heat loss analysis based on thermal resistance networks was con-

ducted for the experimental condition with the highest overall heat loss. The heat

loss from the coolant was estimated by determining the resistances due to convec-

tion through water, conduction through the PVC tubing (thickness = 0.55 cm), and

polyethylene insulation (thickness = 1.9 cm), and air convection over the insulation.

A conservative ±200% uncertainty was assigned to each of the resistances. The eval-

uated heat loss was less than 1% of the total heat duty for the segment with the

highest temperature difference between the ambient and the coolant. The differ-

ence in the calculated heat transfer coefficients from these heat duties is low (0.2%).

Therefore, for simplicity, the heat loss was neglected during the calculation of heat
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transfer coefficients.

3.5.2 Frictional pressure drop

A Rosemount 3051S MultiVariable pressure transducer is used to measure the ab-

solute inlet pressure and the differential pressure across the test section. With the

current measurement technique, local pressure drop data is not available. Our pri-

mary focus with this study was to investigate the heat transfer of these low GWP

mixtures. Therefore, pressure drop taps were not incorporated along the length of

the test section because they may disrupt the flow. Since local pressure drop data is

not available, it is difficult to fully account for the role of superheated and subcooled

condensation on the total measured pressure drop in the test section. Furthermore,

there is a lack of validated methods available in the literature for predicting mixture

pressure drop in these regions. Therefore, the pressure drop calculation methodology

described in this section follows the conventional modeling method. In the super-

heated vapor and subcooled liquid regions, single-phase pressure drop Churchill [24]

correlation is used to estimate the pressure drop. The contributions from the addi-

tional latent effects are considered by assigning a conservative ±25% uncertainty to

the friction factor in these regions.

Equation 3.7 shows that the pressure drop measured by the sensor is the sum

of the pressure drop due to two-phase frictional flow (∆Pfric) and single-phase gas

(∆Pv,tube) and liquid flow (∆Pv,tube). Additionally, there is a pressure gain due to the

momentum change of the flow from vapor to liquid.
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∆Pfric = ∆Pmeasured −∆Pv,tube −∆Pf,tube + ∆Pdeceleration (3.7)

To obtain the lengths corresponding to each fluid phase, a second-order poly-

nomial fit was performed on the thermodynamic qualities (obtained from energy

balances in each segment) with respect to their locations along the tube for each

test case. This resulted in a function correlating thermodynamic quality to the lo-

cation along the tube for each experiment. The statistical R2 values were higher

than 0.99 for all experiments. For a representative case for R448A condensation

(G = 600 kg m−2 s−1 and Tsat = 50 ◦C), the measured pressure drop was 7.2 kPa and

the resulting expression for quality as a function of length was defined as:

x = 1.331− 1.575L+ 0.4414L2 (3.8)

where x is the thermodynamic quality and L is the length along the tube. The

locations corresponding to the start and end of the condensation (neglecting non-

equilibrium condensation) were then obtained by evaluating the above function for

x = 1 and x = 0 respectively. The single-phase vapor flow region was defined

from the start of the test section to the location where condensation begins, while

the single-phase liquid flow region was defined from the end of the condensation

region to the end of the test section. For the representative case, single-phase vapor,

two-phase flow and single-phase liquid lengths were 0.22 m, 1.14 m and 0.27 m long,

respectively.

The pressure drop values associated with single-phase flow in tubes were deter-
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mined using the Churchill [24] equation which takes into account the flow operating

conditions and the surface roughness of the tube to evaluate the friction factor. It

is valid for laminar, transition, and turbulent flow. The absolute surface roughness

of copper was assumed to be 2× 10−6 m based on reported values in the hydraulics

design handbooks [28, 50, 69]. A conservative ±25% uncertainty was assigned to

the calculated friction factors. For the representative case, the pressure drop due to

single-phase vapor and liquid flow were 1.79 kPa and 0.25 kPa, respectively.

The pressure gain due to flow deceleration was evaluated by carrying out a mo-

mentum balance from the test section inlet to outlet, as shown in Equation 3.9.

∆Pdeceleration = ρvV
2
v − ρlV 2

l (3.9)

Finally, Equation 3.7 can be used to evaluate the frictional pressure drop by

substituting in the values for the calculated variables on the right side of the equa-

tion. For the representative case, the resulting calculated pressure gain and frictional

pressure drop were equal to 2.98 kPa and 8.1 kPa, respectively.

3.5.3 Uncertainty analysis

Table 3.1 lists the ranges and the values of systematic uncertainty, Usys associated

with the sensors used in this study. As shown in Equation 3.10, the total uncertainty

in each of the measured variables is the root of the sum of squares of the systematic

uncertainty and random uncertainty, Urand.
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Utot =
√
U2
sys + U2

rand (3.10)

Systematic uncertainty of a sensor is dictated by the manufacturing process,

physical traits and type of the sensor, repeatability, data acquisition capabilities,

calibration process, etc. Random uncertainties occur due to the fluctuations and

noise in the measured values even when the system is at steady state. These may

occur due to a wide range of factors e.g. turbulence, Rayleigh–Taylor instabilities,

bubble formation and collapse in the evaporator, pump displacement, etc. The

random uncertainties were quantified statistically by assuming a normal distribution

in the data.

Urand =
SD t95√

N
(3.11)

where the SD, t95, N are the standard deviation in the data for each sensor col-

lected over 4 minutes, t-value corresponding to the 95% confidence interval and the

number of total readings, respectively.

Uncertainty propagation in the calculated variables is evaluated using the proce-

dure suggested by Kline and McClintock [63]. The uncertainty in the evaluated mass

flux was due to the uncertainty in the refrigerant mass flow rate and tube diameter

(±0.01 mm). The average uncertainty in the evaluated mass fluxes was on average

±0.4%. Similarly, the uncertainty in the calculated thermodynamic quality was low

(on average equal to ±1.7%). A major source of uncertainty in the quality and heat

transfer coefficients was from the measured water temperatures, which were used to
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evaluate the heat duty in each segment. The calibration procedure for these sensors

is described in the following section.

For heat transfer calculations, the pressure in the test section was assumed to be

equal to the absolute pressure measured at the test section inlet. The uncertainty

due to this assumption was quantified by evaluating the root mean square of the sys-

tematic uncertainty of the pressure sensor (5.7 kPa) and the measured pressure drop

for that data point. The resulting value was then used as the new total systematic

uncertainty for that data point. In general, the contribution of pressure uncertainty

to the total uncertainty in heat transfer coefficients was low (on average 0.5%).

Table 3.1 Instrument ranges and uncertainties

Measurement Range Systematic Uncertainty
RTD (water temperature) -200 – 500 ◦C ±0.05 ◦C
Surface temperature -200 – 500 ◦C ± 0.5 ◦C
Type T thermocouple -200 – 500 ◦C ± 0.5 ◦C
Refrigerant mass flow meter 0 – 30 g s−1 ± 0.1%
Water volumetric flow meter 0.04 – 7.5 L min−1 ± 0.5%
Pressure 0 – 10 MPa ± 5.68 kPa
Differential pressure 0 – 62 kPa ± 0.05 kPa

3.5.4 Calibration of temperature sensors

As discussed earlier, the heat duty in an individual segment in the test section is

evaluated using the measured temperatures on the waterside. For a given segment,

the water temperature change between the inlet and outlet was typically less than 2

◦C. Therefore, it was critical to measure the water temperatures with low uncertainty

to maintain a low propagated uncertainty in the evaluated heat transfer coefficients.
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This is achieved by calibrating the RTDs based on the procedure outlined by Coleman

and Steele [27].

Class A 3-wire platinum RTDs, with a 100 Ohm nominal resistance, were used

to measure the water temperatures. The uncertainty specified the manufactures for

these sensors was ±0.15 ◦C at 0 ◦C. This uncertainty was further reduced by cali-

brating the RTDs in a Fluke 7109A portable calibration bath. The bath is capable

of achieving temperatures ranging from -25 to 140 ◦C. It has a stability and unifor-

mity equal to 0.01 ◦C and 0.02 ◦C. In addition to the internal temperature sensor in

the bath, an external high accuracy probe (Fluke 5615-A) with uncertainty equal to

±0.012 ◦C at 0 ◦C was used to measure the temperatures in the calibration bath.

The RTDs were calibrated over a small temperature range (5 - 40 ◦C) to minimize

uncertainty. During the calibration, the bath was allowed to stabilize at five different

temperatures within the calibration temperature range (including 5 and 40 ◦C). The

RTDs and the external reference probe were tied together and immersed in the bath.

The temperature measured by the RTDs was collected and stored using the DAQ

system. Thus, using this procedure also eliminates any systematic errors introduced

by the DAQ system. For each setpoint temperature, the readings from the RTDs

and the reference probe were collected for 4 minutes. The RTD measurements were

then compared to the reference probe and corrected using the LabVIEW software.

After the corrections were made, the bath was allowed to stabilize again at three new

temperatures within the calibration temperature range. Finally, the measurements

from the reference probe and the RTDs were then compared again. The resulting

uncertainty in the temperature measurements after this calibration process was equal
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to:

Usystematic,RTD =
√
U2
probe + U2

bath,stability + U2
bath,uniformity + U2

error (3.12)

where the Uprobe the uncertainty of the reference probe, and Ubath,stability and Ubath,uniformity

are the stability and the uniformity of the bath. U2
error was the maximum difference

between the reference probe and the RTD during verification. The resulting system-

atic uncertainty for all the RTDs was less than 0.05 ◦C. Therefore, for simplicity, a

conservative uncertainty of 0.05 ◦C was used for all the data reduction in this study.
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Chapter 4: Results and Discussion

Heat transfer and pressure drop results are presented in this section along with

details of the initial facility validation. Condensation tests for five different mixtures

(R404A, R450A, R448A, R452A) were conducted in the test facility.

4.1 Facility validation

Before collecting mixture condensation data, a thorough validation of the test facility

was conducted to gain confidence in the proper operation of all components and

sensors in the facility. These tests were conducted using R134a as the working fluid

since its heat transfer and pressure drop are well understood [16, 67, 102, 94, 10].

The validation process included the following tests:

• Single-phase liquid and vapor pressure drop tests

• Energy balance tests

• Single component condensation tests

Single-phase liquid and gaseous pressure drop tests with R134a were performed to

assess the predictive capabilities of the minor loss correlations used in Equation 3.7,

as well as the accuracy of the refrigerant mass flow and differential pressure sensors.

Eleven total pressure drop values were measured for liquid refrigerant flowing at
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mass fluxes ranging for 200 < G < 1700 kg m−2 s−1 and vapor refrigerant flowing

at mass fluxes ranging for 200 < G < 500 kg m−2 s−1. For each test, the measured

pressure drop was compared with the predicted pressure drop from the Churchill

[24] correlation. The agreement between the predicted and measured pressure drop

values was quantified by evaluating the Mean Percentage Error (MPE, Equation

4.1)) and the Mean Absolute Percentage Error (MAPE, Equation 4.2)). Overall,

good agreement was observed between measured and expected values (MAPE =

10.4% and MPE =10.4%).

MPE =
100%

n

n∑
n=1

Ppredicted − Pmeasured
Pmeasured

(4.1)

MAPE =
100%

n

n∑
n=1

|Ppredicted − Pmeasured|
Pmeasured

(4.2)

Similarly, single-phase energy balance tests were conducted to compare the energy

lost by the refrigerant with the energy gained by the water. The refrigerant inlet

temperature and mass were varied at ranges representative of the test conditions.

During these tests, the water flow counter-current to the refrigerant was allowed to

reach a steady state. The resulting differences in heat duties were less than 1.2%

on average, and 3.4% maximum. This provided confidence in the accuracy of the

measured water volumetric flow rate, inlet and outlet temperatures, and refrigerant

mass flow rate.

Lastly, condensation heat transfer experiments were conducted with pure R134a.

Condensation data were obtained for a range of mass fluxes (100 kg m−2 s−1 to 600

kg m−2 s−1) and saturation conditions (45 and 55 ◦C). The results were compared
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against predictions from several established heat transfer and two-phase frictional

pressure drop correlations from the literature. The local heat transfer coefficients

(Shown in Figure 4.1) and pressure drop were best predicted by the Cavallini et al.

[21] correlation (MAPE = 7.8%) and the Haraguchi et al. [48] correlation (MAPE =

9.5). Additional details can be in found in Jacob et al. [58].

Figure 4.1: Measured R134a heat transfer coefficients versus predictions from the
[21] correlation
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Good agreement between measured the measured R134a heat transfer coefficients

and the literature provided confidence in the validity of the measurement technique,

as well as the proper operation of the experimental facility and its sensors. Therefore,

the existing facility was then used to investigate the condensation of the low GWP

mixtures.

4.2 Test matrix and public databases

Table 4.1 shows the test matrix of the experimental conditions at which heat transfer

and pressure drop data for the low GWP mixtures were collected.

Table 4.1 Experimental test matrix

Average saturation
temperature (◦C)

Mass flux (kg m−2 s−1)

100 200 300 400 500
40 x x x x x
50 x x x x x
60 x x x x x

x = data collected

To aid in the adoption of low GWP mixtures and to support future modeling ef-

forts for these refrigerants, all the measured and calculated variables from this study

have been made shared publicly through the Figshare platform. The links for access-

ing these databases and associated publications are listed below. In addition to the

research on refrigerant mixtures, condensation of low GWP refrigerant R1233zd(E)

was also investigated which has been proposed for application in organic Rankine

cycles. Thus, the database for R1233zd(E) has also been included.
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1. R450A[57, 58] – doi.org/10.6084/m9.figshare.7611674.v1

2. R448A and R452A[59, 60] – doi.org/10.6084/m9.figshare.10024739.v2

3. R454B [56] – doi.org/10.6084/m9.figshare.12921407

4. R454C [54] – doi.org/10.6084/m9.figshare.12235454.v1

5. R1233zd(E) [55, 53] – doi.org/10.6084/m9.figshare.11608359.v1

4.3 Two-phase frictional pressure drop

The complete condensation pressure drop for each experimental condition was eval-

uated using the procedure outlined in Section 3.5.2. Due to the limited sensitivity

and accuracy of the transducer at low differential pressures, the experiments with

measured pressure drop values lower than 0.5 kPa are not reported in this study.

The experiments resulted in a total of 94 data points. The average uncertainty in

the measurement was 17%. Figure 4.2 shows the ratios of the two-phase frictional

pressure drop over the total measured pressure drop measured in the test section.

On average, the two-phase frictional pressure drop was 78% of the measured value

after accounting for the minor losses and acceleration gain due to the momentum

change of the flow. For experiments with low minor losses (i.e. shorter single-phase

regions), the two-phase pressure drop was higher than the measured value, due to

the pressure gain as the fluid decelerates. This can be observed in Figure 4.2.

The measured two-phase frictional pressure drop data were compared with pre-

dictions from models and correlations from the literature. These included the Friedel
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Figure 4.2: Two-phase frictional pressure drop over total measured pressure drop in
the test section for R448A, R450A, R452A, R454B and R454C.

[39], Haraguchi et al. [48], Andresen et al. [5] and Cavallini et al. [19] correlations.

Among the correlations listed, all except the Friedel [39] correlations were specifically

developed for condensation of refrigerants in round mini-channels. The Friedel [39]

correlation was developed based on adiabatic frictional pressure drop of two-phase

flow and has been reported to show good agreement with condensation data by past

researchers [16, 105, 94]. All four correlations provided a relationship for dP
dL

in terms

of thermodynamic quality, x. As shown in Equation 4.3, the second-order polyno-

mial fit (Equation 3.8) for the thermodynamic quality with respect to the length was
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substituted into the dP
dL

. This expression was then integrated over the saturated con-

densation region to evaluate the total two-phase frictional predicted pressure drop

for that experimental condition.

∆Ppredicted =

∫ Lx=1

Lx=o

dP
[
x(L)

]
dL

dL (4.3)

The plots of the comparison with the correlations from the literature are shown

in Figure 4.3. In addition, Table 4.2 shows the MAPE and MPE values for each

individual refrigerant, as well as for the entire data set. Overall, the Cavallini et al.

[19] correlation is able to predict the frictional pressure drop the best with a MAPE

equal to 24%. Individually, it is able to predict the data for all of the refrigerants

with MAPE values lower than 30%. In addition, it best predicted the pressure

drop data for R454B and R454C. Recall that the Cavallini et al. [19] correlation has

a similar form as the Friedel [39] correlation, but it also incorporates the effects of

different tube surface roughnesses and liquid entertainment in the vapor core in shear

dominated flows.

Overall, the Friedel [39] and Haraguchi et al. [48] correlations are also able to

predict the pressure drop with a satisfactory agreement, except for R454B. The

Haraguchi et al. [48] correlation best predicted the pressure drop data for R448A

and R450A. For R452A, both the Haraguchi et al. [48] and the Friedel [39] correla-

tions showed good agreement with the data, with MAPE equal to 17.8% and 14.2%,

respectively. Figure 4.3 shows that the Haraguchi et al. [48] correlation slightly over

predicts the R452A data (MPE = 13.9%), while the Friedel [39] correlation under

predicts the data (MPE = -13.8%).
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Figure 4.3: Comparison of predicted versus measured two-phase frictional pressure
drop for different correlations from the literature
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Generally, the Andresen et al. [5] correlation does not accurately predict the mea-

sured refrigerant data. It both under-predicts (R450A and R452A) and over-predicts

(R448A, R454B, and R454C) the pressure drop data. This correlation was devel-

oped refrigerant blends operating at relatively higher reduced pressure (Pr > 0.8).

At these pressures, the ratio of liquid over vapor densities approaches unity and the

interfacial shear becomes less significant. In the current study, the corresponding

reduced pressures range from 0.23 to 0.70. The highest reduced pressures are associ-

ated with R452A (0.44 < Pr < 0.70). The Andresen et al. [5] correlation exhibits the

best agreement with R452A data, with MAPE equal to 20%. However, this trend

between the reduced pressure and the predictions from Andresen et al. [5] correlation

is not consistent. The second highest reduced pressures are associated with R454B

(0.42 < Pr < 0.67), but its calculated frictional pressure drop is not well predicted by

Andresen et al. [5] correlation (MAPE = 133%). Therefore, based on these findings,

the Andresen et al. [5] correlation can only be recommended for predicting R452A

pressure drop data at the operating conditions investigated here.

In addition to the poor agreement with the Andresen et al. [5] correlation, R45B

data is generally not predicted well by the existing correlations. Table 4.3 shows the

best performing pressure drop correlation for each refrigerant and their corresponding

MAPE values. R454B data is best predicted by the Cavallini et al. [19] correlation,

with a MAPE equal to 27%. In comparison, the data for all other refrigerants are

predicted with corresponding MAPE values less than 15%. However, the cause of

this discrepancy is not clear. This indicates that there is a need for additional inves-

tigation on local two-phase frictional pressure drop of R454B to better understand
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its phase change behavior.
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Table 4.2 Comparison of the measured two-phase frictional pressure drop and the predicted pressured drop

R448A R450A R452A R454B R454C Overall

Model MAPE(%) MPE(%) MAPE(%) MPE(%) MAPE(%) MPE(%) MAPE(%) MPE(%) MAPE(%) MPE(%) MAPE(%) MPE(%)

Friedel [39] 23 -16 30 -29 14 -12 41 35 20 15 27 1

Haraguchi et al. [48] 15 11 10 -6 18 17 66 66 39 39 32 28

Andresen et al. [5] 40 33 34 -30 20 -16 133 133 97 97 71 51

Cavallini et al. [19] 29 -24 29 -29 24 -24 27 14 14 1 24 -10

Table 4.3 Best performing pressure drop correlation for each refrigerants (R448A, R450A, R452A, R454B and R454C)

Refrigerant Model MAPE (%)

R448A Haraguchi et al. [48] 15

R450A Haraguchi et al. [48] 10

R452A Friedel [39] 14

R454B Cavallini et al. [19] 27

R454C Cavallini et al. [19] 14



80

4.4 Heat transfer coefficients

The experiments from this study resulted in a total of 962 heat transfer data points.

157 heat transfer coefficients were measured for R448A, 135 for R450A, 136 for

R452A, 222 for R454B, and 312 for R454C. Among these data, 14% were in the

superheated region, 73% were in the saturated region and 13% were in the subcooled

condensation region. The uncertainty in the measured heat transfer coefficients was

low, on average 8%. Table 4.4 shows the average and maximum uncertainties for

each refrigerant. A major source of uncertainty in the quality and heat transfer co-

efficients was from the measured water temperatures, which were used to evaluate

the heat duty in each segment. The highest measurement uncertainties were asso-

ciated with lower thermodynamic qualities and low refrigerant mass fluxes, as well

as the subcooled region. At these conditions, the heat duty in a given segment was

comparatively lower, which resulted in a lower temperature change of the coolant

and higher corresponding uncertainty. The resulting data from the experiments are

presented in the following sections, along with the discussion and comparison with

various prediction models from the literature.

Table 4.4 Average and maximum uncertainties in the calculated heat transfer
coefficients for R448A, R450A, R452A, R454B and R454C

Refrigerant Average Uncertainty Maximum Uncertainty

R448A 8.1 39
R450A 8.0 38
R452A 9.5 43
R454B 6.8 27
R454C 8.2 39
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4.4.1 Superheated condensation

Figures 4.4 and 4.5 show the plots of the temperature difference between dew point

temperature and the calculated inner tube wall surface temperature versus the bulk

enthalpy in the so-called superheated region for R454B and R454C. The uncertainty

in these temperature differences was low (on average equal to 0.5 ◦C). For all the

data points, the measured tube wall temperature is at least 15 ◦C lower than the

dew point temperature, which hints to the presence of latent effects in this region.

However, these measured data points represent the segments upstream of the satu-

rated two-phase region, which is why the associated bulk enthalpy is higher than the

saturation enthalpy. The corresponding heat transfer coefficients in the superheated

condensation region at mass fluxes varying from 100 kg m−2 s−1 to 500 kg m−2 s−1

are also shown in Figures 4.4 and 4.5. As discussed earlier, the conventional approach

would suggest that the heat transfer coefficients in this region can be modeled us-

ing single-phase heat transfer correlations. Therefore, predictions from the Gnielinski

[46] correlation for single-phase turbulent heat transfer are also included in Figure 4.4

and Figure 4.5 for the range of mass fluxes investigated. These plots show that mea-

sured heat transfer coefficients are significantly under-predicted by the single-phase

Gnielinski [46] correlation, suggesting the presence of “superheated” condensation.

In the superheated zone, the heat transfer coefficients increase with increasing mass

flux and decreasing bulk enthalpy (i.e., as the system moves closer to a bulk satu-

rated vapor). For a given mass flux, they are maximum near the vapor saturation

enthalpy. This is consistent with the results of Hrnjak and co-workers [64, 3, 108].
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Figure 4.4: Left: Temperature difference between dew point temperature and the inner tube wall surface
temperature versus the bulk enthalpy. Right: Superheated condensation heat transfer coefficient versus
bulk enthalpy for R454B at mass fluxes ranging from 100 kg m−2 s−1 to 500 kg m−2 s−1 and average sat-
uration temperature of 40, 50 and 60 ◦C. The lines represent single-phase vapor heat transfer coefficients
predicted using Gnielinski [46] correlation.
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Figure 4.5: Left: Temperature difference between dew point temperature and the inner tube wall surface
temperature versus the bulk enthalpy. Right: Superheated condensation heat transfer coefficient versus
bulk enthalpy for R454C at mass fluxes ranging from 100 kg m−2 s−1 to 500 kg m−2 s−1 and average sat-
uration temperature of 40, 50 and 60 ◦C. The lines represent single-phase vapor heat transfer coefficients
predicted using Gnielinski [46] correlation.
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The results in Figure 4.4 and Figure 4.5 are similar to those for the other three

refrigerants tested in this study (R448A, R450A, R452A). The results indicate that

single-phase correlations are not an appropriate method to predict the heat transfer

coefficient in the superheated regime. This is evident in Table 4.5, which shows the

MAPE (56%) and MPE (-56%) values for the Gnielinski [46] compared against the

data for all five refrigerants.

In addition to the comparison with the single-phase heat transfer correlation,

the measured data were also compared with the existing superheated condensation

models [64, 3, 108]. These models of Hrnjak and co-workers were developed for pure

refrigerants and therefore, do not account for the mixture effects during condensation.

One of the goals of the present study is to assess the application of these models to

superheated mixture condensation of mixtures and assess if the Silver, Bell and

Ghaly (SBG) correction can be used to improve predictive capability. Thus, the

measured data were compared with the superheated condensation models, with and

without considering the mixture effects using the SBG correction. Recall that the

SBG correction requires the quality as an input (Equations 2.23 and 2.24). For

Kondou and Hrnjak [64] and Agarwal and Hrnjak [3] models, a constant value equal

to 0.9999 was used, while the superficial quality was used as an input in Equation 2.24

for the Xiao and Hrnjak [108] model. Table 4.5 and Figure 4.6 shows the comparison

with three different superheated condensation models, as well as the single-phase

Gnielinski [46] correlation.

Overall, the measured data is well predicted by all the superheated condensation

models from the literature, once the mixture effects are accounted for. The model of
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Table 4.5 Predictive capability of different heat transfer correlations in the
superheated region for R448A, R450A, R452A, R454B and R454C

Without SBG With SBG
Model MAPE(%) MPE(%) MAPE(%) MPE(%)
Gnielinski [46] 56 -56 – –
Kondou and Hrnjak [64] 31 31 20 19
Agarwal and Hrnjak [3] 27 27 17 16
Xiao and Hrnjak [108] 25 25 16 14

Xiao and Hrnjak [108] is able to predict the superheated condensation data the best,

with a MAPE equal to 16%. This model describes the local flow structure in the

superheated region as annular and uses a modified form of the Dittus and Boelter

[35] correlation to determine the thermal resistance associated with the liquid film.

This model has a similar structure to the Thome et al. [101] model, which utilizes the

film Reynolds number and corrects for the enhancing effects of interfacial roughness.

4.4.2 Saturated Condensation

The saturated condensation region exists in segments where the bulk enthalpy is

higher than the liquid saturation enthalpy and lower than the vapor saturation en-

thalpy. These data were collected downstream of the location where the superheated

condensation data were measured. Figures 4.7 to 4.11 show the measured heat

transfer coefficients versus the thermodynamic quality for different mass fluxes and

saturation temperatures. The data show that the heat transfer coefficients increase

with increasing thermodynamic quality and mass flux, as expected. Heat transfer

coefficients decrease with increasing saturation temperature. The trends observed in
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Figure 4.6: Predictive capability of different heat transfer correlations in the super-
heated region for R448A, R450A, R452A, R454B and R454C
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the data match well with the trends associated with the condensation phenomenon

for similar geometries in the literature.

The experimental data were compared with several well established saturated cor-

relations from the literature (introduced in Section 2.2). Among these correlations

are the Shah [91] and Cavallini et al. [21] correlation, which have been recommended

in the 2017 ASHRAE Handbook: Fundamentals [7] for predicting refrigerant conden-

sation. All of the correlations considered in this section are based on the equilibrium

assumption (i.e., they do not consider the superheated and subcooled condensation).

A comparison of the measured data and the non-equilibrium models of Hrnjak and

co-workers is presented in Section 4.4.4.

The results from the comparison between the measured data and the correlations

are summarized in Table 4.6. MAPE and MPE values were evaluated for two different

cases, 1) where mass transfer effects were not considered and 2) where mass transfer

effects were accounted for using the SBG correction. When mixture effects were not

considered, all of the correlations over predicted the data as indicated by positive

MPE values. The application of SBG correction improved the predictive capabilities

of all the correlations. Figure 4.12 visually shows the differences in resulting MAPEs

with and without the application of the SBG correction. The effect of the SBG

correction was more significant for the Shah [90, 91] and Dobson and Chato [36]

correlations. Conversely, the application of SBG correction to Thome et al. [101]

correlation resulted in minimal differences in MAPE. This is because the magnitude

of the heat transfer coefficients from Thome et al. [101] correlation was relatively

smaller. It only slightly over predicts the mixture data (MPE = 4.8%) compared to
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Figure 4.7: Saturated condensation heat transfer coefficient versus thermodynamic
quality for R448A at G = 100 kg m−2 s−1 to 800 kg m−2 s−1 and at Tsat,avg = 40, 50
and 60 ◦C
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Figure 4.8: Saturated condensation heat transfer coefficient versus thermodynamic
quality for R450A at G = 100 kg m−2 s−1 to 550 kg m−2 s−1 and at Tsat,avg = 45 and
55 ◦C
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Figure 4.9: Saturated condensation heat transfer coefficient versus thermodynamic
quality for R452A at G = 100 kg m−2 s−1 to 800 kg m−2 s−1 and at Tsat,avg = 40, 50
and 60 ◦C
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Figure 4.10: Saturated condensation heat transfer coefficient versus thermodynamic
quality for R454B at G = 100 kg m−2 s−1 to 500 kg m−2 s−1 and at Tsat,avg = 40, 50
and 60 ◦C
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Figure 4.11: Saturated condensation heat transfer coefficient versus thermodynamic
quality for R454C at G = 100 kg m−2 s−1 to 500 kg m−2 s−1 and at Tsat,avg = 40, 50
and 60 ◦C
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the other correlations.

Figure 4.12: Predictive capability of different condensation correlations against ex-
perimental R448A, R450A, R452A, R454B and R454C data, with and without the
Silver [96], Bell and Ghaly [12] (SBG) correction

Figure 4.13 shows plots of measured versus predicted heat transfer coefficients for

all six models with the SBG correction. The measured data for all five refrigerants is

best predicted by the Cavallini et al. [21] correlation with the SBG correction, with

the MAPE and MPE values equal to 8% and 4%. On average, the application of

the SBG approach to the Cavallini et al. [21] correlation resulted in an 8.8%, 1.3%,

7.2%, 3.2%, and 12.2% reduction in the predicted heat transfer coefficients for R448A,

R450A, R452A, R454B, and R454C, respectively. The degradation due to mixture

effects was more significant for higher temperature glide mixtures. In addition, this
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degradation was highest at the highest mass fluxes and higher thermodynamic qual-

ities. This is consistent with the understanding of zeotropic condensation in the

literature (presented in Section 2.4).

Table 4.6 Predictive capability of different heat transfer correlations in the
saturated region for R448A, R450A, R452A, R454B and R454C, with and without
the Silver [96], Bell and Ghaly [12] (SBG) correction

Without SBG With SBG
Model MAPE(%) MPE(%) MAPE(%) MPE(%)
Shah [90] 44 42 31 29
Dobson and Chato [36] 33 29 24 17
Thome et al. [101] 13 5 11 -1
Del Col et al. [29] – – 11 0
Cavallini et al. [21] 14 12 8 4
Shah [91] 23 22 14 12

The correlations by Thome et al. [101], Del Col et al. [29] and Shah [91] also

predicted the data quite accurately, with the MAPEs below 15%. The modification

of the earlier correlation Shah [90] to the Shah [91] correlation improved the pre-

dictability significantly from 31% MAPE value to 14%. In particular, the older Shah

[90] correlation over predicted the heat transfer coefficients in the annular regime,

which occurs at high qualities and mass fluxes.

Overall, the analysis conducted confirms that the existing correlations with the

SBG correction are adequately able to predict the heat transfer coefficient of HFC/HFO

refrigerant mixtures for the range of conditions investigated here.
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Figure 4.13: Predictive capability of different heat transfer correlations in the satu-
rated region for R448A, R450A, R452A, R454B and R454C with the Silver [96], Bell
and Ghaly [12] (SBG) correction
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4.4.3 Subcooled condensation

The subcooled condensation region exists downstream of the saturated condensation

region. The local refrigerant bulk enthalpy in this region is lower than the enthalpy

of the liquid saturation enthalpy. Agarwal and Hrnjak [3] were among the first

researchers to consider this zone in their heat transfer model. They argued that the

conventional approach ignores the subcooling of the liquid condensate film during

condensation modeling in the saturated region. However, in reality, the temperature

of the condensate must be lower than the saturation temperature for heat transfer

to occur. This implies that there is a sensible liquid heat load in the saturated

region, in addition to the latent heat load. Therefore, to satisfy the first law of

thermodynamics, non-condensed vapor bubbles are expected to be present in the

flow beyond the point where bulk enthalpy is equal to the liquid saturation enthalpy.

As these vapor bubbles eventually condense downstream, the heat transfer in the

subcooled region is expected to be higher than that predicted by the single-phase

heat transfer correlations. In the current study, subcooled heat transfer coefficients

were measured for all five low GWP refrigerants for a wide range of experimental

conditions. The Reynolds numbers corresponding to liquid flow at the test section

outlet were always greater than 2385. This occurred for the lowest mass flux condition

for R450A. For a majority of the experiments in this study, the Reynolds numbers at

the test section outlet were much greater than 2300. Thus, turbulent flow occurred

in the subcooled region for the experimental conditions investigated in this study.

Figure 4.14 shows a comparison between the heat transfer coefficients measured

in the subcooled region against those predicted by the single-phase Gnielinski [46]
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correlations. The measured data agree with the correlation extremely well, with the

MAPE equal to 17.9%. There seems to be a limited enhancement in heat transfer in

this region. However, it is important to note that this does not confirm or disprove the

presence of latent effects in this region. A visualization study is required to conclude

if there are, in fact, bubbles present in the subcooled region. However, these results

do indicate that the contribution of these latent effects to the heat transfer is not

significant. It is possible that condensation of the remaining bubbles occurs in this

region. However, the heat transfer in this region is limited by the dominating thermal

resistance of the liquid, which accounts for the majority of the cross-sectional area

in the subcooled region. This explains why the heat transfer is well predicted by the

single-phase heat transfer correlations. A comparison between the subcooled data

and the complete condensation models is presented in the following section.

In addition to comparison with the Gnielinski [46] correlation, the subcooled

condensation data were also compared against predictions from the single-phase

Churchill [25] correlation. The Churchill [25] correlation provides predictions in the

laminar and transition regimes, in addition to the turbulent region. The resulting

MAPE was 17.6%. Therefore, if the flow in the subcooled region is not turbulent,

the Churchill [25] correlation may be appropriately used instead.

4.4.4 Complete condensation

To be generally applicable, a good heat transfer model must provide accurate pre-

dictions for not just the saturated condensation region, but also for the superheated
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Figure 4.14: Predictive capability of the single-phase [46] correlation in the subcooled
region for R448A, R450A, R452A, R454B and R454C

and subcooled condensation regions. As shown earlier, the latent effects in the super-

heated region are significant. Therefore, this section assesses the predictive capability

of the non-equilibrium models of Hrnjak and co-workers for complete condensation

by comparing them against the measured data.

Among the two-phase models discussed in the superheated condensation section,

the model of Kondou and Hrnjak [64] does not provide predictions in the subcooled

region. Therefore to compare each model with the complete data set, the Gnielinski
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[46] correlation was used for predicting subcooled condensation with the Kondou and

Hrnjak [64] model. Similarly, it is insightful to compare the predictive capabilities of

the traditional equilibrium approach (which ignores the latent effects in superheated

and subcooled regions) against the non-equilibrium two-phase models. The Cavallini

et al. [21] correlation showed an excellent agreement with the saturated condensation

data, with a MAPE equal to 8%. Therefore for the traditional approach, the satu-

rated condensation data were predicted using the Cavallini et al. [21] correlation, and

the subcooled and superheated condensation data were predicted using the Gnielin-

ski [46] correlation. Mixture effects were accounted for using the SBG correction.

The resulting comparison is shown in Figure 4.15 and summarized in Table 4.7.

Table 4.7 Predictive capability of different heat transfer models in the superheated,
saturated and subcooled condensation regions for R448A, R450A, R452A, R454B
and R454C

With SBG
Model MAPE(%) MPE(%)
Cavallini et al. [21] + Gnielinski [46] 16 -6
Kondou and Hrnjak [64] + Gnielinski [46] 11 5
Agarwal and Hrnjak [3] 41 35
Xiao and Hrnjak [108] 57 57

The results show an opposite trend compared to that of the superheated conden-

sation results. Overall, the Kondou and Hrnjak [64] model with the Gnielinski [46]

correlation is able to predict the data the best, with a MAPE equal to 11%. This is

partly because Kondou and Hrnjak [64] also recommended using the Cavallini et al.

[21] correlation for predictions in the saturated condensation region which, as noted

earlier, predicts the saturated condensation data very accurately. Conversely, the
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Figure 4.15: Measured heat transfer coefficients versus predictions from different
models in the superheated, saturated and subcooled condensation regions.
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models of Agarwal and Hrnjak [3] and Xiao and Hrnjak [108] significantly over pre-

dict the data in the saturated region. This is consistent with Xiao’s doctoral thesis

Xiao [106], where he reported that his non-equilibrium model significantly over pre-

dicted the results for R32/R1234ze(E) mixture condensation. Further limitations of

these models are discussed in the following section.

It interesting to note that the overall MAPE for the traditional approach is lower

than those associated with the models of Agarwal and Hrnjak [3] and Xiao and

Hrnjak [108], despite the poor agreement in the superheated region. However, there

is a significant advantage of using the non-equilibrium Kondou and Hrnjak [64] model

over the traditional approach due to the much better agreement in the superheated

region.

4.4.5 Limitations of the past complete condensations models

The group of Hrnjak et al. has been one of the first to attempt to model condensation

through the superheated to saturated and finally subcooled regions. However, as

presented, they are difficult to implement for condenser design due to an iterative

solution scheme, some inconsistencies in nomenclature between the various models,

and potential typographical errors.

In addition, the analysis in the previous section shows that the applicability of

these models to refrigerant mixtures is limited. Only the model of Kondou and Hrn-

jak [64] is able to accurately predict the condensation of HFC/HFO mixtures across

all condensation regions. A major shortcoming of the earlier models [3, 64] is that
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they assume a constant quality equal to 0.9999 in the superheated zone. While the

agreement between experimental data and predictions is reasonable in this zone, the

constant quality assumption does not capture the underlying physical mechanisms.

More importantly, their model for superheated condensation does not accurately rep-

resent the heat transfer process that occurs (further justification provided below in

the modeling Chapter 5).

Xiao and Hrnjak [108] attempted to rectify this issue by introducing the superfi-

cial quality (Equation 2.14). They identify the location at which condensation ends

using Equation 2.16. The criterion they used to determine this location was: the

highest temperature in the liquid condensate drops below the saturation tempera-

ture. However, neither the paper nor Xiao’s thesis adequately describes how this

parameter was derived and therefore, its theoretical basis is not clear.

The implementation of the superficial quality further introduces other complica-

tions to the design procedure. To implement Xiao’s [108] model and to determine

the superficial quality along the length of the condenser, the local heat flux must

be known a prior or solved by iteration for all regions (including the single-phase

vapor and liquid flow regions). Of particular challenge is that the end of condensa-

tion, calculation of the bulk temperature (Equation 2.16) requires knowledge of the

saturation temperature, a single-phase heat transfer correlation for the liquid flow

and the local heat flux. The bulk temperature corresponding to the end of conden-

sation enables calculation of the bulk enthalpy at the end of condensation, necessary

for calculating the superficial quality used in upstream calculations. For practical

condensation problems, the heat flux is unknown and not constant, and thus there
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are two unknowns. To determine the end of condensation, more information about

the thermal resistance from the tube wall to the ultimate thermal sink would be

required. This would provide additional equations to provide closure to the problem.

However, this complicates the implementation of this approach.

Most importantly, the models of Agarwal and Hrnjak [3] and Xiao and Hrnjak

[108] significantly over predict the measured data in the present study (Figure 4.15).

These models were developed for pure fluid, which may be one reason for the poor

prediction of the zeotropic mixtures in this study. However, these discrepancies

between the measured data and predictions do not appear to be solely attributed to

the degradation due to mixture effects.

Consider the plots shown in Figure 4.16. The top graph in Figure 4.16 shows

the measured heat transfer coefficients of R32, R1234ze(E), and their mixtures from

Xiao’s doctoral thesis [106]. The bottom graph shows the predicted heat transfer

coefficients from the Cavallini et al. [21] correlations for pure R32 and R1234ze(E),

at the same operating conditions (G = 200 kg m−2 s−1, D = 4.4 mm and Tsat = 30

◦C). The x-axes in the two plots are not the same, as the top shows the superficial

quality while the bottom plots show the thermodynamic quality. Since Xiao [106]

did not report the heat flux associated with 4.16(a), it is not possible to determine

the corresponding thermodynamic qualities. Nonetheless, it is insightful to com-

pare the magnitudes of the heat transfer coefficients for both the plots. Recall that

for both the modeling methods, the highest heat transfer coefficients are observed

for corresponding thermodynamic qualities close to 1. Xiao [106] measured heat

transfer coefficients up to approximately 9 kWm−2K−1 and 6.5 kWm−2K−1 for R32
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and R1234ze(E), respectively. However, the Cavallini et al. [21] correlations predicts

much lower heat transfer coefficients, with the maximum equal to 5.1 kWm−2K−1

for R32 and 4 kWm−2K−1 for R1234ze(E). In the literature, the Cavallini et al. [21]

correlation has been shown to predict the performance of both these refrigerants

accurately for a wide range of operating conditions [76, 33, 34]. This discrepancy

is larger than would be expected and can help explain the large deviation between

their developed model and the data presented here. Among the three journal papers

detailing the models from Hrnjak and co-workers, only Kondou and Hrnjak [64] com-

pared their data against the existing conventional two-phase models in the saturated

region to validate the accuracy of their experimental methods. Their experimental

facility was then modified to incorporate a visualization section. However, after this

modification, neither Agarwal nor Xiao provided a validation of their experimental

methods in their publications. None of their subsequent peer-reviewed papers com-

pare the data in the saturated region to the existing two-phase models. In addition,

there have been no other condensation studies in the literature which have compared

their data to these models by Hrnjak and co-workers. Therefore, it is not possible

to confirm whether their measured heat transfer coefficients were accurate or not.

However, this may provide a plausible explanation for why the models of Agarwal

and Hrnjak [3] and Xiao and Hrnjak [108] over predict the measured data from the

current study.

Given these factors, a new model is needed to accurately predict the condensation

of HFC/HFO mixtures in the superheated, saturated, and subcooled regions. This

model must be based on realistic physical parameters and easy to implement so it is
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Figure 4.16: a) Heat transfer coefficients of R32 and R1234ze(E) measured by Xiao
[106], b) Heat transfer coefficients of R32 and R1234ze(E) predicted by Cavallini
et al. [21]
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accessible to designers in the HVAC&R industry.

4.5 Comparison with the HFC predecessors

Table 4.8 shows that the five low GWP refrigerants investigated in this study have

been proposed to replace three different HFC refrigerants for various medium- and

high-pressure applications. In addition to a comparison with various predicting cor-

relations from the literature, it is also insightful to compare the performance of the

HFO/HFC replacements with their HFC predecessors. This will help determine if

they are viable substitutes. Therefore, the best performing correlations were used to

compare the heat transfer and pressure drop of these refrigerants in the saturated

condensation regime. The resulting comparison is presented in this section.

Table 4.8 A list of the HFC refrigerants and their applications, along with their
proposed HFO/HFC replacements

HFC
Proposed

Replacement
Application

R13a R450A
Medium-pressure applications such as heat pumps,
air-cooled and water-cooled chillers, and vending
machines

R404A
R448A, R452A
and R454C

High-pressure applications such as commercial and
transport refrigeration

R410A R454B
High-pressure applications such as building air-
conditioning, chillers, and heat pumps
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4.5.1 R134a comparison

Condensation heat transfer performance and frictional pressure drop of R134a and

R450A were simulated at identical operating conditions using the best performing

correlations. The corresponding refrigerant mass flux was equal to 400 kg m−2s−1.

Both R134a and R450A heat transfer coefficients were evaluated using the Cavallini

et al. [21] correlation with the Silver, Bell and Ghaly correction applied to account

for mass transfer effects for R450A. The Haraguchi et al. [49] correlation was used

to evaluate the frictional pressure gradients for both refrigerants.

The resulting heat transfer coefficients and frictional pressure gradients are re-

ported in Figure 4.17. The reduction in heat transfer coefficients of R450A compared

to R134a occurs mainly at high qualities and the maximum reduction is less than 5%

for all qualities. However, the resulting pressure gradient of R450A is significantly

higher (Average 8%, max = 13%) than the pressure gradient for R134a. This dif-

ference is higher at higher qualities. R450A, compared to R134a, operates at lower

working pressures, has a higher vapor viscosity, and lower liquid and vapor density

(Table 4.9). This is in line with the findings of Del Col et al. [34], who found the

pressure drop of R1234ze (a component of R450A) to be 18-28% higher than that of

R134a (a component of R450A). These results indicate that the additional pressure

drop must be taken into account during the design of newer refrigeration systems

and HVAC&R equipment which use R450A as a replacement for R134a.
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Figure 4.17: Heat transfer and pressure drop for R450A vs R134a at G =
400 kg m−2 s−1 tube with ID = 4.7 mm.
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Table 4.9 Comparison of Properties at Tdew = 55 ◦C, from REFPROP 10 [70]

Psat(kPa) hfv(kJ kg−1) ρl/ρv µl/µv σ × 10−3(N m−1)
R134a 1492 145.7 14.2 10.0 4.3
R450A 1304 141.1 15.3 9.54 4.6

4.5.2 R404A comparison

Since R448A, R452A and R454C are proposed replacements for R404A, it is insightful

to compare their performance with each other and to R404A. Figure 4.18 provides a

comparison of the predictions from Cavallini et al. [21] correlation for each refrigerant

at two different mass fluxes (G = 200 and 600 kg m−2 s−1). The predictions show

that the heat transfer performance of all three low GWP substitutes (R448A, R452A

and R454C) is comparable to that of R404A; with the heat transfer coefficients of

R404A being slightly higher than those of R452A and slightly lower than those of

R448A and R454C. Among these fluids, R448A has the highest liquid phase thermal

conductivity and R404A has the lowest at similar operating conditions. Even though

the liquid phase thermal conductivity of R448A and R452A is higher than R404A, the

heat transfer coefficients are very similar, which may be attributed to the degradation

due to mixture effects.

It is not possible to compare the experimental pressure drops from this study

directly due to the differences in lengths associated with the condensation region

(Eq. 3.7) during experiments. Therefore, the correlations that best predicted the

data for each fluid were used to compare the two-phase frictional pressure gradients

associated with the condensation of each refrigerant. Figure 4.19 shows the frictional

pressure gradient of R404A, R448A, R452A and R454C at two different mass fluxes
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Figure 4.18: Condensation heat transfer coefficients of R448A, R452A and R454C
at two different mass fluxes (G = 200 kg m−2 s−1 and 600 kg m−2 s−1, Tsat,avg = 60
◦C) . The experimental data is compared with predictions from the Cavallini et al.
[21] correlation for R404A, R448A and R452A
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Figure 4.19: Predicted two-phase frictional pressure drop of R404A, R448A, R452A
and R454C at two different mass fluxes (G = 200 kg m−2 s−1 and 600 kg m−2 s−1,
Tsat,avg = 60 ◦C)

(G = 200 & 600 kg m−2 s−1). R448A had the highest pressure drop, and R404A

the lowest. For G = 600 kg m−2 s−1, the pressure drop of R448A is on average 81%

higher than that of R404A. The pressure drop of R452A and R454C are on average

3.3% and 27.6% higher than that of R404A, respectively.

The transport and thermodynamic properties of these refrigerants can help ex-

plain these observed differences. R448A and R452A have a higher liquid phase vis-

cosity compared to R404A (Table 4.10). During condensation, higher liquid phase

viscosity results in a greater amount of shear between the liquid and the wall, as well
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Table 4.10 Thermophysical Properties of R404A, R448A, R452A and R454C at
Tsat,avg = 40 ◦C, from REFPROP 10 [70]

∆Tglide
◦C

Psat

(kPa)

hfv

(kJ kg−1)

ρl

(kg m−3)

ρv

(kg m−3)

µl × 106

(kg m−1s−1)

µv × 106

(kg m−1s−1)

kl × 103

(W m−1 K−1)

σ × 103

(N m−1)

R404A 0.3 1822 120 964 102.1 102.4 13.4 56.6 2.7

R448A 4.7 1776 151 1013 81.3 109.7 13.7 73.3 3.7

R452A 3.4 1832 117 1033 104.7 105.8 14.2 60.3 2.8

R454C 6.8 1590 143 959 75.4 101.9 13.2 69.5 3.4

as between the liquid and the vapor phases. R448A and R452A have higher liquid

phase densities and lower vapor phase densities than R404A. Similarly, compared to

R404A, R454C has a similar liquid phase density and a lower vapor phase density.

During the condensation process, this results in higher velocity vapor flow and lower

velocity liquid flow compared to R404A at the same mass flow rate. The increased

difference in velocities of the phases will result in a greater magnitude of interfacial

shear between the phases. The combination of both of these factors results in higher

pressure drops of R452A R448A and R454C when compared to R404A at equal mass

fluxes.

The latent heats of vaporization for R448A and R454C are significantly higher

than that of R452A and R404A. In practice, this would result in lower mass flow

rates compared to R404A in a vapor compression system utilizing these fluids. Table

4.11 shows the mass flow rates of each refrigerant required to produce 1 kW of cooling

assuming an evaporating temperature equal to 0 ◦C. The resulting mass flow rate of

R404A was approximately 18% and 12% higher than those for R448A and R454C.

The mass flow rates in Table 4.11 were then used to calculate the heat transfer
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Figure 4.20: Heat transfer coefficients and pressure drop gradients for R404A, R448A,
R452A and R454C at mass flow rates listed in Table 4.11 to produce 1 kW of cooling
system in a condenser with ID = 4.7 mm and saturation temperature of 40 ◦C

coefficients and pressure drop gradients in a single condenser tube (with tube ID

= 4.7 mm) operating at Tsat,avg = 40 ◦C, using the correlations that were found to

predict the data best. Figure 4.20 shows the results. Heat transfer coefficients of

all four refrigerants are comparatively similar. The pressure drop of R404A, R452A,

and R454C is approximately equal, and the pressure drop of R448A is on average

16% lower than that of R404A.

Therefore, even though R448A exhibits a higher pressure drop when compared

to R404A at the same mass flux, it may actually have a lower pressure drop when
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Table 4.11 R404A, R448A. R452A and R454C flow rates and corresponding mass
fluxes required to produce 1 kW of cooling at 0 ◦C evaporating temperature and
the associated latent heats of vaporization from REFPROP[70]

Refrigerant
Latent Heat of Vaporization

at 0 ◦C (kJ kg−1)
Mass Flow Rate

(g s−1)
Mass flux in a tube with
ID =4.7 mm (kg m−2 s−1)

R404A 166.3 6.0 343
R448A 206.1 4.9 277
R452A 164.5 6.1 347
R454C 189.2 5.3 305

compared on an equal cooling capacity. The pressure drop of R452A is consistently

similar to that of the pressure drop of R404A. Overall, this analysis confirms that

R448A, R452A and R454C may be considered as viable replacements for R404A.

4.5.3 R410A comparison

The performance of refrigerant R410A was compared to its proposed replacement

candidate, R454B. The heat transfer for both the refrigerants was predicted using

the Cavallini et al. [21] correlation and the results are shown in Figure 4.21 for

different mass fluxes (G = 200 kg m−2 s−1 and 600 kg m−2 s−1). The results show

that on average R454B exhibits 11% higher heat transfer coefficients compared to

R410A. This may be because R454B has an 18% higher liquid thermal conductivity

compared to R404A (Table 4.12). Additionally, the mixture degradation for R454B

is minimal, since its temperature glide is relatively low.

In addition, Figure 4.22 shows a pressure drop comparison for the two refriger-

ants at two different mass fluxes (G = 200 kg m−2 s−1 and 600 kg m−2 s−1). The
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Figure 4.21: Condensation heat transfer coefficients of R410A and R454B at two
different mass fluxes (G = 200 kg m−2 s−1 and 600 kg m−2 s−1, Tsat,avg = 60 ◦C) .
The experimental data is compared with predictions from the Cavallini et al. [21]
correlation for R404A, R448A and R452A

Table 4.12 Thermophysical Properties of R410A and R454B at Tsat,avg = 60 ◦C,
from REFPROP 10 [70]

∆Tglide
◦C

Psat

(kPa)

hfv

(kJ kg−1)

ρl

(kg m−3)

ρv

(kg m−3)

µl × 106

(kg m−1s−1)

µv × 106

(kg m−1s−1)

kl × 103

(W m−1 K−1)

σ × 103

(N m−1)

R410A 0.1 3838 105 815 201 67 18 71 0.8

R454B 1.0 3582 142 786 147 70 16 84 1.4
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Cavallini et al. [19] correlation was used for predicting the pressure drop of both the

refrigerants. R454B exhibits a 39% higher pressure drop, primarily due to a higher

liquid-vapor density ratio. In addition, R454B has a 35% higher latent heat of va-

porization compared to R410A. In practical applications, this will result in different

operating mass fluxes for the two fluids. Table 4.11 shows the mass flow rates of

each refrigerant required to produce 1 kW of cooling assuming an evaporating tem-

perature equal to 0 ◦C. Therefore, the heat transfer and pressure drop of R410A and

R454B were also compared for equal cooling capacity. The results are shown in Fig-

ure 4.23. For equal cooling capacity, the heat transfer and pressure drop of R410A

and R454B are similar. Therefore, from a condenser design perspective, R454B can

be considered a viable substitute for R410A.

Table 4.13 R410A and R454B flow rates and corresponding mass fluxes required to
produce 1 kW of cooling at 0 ◦C evaporating temperature and the associated latent
heats of vaporization from REFPROP[70]

Refrigerant
Latent Heat of Vaporization

at 0 ◦C (kJ kg−1)
Mass Flow Rate

(g s−1)
Mass flux in a tube with
ID =4.7 mm (kg m−2 s−1)

R410A 221.3 4.5 260.4
R454B 260.9 3.8 220.9

4.6 Summary of the results

A facility capable of measuring the local heat transfer coefficients during condensa-

tion was constructed and rigorously validated. Experimental data were then collected

at varying mass fluxes and saturation conditions during the condensation of five low
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Figure 4.22: Predicted two-phase frictional pressure drop of R410A and R454B at
two different mass fluxes (G = 200 kg m−2 s−1 and 600 kg m−2 s−1, Tsat,avg = 60 ◦C)
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Figure 4.23: Heat transfer coefficients and pressure drop gradients for R410A and
R454B at mass flow rates listed in Table 4.13 to produce 1 kW of cooling system in
a condenser with ID = 4.7 mm and saturation temperature of 40 ◦C

GWP refrigerant mixtures: R448A(∆Tglide = 4.3 ◦C), R450A (∆Tglide = 0.6 ◦C),

R452A (∆Tglide = 3.0 ◦C), R454B (∆Tglide = 1.2 ◦C) and R454C (∆Tglide = 6.3 ◦C).

The experimental pressure drop and local heat transfer coefficients are well predicted

by the saturated two-phase models, after accounting for the mixture degradation us-

ing the SBG correlation. A comparison of the heat transfer and pressure drop of

the new HFC/HFO mixtures indicates that they are similar to those of their HFC

predecessors. Therefore, the low GWP mixtures may be considered as viable sub-

stitutes from a heat and momentum transport perspective. Additionally, the results
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suggest that the non-equilibrium framework of Colburn and Drew [26] is not needed

for these mixtures, greatly simplifying design and optimization of next generation

systems.

Heat transfer data in the superheated and subcooled regions were compared to

models of Kondou and Hrnjak [64], Agarwal and Hrnjak [3] and Xiao and Hrnjak

[108]. However, inconsistencies between the modeling approaches and the need for

an iterative solutions make them difficult to implement. While the agreement in the

superheated regime with these models is reasonable, only the model of Kondou and

Hrnjak [64] is accurately able to predict condensation in the saturated region. This is

because Kondou and Hrnjak [64] suggested using the Cavallini et al. [21] correlation

to predict the condensation in the saturation region, which predicts the saturated

data in the present study very accurately (MAPE = 8%). In the superheated region,

the model of Kondou and Hrnjak [64] is not based on real physical parameters, as it

assumes an artificial constant quality of 0.9999. The heat transfer in the subcooled

region was well predicted by the Gnielinski [46] single-phase heat transfer correlation

(MAPE = 19%). The agreement with the Agarwal and Hrnjak [3] and Xiao and

Hrnjak [108] model is poor, which shows that there is a need for a new condensation

model for HFC/HFO refrigerants.
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Chapter 5: Complete Condensation Model for HFC/HFO Mixtures

Thus far, this research has established that simplified equilibrium type models can

be used to predict the heat transfer coefficient of new refrigerant mixtures in the sat-

urated condensation regime. However, the results also show that the limited models

available in the literature for complete condensation (superheated, saturated, and

subcooled) generally do not translate well to refrigerant mixture heat transfer. Fur-

thermore, the existing models are heavily empirical and difficult to implement. This

greatly limits their usefulness in the design and optimization of new heat trans-

fer equipment utilizing new low GWP fluids. Thus, this work aims to develop a

physically-based condensation model, validated with the experimental data of the

low GWP refrigerant mixtures.

This current model assumes that the mass transfer in the liquid and vapor phases

is not limited i.e., the liquid and vapor compositions are in equilibrium at the satu-

ration temperature and vapor bulk temperature, respectively. This allows the model

to be much simpler and easier to implement compared to the Colburn and Drew [26]

method, while still capturing the non-equilibrium effects due to superheated conden-

sation. To account for the degradation due to the mixture effects, the Silver, Bell,

and Ghaly [96, 12] correction must be applied to the heat transfer coefficients in the

superheated and saturated regions.



121

5.1 Quality

A major challenge associated with predicting heat transfer during non-equilibrium

condensation of mixtures is that the local qualities are difficult to evaluate. As

established earlier, the thermodynamic qualities differ significantly from the actual

qualities and therefore, can not be used as an approximate value. One way to track

the actual quality, as the condensation proceeds, is to use the Colburn and Drew [26]

framework. However, this non-equilibrium method is computationally challenging to

implement and therefore, not accessible to many HVAC&R designers. An alternative

approach was developed by Xiao and Hrnjak [108], which utilized the superficial

quality (Equation 2.14).

The superficial quality is evaluated by first determining the locations where con-

densation starts and ends. There is a consensus among all the previous researchers

on the criterion for determining the start of the condensation region: condensation

starts when the tube wall temperature drops below the saturation temperature. For

superheated vapor flow, the specific location along the length of the heat exchanger

is determined by analyzing the inner tube wall temperatures along the length of the

heat exchanger. If the flow is turbulent and occurs in a tube, the tube wall temper-

atures can be evaluated by applying Newton’s law of cooling and the single-phase

Gnielinski [46] correlation (Equation 5.1). The Churchill [25] or other appropriate

correlations may be used as well for predicting the heat transfer in the laminar and

transition regimes. The resulting expression is:

Twall = Tb −
q′′

αv
(5.1)
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where Tb is the bulk temperature of the vapor flow. The location and the refriger-

ant bulk temperature at the onset of condensation can be then be evaluated, which

corresponds to the location where the tube wall is equal to the dew point tempera-

ture. The refrigerant onset bulk enthalpy can then be evaluated as a function of the

pressure, bulk temperature, and bulk compositions:

honset = f(P, Tb,onset, y1, y2...) (5.2)

This onset enthalpy is then used as a reference in the evaluation of the quality. If

the evaluated tube wall temperature at the inlet of the condenser (in the Equation

5.1) is lower than the dew point temperature, the superheated heat region begins at

the inlet of the test section. In that case, the inlet temperature and bulk enthalpy

should be used as the Tb,onset and hb,onset. The heat transfer analysis must then be

repeated using the two-phase flow model (described in detail in the following section),

instead of modeling it as single-phase flow.

To determine the end of condensation, Xiao and Hrnjak [108] introduced a semi-

empirical expression for the location where the temperature in the subcooled film

drops below the saturation temperature (Equation 2.16). However, as discussed in

Section 4.4.5, the theoretical basis of this relationship is not clear. The difficulties

in obtaining the heat flux to evaluate the Equation 2.16 in real practical situations

were also discussed in Section 4.4.5. Furthermore, the enhancement in heat transfer

in the subcooled region that Agarwal and Hrnjak [3] and Xiao and Hrnjak [108]

described was not observed in the current study. Therefore, for the proposed model,

two-phase effects in the subcooled region are assumed to be negligible, and the single-
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phase heat transfer is assumed to be the dominant resistance. Furthermore, practical

applications will usually operate with only a few degrees of subcooling, compared

to tens of degrees (or more) of superheating. Thus, while the specific heat of the

liquid phase is higher than the vapor, the subcooled region accounts for a smaller

percentage of the total condensation load. In this study, on average, the subcooling

load was 12% percent of the total heat load. Thus, a new parameter is introduced

called the apparent quality:

xapparent =
hb − hl

honset − hl
(5.3)

The xapparent uses the liquid saturation enthalpy as a reference for the end of

condensation. Thus, the apparent quality is equal to 1 when condensation starts and

equal to 0 when bulk enthalpy is equal to liquid saturation enthalpy. This simplifies

the approach of Xiao and Hrnjak [108], by eliminating the need to determine a bulk

enthalpy corresponding to the end of subcooled condensation.

5.2 Heat transfer in the superheated condensation region

Figure 5.1 shows a schematic of the heat transfer during superheated condensation.

The total heat duty removed in this region is a combination primarily of the vapor

sensible and latent components (Equation 5.4). In the superheated region, the liquid

film is very thin, and thus, the contribution of liquid subcooling is neglected. The

thermal resistances and the driving temperature differences associated with each of

these modes of heat transfer are shown in Figure 5.1.
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Figure 5.1: A schematic of heat transfer during superheated condensation.

q̇
′′

total = q̇
′′

tp + q̇
′′

v,sensible (5.4)

Recall that, the recent models have adopted two different techniques to evaluate

the overall heat transfer coefficient associated with q̇
′′

total in Equation 5.4. Kondou

and Hrnjak [64] and Agarwal and Hrnjak [3] defined the q̇
′′
tp as a product of the

film heat transfer coefficient (evaluated using saturated two-phase correlations) and

the temperature difference between the interface and the tube wall. Similarly, the

sensible heat flux q̇
′′

v,sensible, was evaluated by determining the single-phase vapor heat

transfer coefficients and multiplying it by the temperature difference between the

bulk fluid and the interface. The overall heat transfer coefficient was then evaluated

by dividing the sum of q̇
′′
tp and q̇

′′

v,sensible by the temperature difference between the
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refrigerant bulk temperature and the tube wall.

On the other hand, Xiao and Hrnjak [108] multiplied the film heat transfer coeffi-

cient with (Tsat−Twall)/(Tb−Twall) to obtain the ‘apparent’ heat transfer coefficient

associated with superheated condensation, which accounts for the resistance of the

liquid film and the vapor core. The resulting expression was:

α = αf
Tsat − Twall
Tb − Twall

(5.5)

While the models of Hrnjak and co-workers are able to predict the superheated

condensation data from the present study with a satisfactory agreement, they do not

represent the actual physical phenomenon shown in the Figure 5.1. In their models,

Kondou and Hrnjak [64], and Agarwal and Hrnjak [3] assume that the sensible and

the latent heat transfer occur in parallel, instead of in series. Xiao and Hrnjak [108]

assumed that the sensible and latent heat fluxes pass through both the thermal

resistors. However, it is critical to note that the latent component of the heat duty is

introduced at the liquid-vapor interface i.e., condensation happens at the interface.

Thus, the resistance of the liquid film is the sole resistance to the latent heat flux.

Therefore, the model proposed in this study draws from the fundamentals from

the literature that are illustrated in Figure 5.1. The sensible heat flux during super-

heated condensation can be predicted as:

q
′′

v,sensible = αv(Tv − Ti) (5.6)

Similarly, the total heat flux through the liquid condensate film to the inner tube
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wall can be written in terms of the film heat transfer coefficient and the respective

driving temperature difference:

q
′′

total = αTP (Ti − Tw) (5.7)

For most practical condenser applications utilizing zeotropic mixtures, the in-

terface temperature is not known as it is a function of the local coupled heat and

mass transfer. Therefore, the expression for sensible heat flux (Equation 5.6) can be

rearranged to solve for the interface temperature and substituted into the Equation

5.7:

q
′′

total = αTP (Tv −
q
′′

v,sensible

αv
− Tw)

q
′′

total + αTP
q
′′

v,sensible

αv
= αTP (Tv − Tw)

q
′′

total

(
1 +

αTP
αv

q
′′

v,sensible

q
′′
total

)
= αTP (Tv − Tw)

q
′′

total

( 1

αTP
+

1

αv

q
′′

v,sensible

q
′′
total

)
= (Tv − Tw)

q
′′

total =

[
1

αTP
+

1

αv

q
′′

v,sensible

q
′′
total

]−1
(Tv − Tw) (5.8)

It is interesting to note here that the overall effective resistance has a similar form



127

as the SBG correction. This is because the challenges associated with superheated

condensation are similar in nature to the problem of additional sensible heat transfer

during mixture condensation i.e., the heat transfer schematic for mixture condensa-

tion is similar to the schematic for superheated condensation shown in Figure 5.1

[45].

The expression in Equation 5.8 can be further simplified by substituting in the

expression for q
′′

v,sensible from Equation 5.6 and assuming that the interface tempera-

ture is equal to the dew point temperature. In reality, the interface temperature is

somewhere in between the Tdew and Tbubble temperatures for phase change of zeotropic

mixtures. For superheated condensation, which occurs at the initial stages of con-

densation, the interface temperature will be closer to the dew point temperature.

Furthermore, this is a conservative assumption which may result in slightly con-

servative design. The resulting expression for the heat transfer coefficient in the

superheated region is:

αsuperheated ≈
[

1

αTP
+
Tv − Tdew
q
′′
total

]−1
(5.9)

The αTP is predicted from the Cavallini et al. [21] correlation, using the apparent

quality as an input. The q
′′

total in the Equation 5.9 is the total heat duty transferred.

During the design of condensers, this variable is either known or is solved iteratively.
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5.3 Heat transfer in the saturated condensation region

For heat transfer in the saturated region, the dominant thermal resistance to the

process is due to the liquid condensate film. Therefore, the overall heat transfer

coefficients in this region are simply equal to the film heat transfer coefficient.

αsaturated = αTP (5.10)

Similar to the superheated region, the film heat transfer coefficient is evaluated

using the Cavallini et al. [21] correlation. The apparent quality is used as an input for

the Cavallini et al. [21] correlation, instead of the thermodynamic quality, to obtain

information about the local flow morphology.

5.4 Heat transfer in the subcooled region

The results described in Section 4.4.3 indicate the heat transfer in the subcooled re-

gion for the refrigerants in this study are well predicted by the single-phase Gnielin-

ski [46] correlation. Therefore, for the proposed model, the latent effects in the

subcooled region are assumed to be negligible and the Gnielinski [46] correlation

is recommended for predicting the heat transfer for turbulent flows. If the flow is

laminar, an appropriate single-phase heat transfer correlation may be used instead.

αsubcooled = αl (5.11)
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5.5 Evaluation of the model

The model discussed above was used to predict the heat transfer coefficients for all

the experimental conditions investigated in this study. In these experiments, conden-

sation is assumed to begin at the test section inlet since the inner wall temperature

in the first segment is always at least 15 ◦C lower than the saturation temperature.

Therefore, the refrigerant inlet enthalpy is assumed to be the onset enthalpy. Table

A.2 in Appendix A shows the details of how the proposed models can be used to

predict the heat transfer coefficients for a sample experimental condition from this

study. The predicted values were then compared with the measured values to assess

the predictive capability of the proposed model.

The resulting comparison in the superheated region is shown in Figure 5.2. The

model is able to provide very accurate predictions, with a MAPE value equal to

8%. Recall (from Chapter 4) that among the models of Hrnjak and co-workers, the

Xiao and Hrnjak [108] model with the SBG correction exhibited the best agreement

with the measured data, with a MAPE equal to 16%. The current model was able

to improve predictive capability by 50%. This is achieved without incorporating

any empirical constants and therefore, the model is expected to translate well to

superheated condensation of other mixtures as well.

Figure 5.3 shows all the 962 data points collected in this study compared against

the predictions from the proposed model. These data are representative of super-

heated, saturated, and subcooled condensation. Overall, the model is able to predict

the data quite well, with a MAPE equal to 12%.
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Figure 5.2: Predictive capability of the proposed model in the superheated region
for R448A, R450A, R452A, R454B and R454C

5.5.1 Parametric evaluation of model

In addition to predicting the measured data accurately, a condensation heat transfer

model should also provide an accurate representation of the phenomena. Therefore

in this section, a parametric evaluation of the model was conducted for a range of

conditions. The trends in the predictions were then analyzed to determine the effect

of mass flux, diameter, fluid, and superheat. Table 5.1 lists of conditions that were

investigated.
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Figure 5.3: Predictive capability of the proposed model for complete condensa-
tion (superheated, saturated and subcooled) for R448A, R450A, R452A, R454B and
R454C

Figures 5.4 and 5.5 show the effect of diameter and mass flux on the predicted

heat transfer coefficient for condensing R454C with a 10 ◦C superheat. The heat

transfer coefficient increases with increasing mass fluxes and decreasing tube diam-

eters. The x-axis in Figures 5.4 and 5.5 show the apparent quality. In the saturated

region, the heat transfer coefficients increase with the apparent quality, while the

opposite is observed in the superheated condensation region. A discontinuity in the

heat transfer coefficient is not observed during the transition from superheated to
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Figure 5.4: Effect of tube diameter for R454C

Figure 5.5: Effect of mass flux for R454C
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Table 5.1 Conditions for the parametric evaluation of the model

Parameter
Investigated

Fluid Diameter Mass flux Superheat

(-) (mm) (kg m−2 s−1) (◦C)

Diameter R454C 2, 4, 6, 8 300 10

Mass flux R454C 4.7
100, 200, 300,

400, 500
10

Superheat R454C 4.7 300
5, 10, 15,

20, 25

Fluid
R1234yf, R1234ze(E), R448A,
R450A, R452A, R454B,
R454C, R455A

4.7 300 10

saturated condensation.

Figure 5.6 shows a comparison between heat transfer coefficients for different

fluids. These include the mixtures investigated in the current study, as well as a high-

temperature glide mixture, R455A (∆Tglide = 10.5 ◦C). Additionally, predictions for

pure HFO refrigerants, R1234yf, and R1234ze(E) are also included.

Finally, the effect of inlet superheat on the heat transfer coefficient and the ap-

parent quality is shown in Figure 5.7. As expected, the superheated condensation

effects become more pronounced with an increase in superheating. For the plot corre-

sponding to 0 ◦C superheat, the superheated region does not exist and the apparent

quality is equal to the thermodynamic quality. For flows with a comparatively lower

superheat, the heat transfer coefficients are relatively similar in nature to those from

a traditional two-phase model. However, this difference is more significant for the

plot corresponding to 25 ◦C superheat. Specifically, the heat transfer coefficient for
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Figure 5.6: Predicted heat transfer coefficients for various fluids

25 ◦C superheat at a apparent quality equal to one is 58% lower than that for 0

◦C superheat. Physically, this makes sense because the sensible thermal resistance

is a function of the inlet superheating and is the dominant resistance for the pro-

cess. Therefore, it limits the process despite the lower film condensation resistance

at higher qualities.

In addition, Figure 5.7b shows that the apparent quality at the inlet of the sat-

urated region (i.e, where bulk enthalpy is equal to vapor saturation enthalpy) is

lowest in the plot for 25 ◦C superheat. This results in a 7% lower heat transfer co-

efficient at the inlet of the saturated condensation region, due to the greater volume

of condensed liquid from the superheated region. Thus, this model provides a more

accurate representation of the phenomenon compared to the earlier model of Hrnjak
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Figure 5.7: Effect of inlet superheat for R454C on a) heat transfer coefficients b)
apparent quality
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and co-workers Kondou and Hrnjak [64], Agarwal and Hrnjak [3], which assume that

the quality is always the thermodynamic quality in the saturated region.

5.6 Impact of the model

It is clear from the earlier discussion that the heat transfer coefficients in the super-

heated region are not accurately predicted by the single-phase heat transfer corre-

lations. In the current study, a new model was proposed which accurately models

the underlying heat transfer phenomenon. Being able to accurately predict the heat

transfer in this region offers an opportunity to design compact heat exchangers. This

is demonstrated in this section by conducting design of a condenser. For the heat

transfer in the condenser, two different approaches were tested: 1) the traditional

approach which neglects the latent effects in the superheated and subcooled region,

and 2) the non-equilibrium approach which predicts the heat transfer in the super-

heated and saturated regions using the proposed model. For both the approaches,

the mixture degradation for low GWP zeotropic refrigerants was accounted for us-

ing the SBG correction. The resulting heat transfer areas corresponding to the two

different approaches are then compared.

The system under consideration is a commercial refrigeration system with a 1055

kW (300 RT) cooling capacity. Currently, a majority of the commercial refrigeration

systems utilize R404A as the working fluids. Some of the proposed low GWP replace-

ments are R448A, R452A, and R454C. It is insightful to compare the performance

of the three low GWP refrigerants with each other and with R404A. Therefore, the
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analysis in this section was conducted for all four refrigerants.

The thermodynamic state points in the vapor compression cycle were selected

to represent realistic operating conditions for these types of refrigeration systems.

The refrigerant evaporates and condenses at 0 ◦C and 40 ◦C, respectively, with the

ambient temperature equal to 25 ◦C. The refrigerant enters the condenser with a

10 ◦C superheat and leaves the condenser with a 5 ◦C subcooling. Table 4.10 shows

a comparison of the thermophysical properties of all four refrigerants at Tsat,avg =

40 ◦C, from REFPROP 10[70]. The latent heats of vaporization (hfv) of the four

refrigerants differ from each other, which would result in different mass flow rates in

vapor compression systems utilizing these fluids. Therefore, the required flow rate

for each refrigerant was evaluated by dividing the required cooling load (1055 kW)

by the latent heat of vaporization at the evaporator temperature (0 ◦C).

For the condenser geometry, an A-frame air-cooled condenser (ACC) design was

selected. A schematic of the ACC is shown in Figure 5.8. The ACC is cooled

by air convection from an electrically driven fan. The size and geometry of the

fins and tubes are informed by the investigation of Kays and London [61], who

collected experimental data for air-cooled heat exchangers. The air-side heat transfer

coefficient was evaluated to be 52 W m−2 K−1 [61], by assuming a constant air face

velocity equal to 1 m s−1.

For the tubes in the ACC, the heat transfer was further modeled by dividing the

tubes further into 25 segments. Representative thermal resistance networks were set
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Figure 5.8: Schematic of the a) flow configuration in an A-frame ACC b) ACC system
with tube geometries

up for each segment:

Rtotal = Rair +Rconduction +Rrefrigerant

Rtotal =
1

hairAsoηoverall
+

ln

(
do
di

)
2πlktube

+
1

hrefrigerantAsi
(5.12)

where Rair, Rconduction and Rrefrigerant are the thermal resistances due to air-side

convection across the finned surface, conduction through the tube and refrigerant
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side convection, respectively.

The number of tubes, and consequently the refrigerant flow rate in each tube, was

varied until the subcooling at the outlet was equal to 5 ◦C. The total refrigerant-side

heat transfer area was then evaluated for each refrigerant and each approach. The

results are shown in Figure 5.9. The application of the non-equilibrium model leads

to 5% to 8% reduction in the heat exchanger area. This analysis clearly shows the

advantage of the non-equilibrium approach. Note that for ACCs, the air-side resis-

tance was the limiting resistance. For water-cooled condensers, this reduction in the

area could be even more significant, as the condensation resistance becomes an in-

creasingly significant percentage of the overall heat transfer resistance. Furthermore,

the superheating load for this system was small, i.e. the superheating at the inlet

was only 10 ◦C. For applications such as high-temperature heat pumps and heat

pump water heaters, the refrigerant superheating from the compressor outlet may

be as high as 35 ◦C [6]. For such systems, the understanding and implementation of

superheated condensation models are even more critical as it would result in an even

more significant reduction in condenser sizes.

The heat exchanger areas for R404A are 21% and 22% are lower than those for

R454C for equilibrium and non-equilibrium approaches, respectively. R448A and

R452A heat exchangers are smaller than those for R454C but bigger than those for

R404A. For pure refrigerant condensation at equal mass fluxes, generally the refrig-

erants with the highest liquid thermal conductivity exhibit the highest heat transfer

coefficients. However, this was not observed in our results for multi-component mix-

tures (Figure 5.9).
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Figure 5.9: Refrigerant side heat exchanger area for R404A, R448A, R452A and
R454C using the equilibrium and non-equilibrium models for constant cooling ca-
pacity (1055 kW)

There are two main reasons for the differences in the performance of these refrig-

erants. Firstly, R404A operates at a high mass flux, compared to other refrigerants,

since it has the second-lowest latent heat of vaporization (Table 4.10). Consequently,

the heat transfer coefficients of R404A are higher. Secondly, as discussed earlier, the

degradation due to zeotropic condensation generally increases with the temperature

glide. This explains why the R452A condenser is larger than that of R404A, despite

having a higher liquid thermal conductivity and a slightly lower latent heat of vapor-

ization. Furthermore, as zeotropic mixtures undergo condensation, the liquid/vapor

interface temperature decreases, and subsequently, the driving temperature difference
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to the process decreases, degrading heat transfer. In other words, the temperature

difference between the interface and ambient at later stages of condensation (i.e. at

lower qualities) for R454C is lower than that for R404A. This results in lower heat

transfer rates for higher temperature glide mixtures. Thus, while R454C and R448A

have a higher the latent heat capacity and a higher liquid thermal conductivity com-

pared to R404A, the degradation due to heat zeotropic condensation is significant

and must be considered during the design of next-generation condenser.
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Chapter 6: Conclusions and Recommendations

6.1 Summary of the research scope

As international mandates continue to phase out refrigerants due to their environ-

mental impact, near-azeotropic and zeotropic mixtures of HFCs and HFOs have

emerged as potential replacements for conventional pure HFC refrigerants in the

HVAC&R industry. While there have been several experimental and thermodynamic

modeling studies focusing on the full system-level performance of these refrigerants,

the research on their phase change heat transfer, specifically condensation, is lim-

ited. This information is critical for accurately designing next-generation condensers

utilizing these fluids.

Furthermore, zeotropic mixtures are being proposed as working fluids in applica-

tions such as high-temperature heat pumps. For these applications, the superheating

heat load at the condenser inlet is relatively higher compared to the traditional vapor

compression systems. This leads to an increased contribution from superheated and

subcooled condensation effects. These effects have traditionally been assumed to be

negligible during condenser modeling, and these phenomenon have been relatively un-

addressed in the literature. However, accurately predicting these phenomena opens

up the possibility of minimizing the corresponding heat exchanger areas in these

regions, and consequently designing more compact heat exchangers.

Therefore, the overarching goal of this study was to fill these gaps in the literature
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by developing a better understanding of the zeotropic condensation phenomena in

the superheated and subcooled condensation regions, along with the traditionally

defined saturated region. Furthermore, this research was undertaken with the goal

of providing HVAC&R designers with a modeling framework for predicting heat

transfer in all three condensation regions.

6.2 Conclusions

Heat transfer and pressure drop measurements during in-tube condensation of five

different low GWP refrigerants (R448A, R450A, R452A, R454B and R454C) were

collected. These refrigerants are zeotropic mixtures, with temperature glides ranging

from 0.6 ◦C to 6.3 ◦C. Condensation data were obtained in a 4.7 mm tube at a range

of saturation conditions (Tsat,avg = 40 – 60 ◦C) and at mass fluxes ranging from 100

kg m−2 s−1 to 500 kg m−2 s−1.

An experimental facility with a 1.6 m long test section was designed and built to

investigate the condensation heat transfer data these refrigerants. The test section

is a tube-in-tube heat exchanger with the refrigerant flowing in the inner copper

tube. The refrigerant is cooled by water counter-flowing in the tubing annulus. The

test section is further divided into seven fully instrumented sub-segments to measure

the quasi-local heat transfer coefficients along the length. The refrigerant enters

the test section as a superheated vapor, completely completed condenses, and leaves

as a subcooled fluid. This test section configuration allows for the investigation of

superheated and subcooled condensation of refrigerant mixtures, in addition to the
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traditionally defined saturated region.

The measured heat transfer data in the saturated region were in agreement with

the general understanding of condensation behavior from the literature. The local

heat transfer coefficients increase with mass flux and thermodynamic quality and

decrease with saturation pressure. The average uncertainty in the measured heat

transfer coefficients was 8%. The data for all five refrigerants were best predicted

by the Cavallini et al. [21] correlation, after accounting for the mixture effects using

the Silver [96], Bell and Ghaly [12] correction. The corresponding MAPE and MPE

values were equal to 8% and 4% for the 704 saturated data points in this study. The

correlations of Thome et al. [101], Del Col et al. [29] and Shah [91] were also able to

sufficiently predict the data, with MAPE values lower than 15% after the mixture

effects were accounted for. Thus, it was concluded that the non-equilibrium frame-

work of Colburn and Drew [26] was not required for these mixtures. In addition,

a comparison of the heat transfer and pressure drop of the new HFC/HFO mix-

tures against their HFC predecessors indicates that the low GWP mixtures may be

considered as viable substitutes from a heat and momentum transport perspective.

In addition to the traditionally defined saturated region, heat transfer coefficients

were also measured in the superheated condensation and subcooled regions. The

measured data in these regions were compared to the previous models from the

literature that had been developed for pure fluids. The resulting comparison indicates

that the SBG correction is necessary to accurately capture the mixture effects in the

superheated region. The superheated heat transfer coefficients were best predicted

by the Xiao and Hrnjak [108] model with the SBG correction (MAPE = 16%).
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However, the enhancement due to the latent effects in the subcooled region was not

observed and the heat transfer coefficients in this region were accurately predicted by

the single-phase Gnielinski [46] correlation (MAPE = 18%). Overall, only the model

of Kondou and Hrnjak [64] was accurately able to predict the complete condensation

(superheated, saturated, and subcooled) of refrigerant mixtures in this study (MAPE

= 11%).

One of the reasons that the Kondou and Hrnjak [64] model performed so well was

that they suggested using the Cavallini et al. [21] correlation in the saturated region,

which was shown to predict the data in this study well. However, their model in the

superheated region relies on simplifying assumptions that do not represent the actual

heat transfer mechanisms. Therefore, a new condensation model was developed by

considering the sensible and latent loads, and the evolution of the liquid and vapor

mass fractions in the superheated region. The model provides predictions in the

superheated and saturated regions, and the Gnielinski [46] correlation was recom-

mended for predictions in the subcooled region. The model significantly improved

the predictions in the superheated region (MAPE = 8%), without incorporating any

empirical constants. In addition, the model is also able to predict the heat transfer

for complete condensation with good accuracy (MAPE = 12%).

Being able to accurately predict the heat transfer in the superheated condensation

region offers an opportunity to design compact condensers. To further illustrate this,

an air-cooled condenser for a commercial refrigeration system, with a nominal cooling

capacity equal to 1055 kW, was designed. This analysis was conducted for R404A,

and three of its low GWP replacements (R448A, R450A, and R452A). The refrigerant
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heat transfer was predicting using both, 1) the conventional approach which assumes

single-phase vapor flow in the superheated region, and 2) the proposed model. The

superheated at the condenser inlet was 10 ◦C. For all cases, the operating conditions

were kept the same and the resulting heat exchangers areas were compared. The

areas evaluated using the proposed model were 5% to 8% smaller. For liquid-cooled

condensers and condensers with a higher inlet superheat (e.g. for high-temperature

heat pumps), this difference will be even more significant.

Finally, while not the primary objective of this study, the frictional pressure drop

for complete condensation was measured for the different refrigerants. On average,

the two-phase frictional pressure drop was 79% of the measured value, with the

average uncertainty in the calculated frictional pressure drop equal to 17%. The

frictional pressure drop was compared to various pressure drop correlations from the

literature. Overall, the Cavallini et al. [19] pressure drop correlation was able to

predict the low GWP refrigerant data the best.

6.3 Contributions

This work will greatly facilitate the design of next-generation condensers for a wide

range of applications and more broadly, aid in the adoption of low global warming

potential technology. All the measured and calculated variables from this study have

been made publicly available. This will aid future researchers in their investigations

of single- and multi-component non-equilibrium condensation and guide the devel-

opment of heat transfer models on the topic. These databases can be accessed using
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the following links:

1. R450A[57, 58] – doi.org/10.6084/m9.figshare.7611674.v1

2. R448A and R452A[59, 60] – doi.org/10.6084/m9.figshare.10024739.v2

3. R454B [56] – doi.org/10.6084/m9.figshare.12921407

4. R454C [54] – doi.org/10.6084/m9.figshare.12235454.v1

5. R1233zd(E) [55, 53] – doi.org/10.6084/m9.figshare.11608359.v1

In addition to the public condensation database, a new heat transfer model was

introduced, which incorporates the effects of superheated condensation. The imple-

mentation procedure for this model is much simpler than some of the earlier models

on the topic. Thus, it is much more accessible to engineers and designers in the

HVAC&R industry. Furthermore, the model will allow for the design of more com-

pact condensers, which will require comparatively fewer resources to manufacture

and have a smaller footprint.

6.4 Recommendations for future work

The current study was among the first to address superheated condensation of

zeotropic refrigerant mixtures. During this research, we identified several relevant

topics that can be expanded upon to further advance this field. A list of these topics

is presented below.
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• With the current experimental methodology, the investigation of heat transfer

was prioritized. This is why the pressure taps along the length of the test

section were not included, as they may disrupt the flow. Now that the heat

transfer is better understood, an investigation of local two-phase frictional pres-

sure drop in the superheated region is needed to understand how its effect on

the condenser performance.

• The present investigation focused on heat transfer in the mini-channels. How-

ever, recently compact microchannel heat exchangers have become more preva-

lent in HVAC&R equipment due to the advances in manufacturing capabilities.

Past investigations on saturated condensation have shown that the predictions

methods developed for mini-channels translate poorly to heat transfer in micro-

channel, due to more pronounced effects of fluid surface tension. Additional

investigation is required to understand the effects of superheated condensation

in micro-channel condensers. Furthermore, this investigation should also be

extended to non-circular geometries.

• A flow visualization study will aid in understanding the influence of local flow

structures on the condensation in the superheated and subcooled regions. It

will also help inform the development of new flow regime maps which account

for superheated and subcooled condensation.

• The present investigation tested condensation inside smooth tubes. This in-

vestigation should be extended to condensation inside enhanced tubes.

• The refrigerants tested in this study were directly obtained from manufactures
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and had never been reclaimed or mixed with lubricants. For practical appli-

cations based on the vapor compression cycle, a lubricant is mixed with the

refrigerants for the safe operation of the compressor. While oil separators are

used to remove the lubricant before the refrigerant enters the condenser, past

investigations have confirmed the presence of a trace amount of lubricants in

the condensers. Similarly, a common issue that degrades the performance of

vapor compression systems is the presence of non-condensable gases in the re-

frigerant stream. Therefore, it is critical to further investigate the superheated

condensation of these new low GWP mixtures in the presence of lubricant and

non-condensable gases.

• The current study has confirmed that accurately modeling superheated con-

densation provides an opportunity to design compact condensers. The next

step would be to implement a condenser based on the current methodology in

an actual vapor compression system and investigate its effect on the system

COP and energy consumption.
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Nomenclature

Symbols

cp specific heat capacity J kg-1K-1

D diameter m

G mass flux kg m-2s-1

h specific enthalpy kJ kg-1

hlv latent heat of vaporization kJ kg-1

k thermal conductivity W m-1 K-1

l length of a segment m

ln natural logarithm -

ṁ mass flow rate kg s-1

P pressure kPa

∆P differential pressure drop kPa

Q̇ heat duty kW

q
′′

heat flux kW m-2
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T temperature ◦C

U uncertainty -

V velocity m s-1

x thermodynamic quality -

x̃ molar concentration in liquid phase -

y bulk mass concentration -

ỹ molar concentration in the vapor phase -

Greek Letters

α heat transfer coefficient W m-2 K-1

αc convective heat transfer coefficient W m-2 K-1

αf film heat transfer coefficient W m-2 K-1

β experimental data that were within ± 20% of the predicted value %

µ dynamic viscosity kg m-1 s-1

ρ density kg m-3

σ surface tension N m-1

Subscripts
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bubble bubble temperature

avg average

cond condensation

deceleration deceleration pressure gain

dew dew temperature

fric frictional pressure drop

i test section segment #

in inlet

inner inner diameter

int liquid/vapor interface

l liquid phase

measured experimentally measured value

Mix mixture

out outlet

outer outer diameter

rand random uncertainty

ref refrigerant



165

s sensible heat duty

sat evaluated at saturation conditions

sys systematic uncertainty

T total heat duty

tot total uncertainty

v vapor phase

w water

wall wall
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Appendix A: Sample Calculations

This appendix provides representative analysis/sample calculations for a data point from this study.

The working fluid for this data point is R454C, with nominal mass flux equal to 300 kg m−2 s−1 and

saturation temperature equal to 50 ◦C. Sample Heat transfer and pressure drop calculations for this

experiment are presented in Tables A.1 and A.3, respectively. In addition, Table A.2 shows in detail the

procedure to implement the model that was developed in this study for the sample experiment.



 

R454C, T = 50 °C @ G = 300 kg m-2 s-1   

Input(s) Equation(s) Result(s) 

Mass flux and experimental conditions  

1

1

1

0.0047[ ](measured)
0.005164[ ](measured)

= 2031 [kPa] (measured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

ii

ref

ref

d m
m kg s
P
y
y

−

=

=

=
=



 

2

1 2

1 2

4

 ( , , , 1)
 ( , , , 0)

i ii

ref

i

dew ref

bubble ref

A d

m
G

A
T f P y y x
T f P y y x

π
=

=

= =

= =



  

2

-2 1

0.00001753[ ]
294.6 [kg m s ]

]

 
 53.44 [ C]

 47.14 [ C

i

dew

bubble

A

T
T

m
G −=

=

=

=





 

Heat transfer in the tee before Segment 1 

1

=137.5 [kPa] (measured)
=0.02892 [kg s ] (measured)

[1] = 25.70 [C] (measured)
[2] = 24.79 [C] (measured)

w

w

w

w

P
m
T
T

−


  

[1]  ( , [1])
[2]  ( , [2])
[1] ( [1] [2])

w w w

w w w

w w w

h f P T
h f P T
Q m h h

=
=

= −



 

-1

-1

[1]  107.9  [kJ kg ]
[2]  104.1[kJ kg ]
[1] 0.1096 [kW]

w

w

h
h
Q

=

=

=

 

1

1

2

= 2031 [kPa] (measured)

0.005164[ ](measured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[1] 85.37 [ C](measured)

[1] 0.1096 [kW]

ref

ref

ref

P

m kg s
y
y
T

Q

−

°

=

=
=

=

=





 

1 2

1 2

, ,
,

, , 1 2

[1]  ( , [1], , )
[1][2] [1]

[2]  ( , [2], , )
[1] [2]

[1]
2

[1]  ( , [1], , )

ref ref ref

ref ref
ref

ref ref ref

ref avg ref avg
ref avg

ref avg ref ref avg

h f P T y y
Qh h
m

T f P h y y
h h

h

T f P h y y

=

= −

=

+
=

=



 

-1

-1

-1
,

,

[1]  460.3 [  ]kJ kg

[2] 439.1 [  ]kJ kg

[2] 68.41[ C]

[1] 449.7 [kJ kg ]

[1]  76.75 [ ]

ref

ref

ref

ref avg

ref avg

h

h

T

h

T C

=

=

=

=

=
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Table A.1 Sample heat transfer calculation



Heat transfer in Segment 1 

-1

-1

=137.5 [kPa] (measured)
=0.02892 [kg s ]

[2] = 24.79 [C] (measured)
[3] = 23.33 [C] (measured)
[2]  104.1[  ]kJ kg

w

w

w

w

w

P
m
T
T
h =



  

[3]  ( , [3])
[2] ( [2] [3])

w w w

w w w

h f P T
Q m h h

=

= −



 
-1[3]  97.98 [  ]kJ kg

[2] 0.1763 [kW]
wh

Q
=

=

 

1

1

1

-1

= 2031 [kPa] (measured)

0.005164[ ](measured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[2] 68.41 [ C]

[2] 0.1763 [kW]
[2] 439.1 [  ]kJ kg

ref

ref

ref

ref

P

m kg s
y
y
T

Q
h

−=

=

= °
=

=

=





 
1 2

[2][3] [2]

[3]  ( , [3], , )

ref ref
ref

ref ref ref

Qh h
m

T f P h y y

= −

=

  

-1[3] 405 [  ]kJ kg

[3] 52.84[ C]
ref

ref

h

T

=

= 

 

1 1

,

0.004724 [m]
=0.00635 [m]

[1] 0.1773 [m]
0.3961[kW m  k ]

[2] 0.1763 [kW]
[1] 29.94[ C]

ii

oi

c

c outter

d
d
l
k
Q
T

− −

=

=

=

=

= 



 

, ,
[2]ln( )[1] [1]

2 [1]
ii oi

c inner c outer
c

Q d dT T
l kπ

= +


 , [1] 30.06 [ C]c innerT =   

1

1

-1

-1

2

,

0

]

0

= 2031 [kPa] (m

3.000 1

easured)
0.215  (R32 mas

[

s composition)
0.785  (R1234yf mass composition)

[2] 0.1763 [kW]
[2] 439.1 [  ]kJ kg

[3] 405 [  ]kJ kg

[1] 30. 6

75 ]

0  [ C

ref

i

ref

ref

c inner

P
y

m
y
A
Q
h

h

T

=
=

=

=

=

=

= 



 

 

, ,
,

, , 1 2

, ,

[2] [3]
[2]

2
[2]  ( , [2], , )

[2][1]
[2] [1]

ref avg ref avg
ref avg

ref avg ref ref avg

i
ref

ref avg c inner

h h
h

T f P h y y

Q A
T T

α

+
=

=

=
−



 

-1
,

,

-2 -1

[2] 422.1 [kJ kg ]

[2]  55.92[ ]

[1] 2.591 [kW m  k ]

ref avg

ref avg

ref

h

T C

α

=

=

=
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Heat transfer in Segment 2 

-1

-1

=137.5 [kPa] (measured)
=0.02892 [kg s ]

[3] = 23.33 [ C] (measured)
[4] = 21.92 [ C] (measured)
[3]  97.98[  ]kJ kg

w

w

w

w

w

P
m
T
T
h =







  

[4]  ( , [4])
[3] ( [3] [4])

w w w

w w w

h f P T
Q m h h

=

= −



 
-1[4]  92.09 [  ]kJ kg

[3] 0.1705 [kW]
wh

Q
=

=

 

1

1

1

-1

= 2031 [kPa] (measured)

0.005164[ ](measured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[3] 52.84 [ C]

[3] 0.1705 [kW]
[3] 405 [  ]kJ kg

ref

ref

ref

ref

P

m kg s
y
y
T

Q
h

−=

=
=

=

=

=

°





 
1 2

[3][4] [3]

[4]  ( , [4], , )

ref ref
ref

ref ref ref

Qh h
m

T f P h y y

= −

=

  

-1[4] 372 [  ]kJ kg

[4] 51.31[ C]
ref

ref

h

T

=

= 

 

1 1

,

0.004724 [m]
=0.00635 [m]

[2] 0.1773 [m]
0.3961[kW m  k ]

[3] 0.1705 [kW]
[2] 27.74[ C]

ii

oi

c

c outter

d
d
l
k
Q
T

− −

=

=

=

=

= 



 

, ,
[3]ln( )[2] [2]

2 [2]
ii oi

c inner c outer
c

Q d dT T
l kπ

= +


 , [2] 27.86 [ C]c innerT =   

1

1

-1

-1

2

,

= 2031 [kPa] (measured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[3] 0.1705 [kW]
[3] 405 [  ]kJ kg

[4] 372 [  ]kJ kg

[2] 27.86 [ C]

0.00001753[ ]

ref

i

ref

ref

c inner

P
y
y
A

h

h

T

m
Q

=
=

=

=

=

=

= 



 

 

, ,
,

, , 1 2

, ,

, , 1 2

[3] [4]
[3]

2
[3]  ( , [3], , )

[3][2]
[3] [2]

[2]  ( , [3], , )

ref avg ref avg
ref avg

ref avg ref ref avg

i
ref

ref avg c inner

ref avg ref ref avg

h h
h

T f P h y y

Q A
T T

x f P h y y

α

+
=

=

=
−

=



 

-1
,

,

-2 -1

,

[3] 388.5[kJ kg ]

[3]  50.62[ ]

[2] 2.675 [kW m  k ]
[2]  0.7648[ ]

ref avg

ref avg

ref

ref avg

h

T C

x
α

=

=

=

= −
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Heat transfer in Segment 3 

-1

-1

=137.5 [kPa] (measured)
=0.02892 [kg s ]

[4] = 21.92 [ C] (measured)
[5] = 20.67 [ C] (measured)
[4]  92.09[  ]kJ kg

w

w

w

w

w

P
m
T
T
h =







  

[5]  ( , [5])
[4] ( [4] [5])

w w w

w w w

h f P T
Q m h h

=

= −



 
-1[5]  86.86 [  ]kJ kg

[4] 0.1513 [kW]
wh

Q
=

=

 

1

1

1

-1

= 2031 [kPa] (measured)

0.005164[ ](measured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[4] 51.31 [ C]

[4] 0.1513 [kW]
[4] 372 [  ]kJ kg

ref

ref

ref

ref

P

m kg s
y
y
T

Q
h

−=

=
=

=

=

=

°





 
1 2

[4][5] [4]

[5]  ( , [5], , )

ref ref
ref

ref ref ref

Qh h
m

T f P h y y

= −

=

  

-1[5] 342.7 [  ]kJ kg

[5] 49.93 [ C]
ref

ref

h

T

=

= 

 

1 1

,

0.004724 [m]
=0.00635 [m]

[3] 0.1773 [m]
0.3961[kW m  k ]

[4] 0.1513 [kW]
[3] 23.37[ C]

ii

oi

c

c outter

d
d
l
k
Q
T

− −

=

=

=

=

= 



 

, ,
[4]ln( )[3] [3]

2 [3]
ii oi

c inner c outer
c

Q d dT T
l kπ

= +


 , [3] 23.47 [ C]c innerT =   

1

1

-1

-1

2

,

0

]

0

= 2031 [kPa] (m

3.000 1

easured)
0.215  (R32 mas

[

s composition)
0.785  (R1234yf mass composition)

[4] 0.1513 [kW]
[4] 372 [  ]kJ kg

[5] 342.7 [  ]kJ kg

[3] 2

7

3.47 [

]

C

5

ref

i

ref

ref

c inner

P
y

m
y
A
Q
h

h

T

=
=

=

=

=

=

= 



 

 

, ,
,

, , 1 2

, ,

, , 1 2

[4] [5]
[4]

2
[4]  ( , [4], , )

[4][3]
[4] [3]

[3]  ( , [4], , )

ref avg ref avg
ref avg

ref avg ref ref avg

i
ref

ref avg c inner

ref avg ref ref avg

h h
h

T f P h y y

Q A
T T

x f P h y y

α

+
=

=

=
−

=



 

-1
,

,

-2 -1

,

[4] 357.3 [kJ kg ]

[4]  50.62[ ]

[3] 2.118 [kW m  k ]
[3]  0.531[ ]

ref avg

ref avg

ref

ref avg

h

T C

x
α

=

=

=

= −
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Heat transfer in Segment 4  

-1

-1

=137.5 [kPa] (measured)
=0.02892 [kg s ]

[5] = 20.67 [ C] (measured)
[6] = 19.61 [ C] (measured)
[5]  86.86 [  ]kJ kg

w

w

w

w

w

P
m
T
T
h =







  

[6]  ( , [6])
[5] ( [5] [6])

w w w

w w w

h f P T
Q m h h

=

= −



 
-1[6]  82.39 [  ]kJ kg

[5] 0.1291 [kW]
wh

Q
=

=

 

1

1

1

-1

= 2031 [kPa] (measured)

0.005164[ ](measured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[5]  [ C]

[5] 0.1291 [kW]
[5] 342.7 [  ]k

49.93

kJ g

ref

ref

ref

ref

P

m kg s
y
y
T

Q
h

−=

=

= °
=

=

=





 
1 2

[5][6] [5]

[6]  ( , [6], , )

ref ref
ref

ref ref ref

Qh h
m

T f P h y y

= −

=

  

-1[6] 317.7 [  ]kJ kg

[6] 48.78 [ C]
ref

ref

h

T

=

= 

 

1 1

,

0.004724 [m]
=0.00635 [m]

[4] 0.1773 [m]
0.3961[kW m  k ]

[5] 0.1291 [kW]
[4] 22.34[ C]

ii

oi

c

c outter

d
d
l
k
Q
T

− −

=

=

=

=

= 



 

, ,
[5]ln( )[4] [4]

2 [4]
ii oi

c inner c outer
c

Q d dT T
l kπ

= +


 , [4] 22.42 [ C]c innerT =   

1

1

-1

-1

2

,

0.

]

= 2031 [

7

kPa] (mea

0 5

sured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[
.

0

7

0

 

01

[

3
5] 0.1291 [kW]
[5] 342  ]kJ kg

[6] 317.7 [  ]kJ kg

[4] 22.

[

42 [ C

]

ref

i

ref

ref

c inner

P

m

y
y
A
Q
h

h

T

=
=

=

=

=

=

= 



 

 

, ,
,

, , 1 2

, ,

, , 1 2

[5] [6]
[5]

2
[5]  ( , [5], , )

[5][4]
[5] [4]

[4]  ( , [5], , )

ref avg ref avg
ref avg

ref avg ref ref avg

i
ref

ref avg c inner

ref avg ref ref avg

h h
h

T f P h y y

Q A
T T

x f P h y y

α

+
=

=

=
−

=



 

-1
,

,

-2 -1

,

[5] 330.2 [kJ kg ]

[5]  49.35[ ]

[4] 1.822 [kW m  k ]
[4]  0.3371[ ]

ref avg

ref avg

ref

ref avg

h

T C

x
α

=

=

=

= −
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Heat transfer in Segment 5 

-1

-1

=137.5 [kPa] (measured)
=0.02892 [kg s ]

[6] = 19.61 [ C] (measured)
[7] = 18.78 [ C] (measured)
[6]  82.39 [  ]kJ kg

w

w

w

w

w

P
m
T
T
h =







  

[7]  ( , [7])
[6] ( [6] [7])

w w w

w w w

h f P T
Q m h h

=

= −



 
-1[7]  78.92 [  ]kJ kg

[6] 0.1004 [kW]
wh

Q
=

=

 

1

1

1

-1

= 2031 [kPa] (measured)

0.005164[ ](measured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[6] 48.78 [ C]

[5] 0.1004 [kW]
[6] 317.7 [  ]kJ kg

ref

ref

ref

ref

P

m kg s
y
y
T

Q
h

−=

=

= °
=

=

=





 
1 2

[6][7] [6]

[7]  ( , [7], , )

ref ref
ref

ref ref ref

Qh h
m

T f P h y y

= −

=

  

-1[7] 298.2 [  ]kJ kg

[7] 47.92 [ C]
ref

ref

h

T

=

= 

 

1 1

,

0.004724 [m]
=0.00635 [m]

[5] 0.1773 [m]
0.3961[kW m  k ]

[6] 0.1004 [kW]
[5] 22.51[ C]

ii

oi

c

c outter

d
d
l
k
Q
T

− −

=

=

=

=

= 



 

, ,
[6]ln( )[5] [5]

2 [5]
ii oi

c inner c outer
c

Q d dT T
l kπ

= +


 , [5] 22.58 [ C]c innerT =   

1

1

-1

-1

2

,

0.

]

= 2031 [

7

kPa] (mea

0 5

sured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[
.

0

7

0

 

01

[

3
6] 0.1004 [kW]
[6] 317  ]kJ kg

[7] 298.2 [  ]kJ kg

[5] 22.

[

58 [ C

]

ref

i

ref

ref

c inner

P

m

y
y
A
Q
h

h

T

=
=

=

=

=

=

= 



 

 

, ,
,

, , 1 2

, ,

, , 1 2

[6] [7]
[6]

2
[6]  ( , [6], , )

[6][5]
[6] [5]

[5]  ( , [6], , )

ref avg ref avg
ref avg

ref avg ref ref avg

i
ref

ref avg c inner

ref avg ref ref avg

h h
h

T f P h y y

Q A
T T

x f P h y y

α

+
=

=

=
−

=



 

-1
,

,

-2 -1

,

[6] 308 [kJ kg ]

[6]  48.35 [ ]

[5] 1.481 [kW m  k ]
[5]  0.1849[ ]

ref avg

ref avg

ref

ref avg

h

T C

x
α

=

=

=

= −
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Heat transfer in Segment 6 

-1

-1

=137.5 [kPa] (measured)
=0.02892 [kg s ]

[7] = 18.78 [ C] (measured)
[8] = 18.05 [ C] (measured)
[7]  78.92 [  ]kJ kg

w

w

w

w

w

P
m
T
T
h =







  

[8]  ( , [8])
[7] ( [7] [8])

w w w

w w w

h f P T
Q m h h

=

= −



 
-1[8]  75.88 [  ]kJ kg

[7] 0.0879 [kW]
wh

Q
=

=

 

1

1

1

-1

= 2031 [kPa] (measured)

0.005164[ ](measured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[7] 47.92 [ C]

[7] 0.0879 [kW]
[7] 298.2 [  ]kJ kg

ref

ref

ref

ref

P

m kg s
y
y
T

Q
h

−=

=

= °
=

=

=





 
1 2

[7][8] [7]

[8]  ( , [8], , )

ref ref
ref

ref ref ref

Qh h
m

T f P h y y

= −

=

  

-1[8] 281.2 [  ]kJ kg

[8] 47.2 [ C]
ref

ref

h

T

=

= 

 

1 1

,

0.004724 [m]
=0.00635 [m]

[6] 0.1773 [m]
0.3961[kW m  k ]

[7] 0.0879 [kW]
[6] 21.07[ C]

ii

oi

c

c outter

d
d
l
k
Q
T

− −

=

=

=

=

= 



 

, ,
[7]ln( )[6] [6]

2 [6]
ii oi

c inner c outer
c

Q d dT T
l kπ

= +


 , [6] 21.13 [ C]c innerT =   

1

1

-1

-1

2

,

0.

]

= 2031 [

7

kPa] (mea

0 5

sured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[
.

0

2

0

 

01

[

3
7] 0.0879 [kW]
[7] 298  ]kJ kg

[8] 281.2 [  ]kJ kg

[6] 21.

[

13 [ C

]

ref

i

ref

ref

c inner

P

m

y
y
A
Q
h

h

T

=
=

=

=

=

=

= 



 

 

, ,
,

, , 1 2

, ,

, , 1 2

[7] [8]
[7]

2
[7]  ( , [7], , )

[7][6]
[7] [6]

[6]  ( , [6], , )

ref avg ref avg
ref avg

ref avg ref ref avg

i
ref

ref avg c inner

ref avg ref ref avg

h h
h

T f P h y y

Q A
T T

x f P h y y

α

+
=

=

=
−

=



 

-1
,

,

-2 -1

,

[7] 289.7 [kJ kg ]

[7]  47.56 [ ]

[6] 1.264 [kW m  k ]
[6]  0.0643 [ ]

ref avg

ref avg

ref

ref avg

h

T C

x
α

=

=

=

= −
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Heat transfer in Segment 7 

-1

-1

=137.5 [kPa] (measured)
=0.02892 [kg s ]

[8] = 18.05 [ C] (measured)
[9] = 17.41 [ C] (measured)
[8]  75.88 [  ]kJ kg

w

w

w

w

w

P
m
T
T
h =







  

[9]  ( , [9])
[8] ( [8] [9])

w w w

w w w

h f P T
Q m h h

=

= −



 
-1[8]  73.21 [  ]kJ kg

[8] 0.0773 [kW]
wh

Q
=

=

 

1

1

1

-1

= 2031 [kPa] (measured)

0.005164[ ](measured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[8] 47.2 [ C]

[8] 0.0773 [kW]
[8] 281.2 [  ]kJ kg

ref

ref

ref

ref

P

m kg s
y
y
T

Q
h

−=

=
=

=

=

°

=





 
1 2

[8][9] [8]

[9]  ( , [9], , )

ref ref
ref

ref ref ref

Qh h
m

T f P h y y

= −

=

  

-1[9] 266.2 [  ]kJ kg

[9] 43.63 [ C]
ref

ref

h

T

=

= 

 

1 1

,

0.004724 [m]
=0.00635 [m]

[7] 0.1773 [m]
0.3961[kW m  k ]

[8] 0.0773 [kW]
[7] 20.01[ C]

ii

oi

c

c outter

d
d
l
k
Q
T

− −

=

=

=

=

= 



 

, ,
[8]ln( )[7] [7]

2 [7]
ii oi

c inner c outer
c

Q d dT T
l kπ

= +


 , [7] 21.07 [ C]c innerT =   

1

1

-1

-1

2

,

0.

]

= 2031 [

7

kPa] (mea

0 5

sured)
0.215  (R32 mass composition)
0.785  (R1234yf mass composition)

[
.

0

2

0

 

01

[

3
8] 0.0773 [kW]
[8] 281  ]kJ kg

[9] 266.2 [  ]kJ kg

[7] 21.

[

07 [ C

]

ref

i

ref

ref

c inner

P

m

y
y
A
Q
h

h

T

=
=

=

=

=

=

= 



 

 

, ,
,

, , 1 2

, ,

[8] [9]
[8]

2
[8]  ( , [8], , )

[8][7]
[8] [7]

ref avg ref avg
ref avg

ref avg ref ref avg

i
ref

ref avg c inner

h h
h

T f P h y y

Q A
T T

α

+
=

=

=
−



 

-1
,

,

-2 -1

[8] 273.7 [kJ kg ]

[8]  43.63 [ ]

[7] 1.246 [kW m  k ]

ref avg

ref avg

ref

h

T C

α

=

=

=
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R454C, T = 50 °C @ G = 300 kg m-2 s-1   

Input(s) Equation(s) Result(s) 

Predictions in the segment 1 
,

1

[1] 30.06 [ C]

[1]= 460.3 [kJ kg ]
c inner

ref

T

h −

= 

 
Condensation begins when the tube wall 

temperature is lower than the saturation 

temperature. Condensation is assumed to begin 

at test section inlet since inner wall temperature 

in the first segment is at least 15 °C lower than 

saturation temperature. Therefore, refrigerant 

inlet enthalpy is onset enthalpy. 

-1= 460.3[kJ kg ]onseth  

-1

-1

-1

1
,

418.4 [kJ kg ]
 279.8 [kJ kg ]
= 460.3[kJ kg ]

[2]= 422.1 [kJ kg ]
(superheated segment)

v

l

onset

ref avg

h
h
h
h −

=

=

 

, [2]
[2] ref avg l

apparent
onset l

h h
x

h h
−

=
−

 
[2] 0.788apparentx =  

-3
,

-3
,

-

-

,

,

2 1

2

-1 -1

0.00009673 [Pa s]
0.00001409 [Pa s]

k 0.0000668 [kW m  C ]
Pr 2.542 [-]

 
0.004724 [m]

[2] 0.788

939.8 [kg m ]

100.7 [kg m ]

294.6 [kg m s ]

9.82 [m s ]

l sat

v sat

l

l

ii

appare t

l sat

v s

n

at

G
d
g
x

ρ

µ
ρ

µ

−

=

=

=
=

=

=

=

=

=

=



 

Cavallini et al. (2006) Correlation:

, ,

, ,

0.9 0.5 0.1

1/33
3

1.111

0.8 0.4
,

1

7.5 2.6
4.3 1

( )

0.023 Pr

If ( > ) t

apparent
tt

apparent

T
G

tt

a

v sat l s

pparent
G

ii v l v

l
LO

t

ii l sat l
ii

T
G

at

l sat v sa

G

x
X

x

J
X

x G
J

gd
k Gd
d

J J

ρ ρ ρ

α µ

ρ µ
ρ µ

−−

−

     −
=      
      

  
=  +  +   

=
−

=   

0.817 0.3685 0.2363

2.144 0.1

hen:

1 1.128 ( / ) ( / )

(1 / ) Pr

If (  ) then:

apparent l v l v
cav LO

v v l

T
G G

x

J J

ρ ρ µ µ
α α

µ µ −

 +
= 

× −
≤

 

-2 -1[1] 3.172 [kW m  k ]cavα =  

176

Table A.2 Sample prediction procedure for the proposed model



{ }0.3321 1

0.253

0.87

0.8

0.725 1 0.741[(1 ) / ]

( ) / ( )

(1 )

( / ) ( / )+

Strat l l l v lv l ii

LO

T T
cav A G G Strat G G Strat

x x

k gh d T

x

J J J J

α ρ ρ ρ µ

α

α α α α

−
+ −

 = × − ∆ 
+ −

 = − 

 

-

,

2

2 -1

0.000

]

[1] 3.172

[

 [kW m  

W
01

5

75
 

3

k ]
53. 4

]
4  [ C]

[2] 0.1763 [k ]
[2]  5.92[

cav

dew

i

ref avg

T
A
Q

m

T C

α =

=

=

=

=







 

1
, [2]1[1]

[1] [2] /
ref avg dew

jacob
cav i

T T
Q A

α
α

−
− 

= + 
 

 
-2 -1[1] 2.838 [kW m  k ]jacobα =  

-2 1

2

,

, ,

-1 -

-2

 
0.004724 [m]

0.00001409 [Pa s]
1.518 [kJ/kg-C]

Pr 1.115 [-]
 53.44 [ C]

 47.14 [ C]

k 0.00001919 [kW m  C
[1] 2.838 [kW m

294.6 [kg m s ]

 

0.00001753[ ]

ii

v sat

p v sat

v

dew

bubble

i

v

jacob

G
d

T

m

c

T
A

µ

α

−

=
=

=

=

=

=

=

=

=

=







-1k ]
[2] 0.788apparentx =

 

 Silver (1947), Bell & Ghaly (1973) : 

,

, ,

0.8 0.4

1

,

Re /
( )

0.023( / ) Re Pr

1

v apparent ii v sat

dew bubble
apparent p v sat

v l

v v ii v v

jacob sbg
jacob v

Gx d
T TZ x c

h h
k d

Z

µ

α

α
α α

−

=

−
=

−

=

 
= +  
 

 

 

 

 

,

-2 -1

[1]

2.38[kW m  k ]
jacob sbgα =
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Predictions in the segment 2 
-1

-1

-1

1
,

418.4 [kJ kg ]
 279.8 [kJ kg ]
= 460.3[kJ kg ]

[3]= 388.5 [kJ kg ]
(saturated segment)

v

l

onset

ref avg

h
h
h
h −

=

=

 

, [3]
[3] ref avg l

apparent
onset l

h h
x

h h
−

=
−

 
[3] 0.602apparentx =  

-3
,

-3
,

-

-

,

,

2 1

2

-1 -1

0.00009673 [Pa s]
0.00001409 [Pa s]

k 0.0000668 [kW m  C ]
Pr 2.542 [-]

 
0.004724 [m]

[3] 0.602

939.8 [kg m ]

100.7 [kg m ]

294.6 [kg m s ]

9.82 [m s ]

l sat

v sat

l

l

ii

appare t

l sat

v s

n

at

G
d
g
x

ρ

µ
ρ

µ

−

=

=

=
=

=

=

=

=

=

=



 

Cavallini et al. (2006) Correlation  -2 -1[2] 2.743 [kW m  k ]cavα =  

-2 -1[2] 2.743 [kW m  k ]cavα =  [2] [2]jacob cavα α=  -2 -1[2] 2.743[kW m  k ]jacobα =  

1

,

, ,

-1 -1

-2

-2

2

 
0.004724 [m]

0.00001409 [Pa s]
1.518 [kJ/kg-C]

Pr 1.115 [-]
 53.44 [ C]

 47.14 [ C]

k 0.00001919 [

294.6 [kg m s

k

]

7

0.0000

[

175

W

3[
kW m  C ]

2] 2. 43[k  m  

]

ii

v sat

p v sat

v

dew

bubble

i

v

jacob

G
d

T

m

c

T
A

µ

α

−

=
=

=

=

=

=

=

=

=

=







-1]
[3] 0.602apparentx =

 

 Silver (1947), Bell & Ghaly (1973)  

 

 

 

 

 

 

,

-2 -1

[2]

2.33[kW m  k ]
jacob sbgα =
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Predictions in the segment 3 
-1

-1

-1

1
,

418.4 [kJ kg ]
 279.8 [kJ kg ]
= 460.3[kJ kg ]

[4]= 357.3 [kJ kg ]
(saturated segment)

v

l

onset

ref avg

h
h
h
h −

=

=

 

, [4]
[4] ref avg l

apparent
onset l

h h
x

h h
−

=
−

 
[4] 0.4294apparentx =  

-3
,

-3
,

-2

2

,

,

-1 -1

1

-

0.00009673 [Pa s]
0.00001409 [Pa s]

k 0.0000668 [kW m  C ]
Pr 2.542 [-]

 
0.004724 [m]

[4] 0.4294

939.8 [kg m ]

100.7 [kg m ]

294.6 [kg m s ]

9.82 [m s ]

l sat

v sat

l

l

ii

appar n

l sat

v sat

e t

g
d

x

G

ρ

µ
ρ

µ

−

=

=

=
=

=

=

=

=

=

=



 

Cavallini et al. (2006) Correlation  -2 -1[3] 2.323 [kW m  k ]cavα =  

-2 -1[3] 2.323 [kW m  k ]cavα =  [3] [3]jacob cavα α=  -2 -1[3] 2.323 [kW m  k ]jacobα =  

1

,

, ,

-1 -1

-2

-2

2

 
0.004724 [m]

0.00001409 [Pa s]
1.518 [kJ/kg-C]

Pr 1.115 [-]
 53.44 [ C]

 47.14 [ C]

k 0.00001919 [

294.6 [kg m s

k

]

3

0.0000

[

175

W

3[
kW m  C ]

3] 2. 23[k  m  

]

ii

v sat

p v sat

v

dew

bubble

i

v

jacob

G
d

T

m

c

T
A

µ

α

−

=
=

=

=

=

=

=

=

=

=







-1]
[4] 0.4294apparentx =

 

 Silver (1947), Bell & Ghaly (1973)  ,

-2 -1

[3]

2.038[kW m  k ]
jacob sbgα =
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Predictions in the segment 4 
-1

-1

-1

1
,

418.4 [kJ kg ]
 279.8 [kJ kg ]
= 460.3[kJ kg ]

[5]= 330.2 [kJ kg ]
(saturated segment)

v

l

onset

ref avg

h
h
h
h −

=

=

 

, [5]
[5] ref avg l

apparent
onset l

h h
x

h h
−

=
−

 
[5] 0.2791apparentx =  

-3
,

-3
,

-2

2

,

,

-1 -1

1

-

0.00009673 [Pa s]
0.00001409 [Pa s]

k 0.0000668 [kW m  C ]
Pr 2.542 [-]

 
0.004724 [m]

[5] 0.2791

939.8 [kg m ]

100.7 [kg m ]

294.6 [kg m s ]

9.82 [m s ]

l sat

v sat

l

l

ii

appar n

l sat

v sat

e t

g
d

x

G

ρ

µ
ρ

µ

−

=

=

=
=

=

=

=

=

=

=



 

Cavallini et al. (2006) Correlation  -2 -1[4] 1.971 [kW m  k ]cavα =  

-2 -1[4] 1.971 [kW m  k ]cavα =  [4] [4]jacob cavα α=  -2 -1[4] 1.971 [kW m  k ]jacobα =  

1

,

, ,

-1 -1

-2

-2

2

 
0.004724 [m]

0.00001409 [Pa s]
1.518 [kJ/kg-C]

Pr 1.115 [-]
 53.44 [ C]

 47.14 [ C]

k 0.00001919 [

294.6 [kg m s

k

]

9

0.0000

[

175

W

3[
kW m  C ]

4] 1. 71[k  m  

]

ii

v sat

p v sat

v

dew

bubble

i

v

jacob

G
d

T

m

c

T
A

µ

α

−

=
=

=

=

=

=

=

=

=

=







-1]
[5] 0.2791apparentx =

 

 Silver (1947), Bell & Ghaly (1973)  ,

-2 -1

[4]

1.777[kW m  k ]
jacob sbgα =
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Predictions in the segment 5 
-1

-1

-1

1
,

418.4 [kJ kg ]
 279.8 [kJ kg ]
= 460.3[kJ kg ]

[6]= 308 [kJ kg ]
(saturated segment)

v

l

onset

ref avg

h
h
h
h −

=

=

 

, [6]
[6] ref avg l

apparent
onset l

h h
x

h h
−

=
−

 
[6] 0.156apparentx =  

-3
,

-3
,

-

-

,

,

2 1

2

-1 -1

0.00009673 [Pa s]
0.00001409 [Pa s]

k 0.0000668 [kW m  C ]
Pr 2.542 [-]

 
0.004724 [m]

[6] 0.156

939.8 [kg m ]

100.7 [kg m ]

294.6 [kg m s ]

9.82 [m s ]

l sat

v sat

l

l

ii

appare t

l sat

v s

n

at

G
d
g
x

ρ

µ
ρ

µ

−

=

=

=
=

=

=

=

=

=

=



 

Cavallini et al. (2006) Correlation  -2 -1[5] 1.623 [kW m  k ]cavα =  

-2 -1[5] 1.623 [kW m  k ]cavα =  [5] [5]jacob cavα α=  -2 -1[5] 1.623 [kW m  k ]jacobα =  

1

,

, ,

-1 -1

-2

-2

2

 
0.004724 [m]

0.00001409 [Pa s]
1.518 [kJ/kg-C]

Pr 1.115 [-]
 53.44 [ C]

 47.14 [ C]

k 0.00001919 [

294.6 [kg m s

k

]

6

0.0000

[

175

W

3[
kW m  C ]

5] 1. 23[k  m  

]

ii

v sat

p v sat

v

dew

bubble

i

v

jacob

G
d

T

m

c

T
A

µ

α

−

=
=

=

=

=

=

=

=

=

=







-1]
[6] 0.156apparentx =

 

 Silver (1947), Bell & Ghaly (1973)  ,

-2 -1

[5]

1.503[kW m  k ]
jacob sbgα =
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Predictions in the segment 6 
-1

-1

-1

1
,

418.4 [kJ kg ]
 279.8 [kJ kg ]
= 460.3[kJ kg ]

[7]= 289.7 [kJ kg ]
(saturated segment)

v

l

onset

ref avg

h
h
h
h −

=

=

 

, [7]
[7] ref avg l

apparent
onset l

h h
x

h h
−

=
−

 
[7] 0.05505apparentx =  

1

,

,

-1 -1

-3
,

-3
,

-2

-2

0.00009673 [Pa s]
0.00001409 [Pa s]

k 0.0000668 [kW m  C ]
Pr 2.542 [-]

 
0.004724 [m]

[7] 0.05505

939.8 [kg m ]

100.7 [kg m ]

294.6 [kg m s ]

9.82 [m s ]

l sat

v sat

l

l

ii

appare

l sat

v sat

nt

G
d

x
g

ρ

µ

ρ
µ

−

=

=

=
=

=

=

=

=

=

=



 

Cavallini et al. (2006) Correlation  -2 -1[6] 1.276 [kW m  k ]cavα =  

-2 -1[6] 1.276 [kW m  k ]cavα =  [6] [6]jacob cavα α=  -2 -1[6] 1.276 [kW m  k ]jacobα =  

1

,

, ,

-1 -1

-2

-2

2

 
0.004724 [m]

0.00001409 [Pa s]
1.518 [kJ/kg-C]

Pr 1.115 [-]
 53.44 [ C]

 47.14 [ C]

k 0.00001919 [

294.6 [kg m s

k

]

2

0.0000

[

175

W

3[
kW m  C ]

6] 1. 76[k  m  

]

ii

v sat

p v sat

v

dew

bubble

i

v

jacob

G
d

T

m

c

T
A

µ

α

−

=
=

=

=

=

=

=

=

=

=







-1]
[7] 0.055apparentx =

 

 Silver (1947), Bell & Ghaly (1973)  ,

-2 -1

[6]

1.214[kW m  k ]
jacob sbgα =

 

Predictions in the segment 7 
 

-

1
,

2 1294.6 [kg

)

0.0001022 [Pa s]
Pr 2.538[ ]

0.004724 [m]
 

[7]= 289.7 [kJ kg ]
(subcooled se

 

gme t

s ]

n

m

l

l

ii

ref avg

G
d

h

µ

−

−

=

=

= −
=

 

Gnielinski (1976) Correlation: 

10

1/2 2/3

[1.82log ( ) 1.64]

( 8)( 1000) Pr
1 12.7( 8) (Pr 1)

b ii v

v b ii v v
v

ii b v

f Gd

k f Gd
d f

µ

µα

= −

  −
=   + − 

 

-2 -1

0.02888
[7] 1.01 [kW m  k ]

b

jacob

f
α

=

=
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R454C, T = 50 °C @ G = 300 kg m-2 s-1   

Input(s) Equation(s) Result(s) 

Determine the lengths associated with two-phase and single-phase regions 
[2...7] [0.8934, 0.6394, 0.4252, 

0.2508, 0.1202, 0.009186]
(From heat transfer calculations)

[2...7] [0.3429, 0.5334, 0.7239, 
0.9144,1.105, 1.295]

(Measured)

refx

L

=

=
   

2( )refx L aL bL c= + +  

2

0.5163
1.769

1.438
Coefficient of determination: 
R 1

a
b
c

=
= −
=

=

 

( ) 1refx L =  2( ) 0.5163 1.769 1.438refx L L L= − +  0.269vL m=  

( ) 0
0.269

ref

v

x L
L m

=

=
 

 

2( ) 0.5163 1.769 1.438
( 0)

ref

tp v

x L L L
L L x L

= − +

= = −
 

1.033tpL m=  

0.269
1.033

1.676 ( )

v

tp

total

L m
L m
L m measured

=
=

=

 
l total tp vL L L L= − −  0.374lL m=  

Evaluate the minor loses 

1 1

-3

1

0.0047[ ](measured)
= 2031 [kPa] (measured)

=0.000015

m
7

33 [kg m  s ]

3.788 [  s ]
0

7

.

.76 [kg m

6

]
V

2 9

ii

ref

i

v

i

n

n

in

d m
P

L m

ρ

µ − −

−

=

=

=

=

 

Churchill (1977) correlation: 

[ ]

16

16

0.9

1/1212
1.5

2

Re /

37530
Re

12.457 ln
7 0.27

Re

88
Re

2

ii in

v in
v

ii

Gd

B

A
RR

f A B

l VP f
d

µ

ρ

−

=

 =  
 

  
  
  =     +       

   = + +  
   
 

∆ =  
 

 

0.647 [kPa]vP∆ =  
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Table A.3 Sample pressure drop calculation



1 1

-3

1

0.0047[ ](measured)
= 2031 [kPa] (measured)

= 0.000119

m
1

3 [kg m  s ]

0.2902 [  
015 [k

7

g m ]
s ]

0.
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3 4
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o t
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t
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l

t

d m
P

L m

ρ

µ − −

−

=

=

=

=

 

Churchill (1977) correlation: 
 

0.1035 [kPa]lP∆ =  

-3

-3

1

1

3.788

V

 [m s ]

0.2902 [m s ]

77.76 [kg m ]
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n
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i
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ρ

ρ

−

−

=

=

=

=





 

2 2V Vdecceleration i on tin outuP ρ ρ∆ = −   0.770 [kPa]deccelerationP∆ =  

Evaluate two-phase Frictional Pressure Drop 

0.770 [

1.46 [kPa]
0.647 [kPa]
0.1035 [kP

]
a

P
]

k a

measur

r

ed

v

l

deccele ation

P

P

P

P

∆

∆ =

=
∆ =
∆ =

 

friction measur

edecc leration

ed v

l

P P P
P P

∆

∆

= ∆ −∆

−∆ −
 

1.479 [kPa]frictionP∆ =  
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