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Water-source and ice-maker heat pumps share many
characteristics. However, each presents different
technical difficulties that have prevented them from being
used more widely. In a water-source heat pump a very
important consideration is to reduce water consumption,
while in an ice-maker heat pump a major concern is to
reduce the number of deicing cycles while keeping a high
performance.

Previous research by this author has indicated that
the use of the flow reversal method (reversing periodically
the water flow direction in the evaporator) has the effect
of partly deicing the evaporator, reducing pressure drop
and enhancing heat transfer. This thesis shows the
development and application of analytical and numerical
models to study the effect of different evaporator

parameters on heat pump efficiency, as well as the possible



advantages of using the flow reversal method in a water-
source or ice-maker heat pump.

The conclusion reached from these studies is that
periodic water flow reversals inside an evaporator with
freezing help improve the performance of a heat pump
system in two different ways. First, periodic water flow
direction reversals serve to enhance heat transfer in the
evaporator. Second, reversing the water flow direction
also delays ice blockage in the evaporator, or totally
prevents blockage from happening. Delaying ice blockage
represents a substantial improvement for ice-maker heat
pumps, since these may then operate for a longer time
without deicing. Preventing ice blockage represents a
substantial improvement for water-source heat pumps, since
these may then operate at lower water flow rates.

Suggestions for future work include further testing of
the flow reversal method for different evaporator
geometries, as well as an experimental evaluation of the

flow reversal method.
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EVAPORATOR ANALYSIS FOR APPLICATION TO

WATER-SOURCE AND ICE-MAKER HEAT PUMPS

I. INTRODUCTION

1.1 General

A heat pump is a system that extracts thermal energy
from a region of low temperature (low temperature
reservoir) and makes it available for use at a higher
temperature (high temperature reservoir). Heat pumps are
classified according to their low temperature reservoir as
earth, water or air-source heat pumps. Heat pumps recover
and utilize the thermal energy stored in these three
sources, and also make low-grade waste heat sources more
usable. They are truly an energy conserving and, many
times, a cost conserving technology.

The heat pump cycle is illustrated in Figure 1.1. The
cycle consists of four basic operations: evaporation, com-
pression, condensation and expansion. A heat pump accom-
plishes its task of transferring energy from a low tempera-
ture reservoir to a high temperature space by using a
refrigerant. Space heating is accomplished by transferring
energy from the low temperature reservoir (water, earth or
ambient air) to the liquid refrigerant. The refrigerant
evaporates by the effect of the thermal energy transferred

to it. Work is then done on the vapor by a compressor.
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Figure 1.1 Schematic of an ice-maker heat pump operating in the
heating mode A



This increases the temperature and pressure of the vapor.
Thé vapor is then condensed and the heat of condensation is
released to the heated space. The advantage of this type
of heating is that more energy is made available for
heating than just the work required to operate the heat
pump.

A heat pump cycle can be reversed to provide space
cooling during the summer months. To accomplish this, most
heat pumps have a four-way valve as shown in Figure 1.1. A
movement of this valve transforms the indoor heat exchanger
into the evaporator, while the outdoor heat exchanger acts
as the condenser.

Air is the most commonly used low temperature
reservoir for heat pump operation, because ambient air is
readily available and free. However, air-source heat pumps
present the following major deficiencies:

1. The efficiency and capacity of air-source heat pumps
decrease as ambient temperature drops. This condition
requires the use of expensive backup heating when the
heating demand exceeds capacity.

2. At low ambient temperatures, frost forms on the surfaces
of the evaporator. Frost formation insulates the surfaces
and impedes air flow through the evaporator, making it
necessary to use additional energy for defrosting.

3. Defrosting is usually accomplished by reversing the heat
pump cycle. Therefore, no heating energy is delivered from

the heat pump to the heating space during the defrosting



cycle, requiring the use of backup heating. Defrost
cycles are also a major cause of reliability problems with
heat pumps.

Water-source heat pumps obtain thermal energy from
water (either surface or ground water) rather than from
ambient air. Therefore, they are not subjected to frost
formation in the evaporator surfaces. Water-source heat
pumps are the ideal choice when a well or a stream with
warm water is available. However, the temperature of water
in high latitudes is generally low, so that the amount of
energy that can be obtained from the water before cooling
it to the freezing point may be very small. A very large
volume of water would be needed to meet the heating demand
of the heated space, and the cost of this water may make
the use of a heat pump uneconomical.

Ice-maker heat pumps are a special kind of
water-source heat pump that take advantage of the latent
heat of solidification of the water to satisfy the heating
demand. For this, they freeze part of the water
circulating through the evaporator. The purpose of
freezing part of the water in the evaporator is to reduce
the water consumption by increasing the amount of energy
obtained per unit mass of water. The ice formed must be
removed from the surfaces periodically, to allow additional
ice formation. This need to remove the ice from the
evaporator in ice-maker heat pumps introduces the disadvan-

tage of requiring a periodic interruption of the cycle to



deice the surfaces.

It must be observed that a water-source heat pump in
which freezing occurs, but where the ice is either not
removed from the evaporator or totally melted, cannot be
considered to be an ice-maker heat pump, because under
these conditions there is no water savings due to the
freezing.

The following sections continue the discussion on heat
pumps by first presenting an historical background. Next,
a section presents a literature survey on the main topic of
interest in this thesis, namely, water-source heat pumps
and ice-maker heat pumps that use non-conventional water-
saving or deicing techniques. The last section gives a

precise statement of the problem studied in this thesis.

1.2 Historical Background

Heat pumps have their origins in the early years of
the 19th century. The growing understanding of physical
processes led to interest in the possibility of pumping
heat energy to a higher temperature. Sadi Carnot described
in 1824 the theoretical concept of the heat pump. William
Thomson (Lord Kelvin), 1852, was the first in proposing a
"heat multiplier", as he called the heat pumps.

The first heat pump applications were considered in
the 1920s, with improvements on Thomson's paper by Krauss,
1921. Haldane, 1930, analyzed data from a number of re-

frigerating plants. From his analysis, Haldane was able to



recommend the heat pump as an efficient device for
building heating.

In the early 1960s, reversible domestic air-to-air
heat pumps achieved an appreciable sales success in the
U.S.A. Unfortunately, they were not reliable, because it
had not been recognized that a reversible heat pump needs
to be more than just an air conditioner with a refrigerant
reversing valve added. The models built broke down easily
as the heating load increased. These experiences almost
destroyed the heat pump industry.

From 1973 to date, heat pump production has
experienced a constant growth. This is mainly the result of
the increased awareness of the world's limited available
energy, high energy costs, and the design and construction

of more efficient and reliable heat pump systems.

1.3 Water-Source and Ice-Maker Heat Pump Literature Review

This section presents a literature review on water-
source and ice-maker heat pumps, with special emphasis on
techniques that aid in reducing water consumption in water-
source heat pumps, and techniques that reduce deicing
penalty losses in ice-maker heat pumps.

Water-source heat pumps are a well-established
technology, with analyses, simulations and experimental
results appearing in the literature with some frequency.

In most cases, water-source heat pumps use ground water

during operation (EPRI, 1985). Ground water has the



advantage over ambient air and surface water that it keeps
a more constant temperature throughout the year. Ground
water in the United States has temperatures that range from
25°C in the south to 4°C in the northernmost latitudes,
with most of the country having temperatures of at least
8°C (EPRI, 1985). This temperature is high enough for
water-source heat pumps to operate with a good thermal
efficiency. However, ground water water-source heat pumps
require the drilling of one or more wells to provide an
adequate water supply. Well drilling is expensive, and the
investment required may make a water source heat pump
uneconomical.

Even if there is no need to drill a new well (because
there is one in existence or because surface water is being
used), a water-source heat pump may be uneconomical due to
the high volume of water necessary. Only 33.6 kJ/kg of
energy can be obtained from water at 8°C without freezing
some of the water, and usually only a fraction of this
amount can be extracted, because ice can form on the
evaporator walls well before the water bulk temperature
reaches the freezing point. High volumes of water mean
high pumping power or high economical cost, in cases where
it is necessary to pay for the water. Mei, 1983,
determined experimentally the coefficients of performance
(COP) of a commercially available water-source heat pump.
His results indicate that the power required to pump the

water from a well (46 m head) makes a low water flow rate



heat pump preferable to a high flow rate heat pump, even
though the COP of a high flow heat pump is better when the
pumping power is not taken into account. Reistad et al.,
1984, obtained results similar to those obtained by Mei.
They compared a water-source heat pump with an air-source
heat pump and a dual-source heat pump (air and water). The
results indicate that, although water-source heat pumps
have the highest COP, they can many times be uneconomical
due to the high costs of water and pumping power.

Some alternatives exist in the literature. One is to
use an earth-coupled heat pump, where the cold water going
out of the evaporator is circulated through a ground coil
(a water~-to-earth heat exchanger). The ground coil reheats
the water, making it possible to use the same water over
and over. The water circulated by the ground coil can also
be blended with water extracted from the well to get a
semi-open circuit that reduces water consumption (Rackliffe
and Schabbel, 1986). Reistad et al., 1984, and Lee, 1989,
have studied dual-source heat pumps. A dual-source heat
pump operates as a regular air-source heat pump for ambient
temperatures higher than a certain changeover point and
switches to a water-source heat pump when the ambient
temperature goes under thé changeover point. A dual-source
heat pump has a good COP even for low ambient temperatures,
since groundwater temperature is fairly constant
throughout the year. Water consumption is also

substantially decreased, because water is only used when



the ambient temperature is lower than the changeover point.

Still, even a dual-source heat pump requires the use
of fairly warm water (6°C or more). For water
temperatures under 6°C, like those existing in surface
water or in ground water in the northern latitudes, a heat
pump cannot operate efficiently without freezing part of
the circulating water. Ice-maker heat pumps freeze some of
the circulating water to take advantage of the latent heat
of solidification of the water and reduce the water
consumption. Ice-maker heat pumps give the possibility of
using the ice obtained for cool storage, and provide a good
economic alternative to other heating methods (Fischer and
Nephew, 1976).

However, ice formation in the evaporator surfaces of
ice-maker heat pumps reduces the heat pump efficiency,
making it necessary to interrupt the heating cycle to deice
the surfaces. Therefore, ice-maker heat pumps present
similar capacity losses and reliability problems associated
with deice cycles as those found in air-source heat pumps.

Insulation of evaporator surfaces caused by ice or
frost formation is an important problem in the operation of
ice-maker and air-source heat pumps, respectively. Deicing
of the surfaces can be accomplished in a number of ways,
but it always reduces the effectiveness of the heat pumps,
because energy is consumed to deice the surfaces. 1In
addition to this, the heating cycle is usually interrupted

during the deicing period.
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Baxter (1978, 1980, 1981) studied different methods
for ice-maker heat pump evaporator deicing. The results
showed that the method of reversing the heating cycle and
circulating a stream of warm refrigerant through the
evaporator introduces the highest performance penalty. The
best method proved to be a dual-fluid deicing system.

This system subcools the condensed refrigerant and stores
the thermal energy in a secondary fluid until it is needed
for harvesting. Harvesting is done by circulating the warm
secondary fluid through parallel circuits in the evaporator
plates.

Some alternative methods for deicing with reduced
energy consumption have been studied in the past. Rinaldi
et al., 1977, tried to supercool water in the evaporator
without freezing it. The supercooled water was supposed to
flow out of the evaporator to a reservoir where ice would
form from the supercooled water. This method would provide
steady-state operation of the heat pump without the need of
interrupting the cycle for deicing. Their experimental
work consisted of measuring the maximum supercooling
attainable with water flowing over the evaporator surfaces.
The surfaces were coated with different substances to
reduce the chances of ice formation on the wall. However,
the results indicated very low water supercooling (the
maximum value recorded was 2.5°C), so that the amount of
ice obtained in the reservoir would be negligible, if any.

There is also the possibility of having ice build-up in the
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evaporator, which would translate into a drop in
effectiveness.

Stewart and Dona, 1988, studied the effect of surface
coatings in the freezing of electrolytic solutions. They
froze the electrolyte in an immersed plate coated with an
adhesivity~-reducing substance. The result was the self-
release of the ice, due to the buoyancy force, after it
reached a critical thickness (6 mm). However, the
experiments were carried out in a tank with no flow, and
their application to flow systems remains to be shown.

Juhola, 1988, introduced an ice-maker heat pump in
which ice production takes place away from the evaporator
surfaces. In this heat pump, the water inlet flows into a
vacuum chamber whose pressure is less than the vapor
pressure of the water at 0°C. Therefore, part of the water
evaporates while the rest of the water freezes. The water
vapor is then circulated through the evaporator, while the
ice can be used for cool storage or just dumped away.
Although the idea reduces substantially the ice buildup in
the evaporator, the added hardware required (a vacuum pump
and a vacuum chamber) will probably limit the applicability
of this method.

Aceves-Saborio et al., 1989a, studied a water-source
heat pump evaporator with a tube-in-tube configuration
(Figure 1.2). The water temperature was low enough for
some ice to form in the evaporator. Water was allowed to

flow in one direction for a period of time long enough to
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obtain substantial ice formation. Then, the water flow
direction was suddenly reversed. The results indicated
that reversing the water flow direction improves the heat
exchange performance of the evaporator by melting or
detaching part of the ice that insulates the surfaces.
Therefore, although a total surface deicing was not
obtained, there was a substantial improvement when the
performance was compared to the performance obtained
without reversing the water flow direction (continuous
water flow in one direction). Nakamura et al., 1989, also
studied the effect of periodic water flow reversals on ice
formation inside a duct. The study showed that periodic
water flow reversals enhance heat transfer and reduce

pressure drops in the duct.

1.4 Problem Statement

Most of the analyses described in the previous section
were done for relatively high water temperatures, typical
of mid-latitude groundwater. For low water temperatures,
such as those usually found in surface water or high-
latitude groundwater, it is impossible to obtain a good
amount of energy from the water without freezing some of
it. Therefore, the only technologies available are either
ice-maker heat pumps or water-source heat pumps designed
especially to allow some freezing in the evaporator. Both
of these require a careful evaporator design.

This thesis contains a study of low-temperature
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water-source and ice-maker heat pumps. The study centers
on finding evaporator properties that allow water-source
and ice-maker heat pumps to operate efficiently at low
temperatures.

Water-source and ice-maker heat pumps share a lot of
characteristics. However, each presents different
technical difficulties that have prevented them from being
used more widely. In a water-source heat pump a very
important consideration is to reduce water consumption,
while in an ice-maker heat pump a major concern is to
reduce the number of deicing cycles while keeping a high
performance.

The purpose of this thesis is to search for evaporator
designs and operation modes that help reduce the water
consumption in a water-source heat pump, and help reduce
the frequency of the deicing cycles in ice-maker heat
pumps. The approach used consists of studying the effect
of different evaporator parameters on heat pump efficiency,
as well as the possible advantages of using the flow
reversal method in a water-source or ice-maker heat pump.

To accomplish the objective just stated, this thesis
includes the following.
1. A theoretical analysis that describes qualitatively the
desired evaporator characteristics and the different trade-
offs that appear when working with low-temperature water-
source and ice-maker heat pumps. The theoretical analysis

is complemented by a heat pump simulation. The results of
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the simulation extend the conclusions obtained in the
theoretical analysis.

2. A detailed description of a simulation model to study
the transient behavior of a water-source evaporator with
freezing, to be used in an extensive heat pump simulation.
3. A description of an existing steady-state heat pump
model. This model is used to simulate the high-pressure
side of the heat pump. The description gives all the
options available for modelling every heat pump component,
as well as the options selected for the present study.

4, The details on how the interaction between the time-
dependent evaporator model and the steady-state heat pump
model takes place, and the conditions under which the
steady-state heat pump model predicts accurately the
transient heat pump behavior.

5. A heat pump optimization that uses the exergetic
efficiency as objective function. Optimizations are
carried out for ice-maker heat pumps (heat pumps where
deicing 1s required after a period of time), and water-
source heat pumps with freezing (some ice forms in the
evaporator, but no deicing is ever required).

6. A detailed discussion on how the different evaporator
parameters and the use of the flow reversal method affect
the heat pump performance.

7. An irreversibility analysis of the water-source heat
pump studied in this thesis.

8. General conclusions and suggestions for future work.
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II. ANALYSIS OF ICE~-MAKER EVAPORATORS
2.1 Introduction

This chapter presents an analytical and numerical
study of ice-maker evaporators. The study is mainly
analytical, but it is complemented with the results of a
heat pump simulation. The theoretical analysis is carried
out for a flat-plate heat exchanger, this configuration
being chosen due to its mathematical simplicity. The
numerical analysis is done for a tube-in-tube evapcrator.
The evaporator model is incorporated into a heat pump model
to simulate the overall system behavior.

The study presents first the theoretical analysis.
This includes heat transfer results with and without
deicing, an optimization of an ice-maker evaporator in
which the ice self-releases from the surfaces after a
critical thickness is reached (deicing with no penalty),
and the effect of a deicing penalty in the optimum heat
exchanger. The theoretical analysis is followed by the
simulation results. The simulation uses detailed models of
a tube-in-tube evaporator (Chapter 3) and a heat pump
(Chapter 4). The simulation results are used to test the
generality of the conclusions reached in the theoretical
analysis. The last section in the chapter gives the final

conclusions obtained from the analysis.
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2.2 Theoretical Analysis

This section presents a theoretical analysis of a
flat-plate ice-maker evaporator. This section first
describes the evaporator model used for the simulation, and
then shows a procedure to calculate evaporator performance

with and without deicing.

2.2.1 The Evaporator Model: The evaporator under

analysis is shown in Figure 2.1. This is a flat-plate,
submerged evaporator. The tank temperature is kept at a
constant, and uniform, value, Ty, by adding an adequate
amount of mass at a temperature T, and having good mixing
of the water in the tank. The evaporator duty and
temperature are constant, and‘equal to E and T,
respectively. The evaporator temperature Te is negative
(the centigrade scale, with the freezing point, T., equal
to 0°C, is used for simplicity). Therefore, some ice
builds on the evaporator.

Assume a constant heat transfer coefficent equal to h
between the liquid water and the ice. The equation for the

ice growth is,

dx

L e = dout ~ din (2.1)
dt

where,

din = h (Tq - T¢c) = h Ty (2.2)

and
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dT

dx
are respectively the heat flux entering and leaving the
ice-water interface. L is the latent heat of
solidification, P is the ice density, x is the ice
thickness and k is the thermal conductivity.

The temperature profile in the ice, necessary to
calculate the derivative in Equation (2.3), can be obtained
as the solution to a complex unsteady-state problem
(Carslaw and Jaeger, 1959). However, the ice growth is
very slow compared to the heat transfer process.
Therefore, the effect of the ice growth can be neglected.
This is a usual assumption in this type of problem
(Sampson and Gibson, 1981), and is commonly known as the
quasi-steady-state assumption. Neglecting the ice growth
results in a linear temperature profile across the ice,
with T = T, = 0 at the interface and T = T, at the

evaporator surface. Therefore,

ki Te
dout = -~ (2.4)
b
and
dx ki Te
L. p =—-———-——-—-—th (2‘5)
dt X

Now, separating variables and integrating yields an
implicit expression for the ice profile as a function of

time,
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t h Tgq
t*¥ = ———— = -( x/a + 1n(1 - x/a)) (2.6)
aL o ‘
where,
ki Te
i\ = - (2.7)
h Taq

is the maximum thickness reached by the ice. The non-
dimensional thickness x/a is easily obtained from Equation
(2.6), and the result is used to evaluate the heat transfer
rate per unit area into the evaporator,

Te h Tgq

q = -kKj = (2.8)
X x/a

Figures 2.2 and 2.3 show respectively plots of x/a and
the non-dimensional heat flux q*Eq/th as a function of the
non-dimensional time t*. As Figure 2.2 shows, the ice
thickness grows fast for a short period after start-up.

The rate of growth then decreases, until finally the ice
thickness reaches its steady-state value (x=a). Figure 2.3
shows that the heat transfer decreases rapidly as a
function of time until it reaches a steady-state, where
there is no more ice formation, but only heat transfer due
to convection (except for the Ty=0 case, where there is no
convection, but the ice keeps growing thicker, without ever
reaching a steady-state value).

It is clear from Figure 2.3 that it is disadvantageous
to work in steady-state. The low values of g indicate that
a large area is required to meet the heat exchanger duty E.

From this, it seems obvious that a periodic deicing should
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be considered. Deicing the evaporator periodically
results in a heat transfer rate as shown in Figure 2.4.
Each period starts from the no-ice condition. From this
point, the heat transfer flux changes in the same form as
shown in Figure 2.3 until it reaches some pre-established
point at which the deicing takes place. Deice periods are
generally of short duration, but usually there is no heat
transfer during the period.

At first glance, it seems that it would be convenient
to deice the evaporator very frequently. However, there is
a penalty for every deice period. This penalty exists
because a deice period reduces the heat pump performance
and creates reliability problems with the compressor.
Therefore, the time for deicing, tget, is a design
parameter that can be obtained from an optimization that
balances the cost of area against the cost of the penalty
associated with deicing.

However, a recent study (Stewart and Dona, 1988) tried
to find situations in which the ice that forms in the
evaporator self-releases from the surfaces, yielding a no-
penalty deicing. Their study focused mainly on the
possibility of using the buoyancy force (caused by the
difference in density between ice and liquid water) to
obtain ice self-release. To understand the possibility of
obtaining ice self-release due to buoyancy force, consider
a submerged layer of ice facing upwards. There are two

forces acting over this layer. The first is the adhesion
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force that keeps the ice attached to the surface, and the
second is the buoyancy force that tends to detach the ice
from the surface and make it float to the surface. The
buoyancy force is proportional to the ice thickness.
Therefore, it can be expected that there is a critical
thickness at which the buoyancy force overcomes the
adhesive force, causing a self-release of the ice.

Although this critical thickness is in general too
large for practical applications, Stewart and Dona, 1988,
obtained ice self-release for small thicknesses (6 mm), by
using electrolytic solutions and adhesion-reducing coatings
on the surfaces.

The concept of ice self-release is applied in the
following section to an evaporator optimization. The
analysis assumes that the ice self-releases from the
evaporator when it reaches a critical thickness. The

deicing penalties are included in a later analysis.

2.2.2 Evaporator Optimization with Ice Self-Release:

Consider once more the evaporator shown in Figure 2.1.

The evaporator is a fixed-duty heat exchanger and its
temperature T, is constant. The heat transfer into the
evaporator has two parts. The first part is a latent part,
related to the amount of ice formed on the evaporator. The
second part is a sensible part, and is equal to the energy
lost by the water due to convection. The sum of these two
contributions over the heat exchanger area A must equal the

heat exchanger duty E. The temperature of the water
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reservoir Ty has opposite effects in both terms. An
increase in Ty causes an increase in the convective heat
transfer, but a decrease in the amount of ice formed.
Therefore, it is likely that there is an optimum Ty at
which the area required to meet the heat transfer duty is a
minimum. The following analysis calculates this minimum
area and the optimum temperature Tgq. The analysis is

based on the hypothesis that ice self-release can
consistently be obtained when the ice reaches a thickness
equal to Xget-

Related to the critical thickness, Xget, there is a
time for self-release, tget. This time can be obtained for
a given value of xget from Equation (2.6) or from Figure
2.2. As shown in Figure 2.4, the heat transfer varies
rapidly during each cycle. This analysis assumes that the
heat exchanger duty E has to be met in the average
throughout each cycle. Therefore, the average heat
transfer must be equal to E/A, where A is the total

evaporator area.

L p Xget
E/A = dayg = N + h Tg (2.9)
det

The first term in Equation (2.9) is the latent energy,
while the second term is the sensible energy. This
equation shows clearly the different effects that Ty has in
the two terms, since both t3et and the convective term
increase as Ty increases. The time for detachment tget is

substituted from Equation (2.6) into (2.9). The result is,
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Ki Te s 1n (1l-s)
E/A = - (2.10)
Xdet s + 1In (1-8)
where,
S = Xget/a = Nu T4* (2.11)
Nu = h xXget/ki (2.12)
Tq* = -Tg/Te- (2.13)

Solving for the total area and writing it in non-
dimensional form,
A h Tg s + 1ln (1-s)

A* = - —— = Nu (2.14)
E s 1n (1-s)

This equation can be used to find a minimum area that
meets the fixed duty condition. Figure 2.5 shows a plot of
the area A*/Nu as a function of s. This figure shows that

A*

is a monotonically increasing function in the range
0<s<1, and therefore the optimum point corresponds to s=0.
A value of s=0 corresponds to Tq=0. Then, the optimum
operating condition for an evaporator with ice self-release
is with water at the freezing point and no sensible heat
transfer.

For values of s larger than one in Figure 2.5, there
is no ice self-release, because the ice never reaches the
critical detachment thickness (a<xget), and therefore all
the heat transfer is due to convection. The disadvantage
of operating on this mode is obvious, being necessary to go
to very high temperatures in order to obtain a good

performance.

The optimum area can be obtained by evaluating
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Equation (2.14) at the limit when s goes to zero. The

result is,

2 E Xdet
Aopt = - e T (2.15)
1 e

and is independent of the heat transfer coefficient.

Now, this result can be used to compare the
performance of the ice-maker evaporator with an air-source
evaporator. The problem can be stated as follows.
Consider two possibilities for operating a heat pump. One
is to use water at 0°C as a source and the other is to use
air at a temperature T, i, as a source. Although
thermodynamics indicates that it is always better to use a
higher temperature for a low-temperature reservoir, heat
transfer to water is more active than heat transfer to air.
Therefore, less area is required in the water-source case,
and this may overcome some of the thermodynamic advantage
of operating with a higher air temperature.

For this simplified analysis, consider the case in
which the temperature of the air-source evaporator is Tg,
equal to the water-source evaporator temperature and below
the freezing point. Neglect defrosting losses in the air-
source evaporator and assume again ice self-release in the
water-source evaporator. The heat transfer coefficient
from the air to the evaporator is h,j, and the temperature
of the air is T;i,. The area required to meet the heating

duty E in the air-source heat exchanger is,
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E

Agir = (2.16)

Rajr (Tair-Te)

As the duties and temperatures of the two evaporators
are the same, the best evaporator is the one that meets the
duty with the least area. Therefore, the water-source heat
pump performs better than the air-source heat pump whenever
Aopt<Aairs With Agpty given by Equation (2.15) and Azjr
given by Equation (2.16). This inequality yields,

1

Nugjp < " (2.17)
2 (Taipr +1)

with Nuajy = hajr Xdet/Ki, and Taiy” = -Tajy/Te-

The condition given by the expression (2.17) is
satisfied when the water-source heat pump performs better
than the air-source heat pump. The inequality sets an
upper bound to the value of Nuzj, (or to the value of Xget,
since hii, and ki are taken as constants) for each value of
the air temperature. Then, for each value of the air
temperature, there is a critical value of the self-release
thickness xget under which it is more convenient to operate
a water-source heat pump. For an example, take kj=2.2
W/m°C and a typical value of hyj,=60 W/m2°C. Figure 2.6
shows the critical value of xget as a function of the non-
dimensional temperature Tair*' Any value of Xget under
the curve at the corresponding temperature indicates that
operation of the water-source heat pump is advantageous

compared to an air-source heat pump. Now consider a

typical ice-maker evaporator temperature of -5°C and a
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detachment thickness of 6 mm. For these conditions, the
graph indicates that an ice-maker heat pump has an
advantage compared to the air-source heat pump for air
temperatures less than approximately 11°C. Therefore, ice
self-release gives a big advantage to ice-maker heat pumps

as compared to alternative heat pumps.

2.2.3 Analysis With Deicing Penalties: It is unlikely

that a convenient self-release thickness can always be
obtained. Therefore, it is necessary to consider the need
for deicing the evaporator periodically. This section
presents an evaporator optimization in a case in which
there is a deice penalty. The analysis is done in terms of
the costs of the area and the energy required to deice the
evaporator. The geometry considered is still the one
presented in Figure 2.1.

Assume that an evaporator deice cycle is started every
time that the ice thickness reaches a specified value,
Xdet- As this problem is completely analogous to that
studied in Section 2.2.2, Equation (2.6) can be used to
relate xXget to the time elapsed between consecutive deicing
periods, tget-

Deicing an evaporator requires an energy investment
that is proportional to the total area of the evaporator.
Take eqet as the energy required to deice a unit area of
evaporator. The power invested to deice the evaporator can
then be calculated as the total energy invested, egetA,

divided by the time elapsed between deice periods, tget-
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The costl of this power is equal to the power multiplied
by a constant, P, that represents the unit cost of the
power. The cost of the evaporator area is assumed to be
proportional to the total area, and given here as A S,
where S is the cost of a unit of area. Therefore, the
total cost of operating the evaporator is,

P €det A
C=AaS8+ (2.18)

taet

Now, using Equations (2.6) and (2.14) and writing the
equation in terms of non-dimensional variables, Equation

(2.18) becomes,

s + 1In(1l-s) s
c* = -pPF - (2.19)
s 1ln(l-s) In(1l-s)
with,
. C h Te
c” = - (2.20)
S Nu E

. P eget h? Te
P* = - (2.21)
S L o ki Nu?

The first term in the right hand side of Equation
(2.19) has been shown to be a monotonically increasing
function of s in the range 0<s<1l. On the other hand, the
second term is a monotonically decreasing function of s,
for any positive value of P*. Therefore, the value of s

for minimum overall cost can be expected to be a function

1 costs here indicate cost rates (costs per unit of
time). The expressions given represent therefore heat
exchanger operation expenses during a unit of time. Total
costs of operation can be obtained by multiplying the cost
rates by the application life of the evaporator.
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of P*.

Indeed, an analysis shows that three different
situations appear depending on the value of P*. The first
situation appears for small values of p* (05P*$1/6). For
this range of values, the optimum value of s is s=0,
exactly the same as in the case where no deicing penalties
exist. For values of P* in the range 1/6<P*<1.0, the
optimum values of s are in the range 0<s<1l, which
correspond to periodic evaporator deicing with a water
reservoir temperature above the freezing point (Tg>0).
Values of P* in the range P*>1 yield no optima in the range
0<s<1, and therefore deicing never occurs.

The three situations just described are illustrated in
Figures 2.7, 2.8 and 2.9. Each of these figures show the
two right-hand-side terms from Equation (2.19) as a
function of s, as well as the sum of the two terms (the
total cost). Figure 2.7 is obtained by using P*=0.1, and
therefore shows a case in which the optimum value of s is
s=0. Figure 2.8 is generated with P*=0.70, and therefore
shows an optimum cost for a value of s in the range 0<s<1l.
A value of P*=1.10 yields curves as shown in Figure 2.9.
For this case, no optimum exists in the range 0<s<1
(deicing is so expensive that the evaporator should never
be deiced).

For values of P* between 1/6 and 1 there is an optimum
value of s corresponding to each value of P*. This optimum

value of s can be calculated, and is illustrated in Figure



.75
P*=0.10
150
1.25 -
1.00

0.75 1 total

non-dimensional cost

0.50
areq

0.25 - )
deice

0.00 . —

1
0.00 0.50 1.00 1.50 2.00
s = xdet/a = Nu Td*
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temperature of 0°C. A value of P*=0.10 is used to
generate the figure.
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Deice, area and total costs for an ice-maker
evaporator. The figure shows the third case, in which
the optimum water temperature is high, and it is not
convenient to deice the evaporator. A value of
P*=1.10 is used to generate the figure.
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2.10 as a function of P*. The figure shows an optimum

value of s=0 for P*<1/6. From this point, the value of s
increases rapidly and then levels off at a value near 1.0.
Figure 2.10 can be used to obtain an optimum value of s
once the value of P* is known. However, P* is a function
of many factors, including economical factors, and
therefore it is difficult to obtain an accurate estimate of
its value. If the value of P* cannot be calculated
accurately, but its order of magnitude can be estimated,
Figure 2.10 can still be used to choose a value of s. The
figure indicates that small values of P* (0<P*<0.2)
correspond to an optimum of s approximately equal to zero,
while s®1 gives a good approximation for the optimum for
larger values of P* within a wide range (0.4SP*51.0).
Intermediate values of s are the optima for only a small
range of values of p* (0.2<P*<0.4), and therefore should be
avoided, unless P* is known with good accuracy and its
value falls in the given range. Therefore, this analysis
recommends either s=0 (water reservoir temperature nearly
at the freezing point), or s=1 (almost no deicing or no
deicing at all in the evaporator), depending on whether the
value of P* is small or large.

The case s=0 corresponds to an ice-maker heat pump
evaporator. This evaporator requires frequent deicing, and
therefore this mode of operation is only recommended when
deicing costs are low. The s=1 alternative corresponds to

a water-source heat pump, and is attractive for high
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deicing costs. However, the applicability of the s=1 case
to a heat pump may be limited by the availability of water
at high enough temperatures (remember that s = -Nu Tg/Te,

hxgqet/ki that is typically small, so

]

with a value of Nu
that s=1 may imply a high value of Tg). Therefore, two
parameters, deicing costs and water temperature are the
determining factors to find if it is more convenient to
operate a heat pump as a water-source or as an ice-maker
heat pump.

This completes the theoretical calculations. The
following section complements the theoretical results with
a simulation of a water-source/ice-maker heat pump. The
simulation code is used to calculate the optimum heat pump

operation cycle length.
2.3 Evaporator Simulation

This section presents the results of a heat pump
simulation. The heat pump is a water-to-air unit. The
heat pump evaporator is a set of tube-in-tube heat
exchangers. The refrigerant and water temperatures are low
enough for some freezing to occur. A complete description
of the evaporator and the heat pump can be found in
Chapters 3 and 4.

In this section, the heat pump simulation model is
used to perform a calculation that is equivalent to the
theoretical calculation shown in the previous section. The

purpose of this is to compare the results obtained in the
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theoretical analysis with the results from a detailed heat
pump simulation. This comparison is helpful to test the
generality of the conclusions obtained in the previous
section.

The heat pump calculations start by presenting an
optimization of the overall heat pump system. This
optimization is carried out for evaporator inlet water
temperatures of 1,2,3,4,5,6,7 and 8°C. This section also
illustrates the effect of temperature on heat pump
performance. Later, the heat pump efficiencies are
calculated as a function of the energy required to deice

the evaporator.

2.3.1 Heat Pump Optimization: The optimization presented

here follows closely the procedure used for the overall
heat pump optimization (Chapter 5). The objective function

is the exergetic efficiency,

EXair
o = (2.22)

Weomp + Wran * Wpump

with the exergy of the cold water flowing out of the
evaporator not taken into account, because this exerqgy is
not applied to anything useful.

The exergetic efficiency (2.22) is calculated for
different lengths of the operation period (time period
between deicings) and for steady-state. The length of the
operation period determines whether the heat pump operates
as an ice-maker heat pump or as a water-source heat pump.

Ice-maker heat pumps obtain most of their energy from
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freezing the water, and require frequent deicings. Water-
source heat pumps operate only as water chillers and do

not require deicing. In this analysis, the exergetic
efficiency is calculated for operation periods lasting 1800
s, 3600 s, 7200 s, and 14400 s. The exergetic efficiency
is also calculated in steady-state. Heat pumps operating
with short periods (1800 s, 3600 s) correspond closely to
ice-maker heat pumps, while heat pumps operating in steady-
state are water-source heat pumps. Heat pumps with
intermediate operation cycle lengths (7200 s, 14400 s)
operate partly as a water-source heat pump (because they
obtain most of their energy from cooling down the water)
and partly as an ice-maker heat pump (because they require
periodic deicings).

The optimization is carried out with the operation
period as a parameter. Also, the optimization is done for
different evaporator inlet water temperatures
(1,2,3,4,5,6,7 and 8°C).

The decision variables and constraints are almost
identical to those used in Chapter 5, except that a maximum
limit to the water mass flow rate is imposed. The decision

variables and constraints used here are,

water volumetric flow rate, V, 10™%4 m3/s 2 <£V<e
number of evaporator circuits in parallel, N 4 <N <8
evaporator circuit length, 1, m 1 £ 20
evaporator circuit external radius, Ry, cm 1 <Ry <2

The internal radius of the evaporator duct is always
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half of the external radius.

Table 2.1 presents the results of the optimization.
The objective function is a performance figure and does not
take into account the cost of area. Therefore, all the
optimum designs have the maximum duct length (20 m) and the
maximum number of evaporator circuits (8). The evaporator
radius is not always the maximum. A small duct radius is
sometimes convenient because a small flow area increases
the water velocity and enhances the heat transfer.

It can be noticed that the table shows no optimum heat
pump for small temperatures (1 and 2°C), and long operation
cycles. This is because the evaporator freezes solid
before reaching the required operation cycle length for any
allowed value of the water flow rate.

The results of Table 2.1 also show that the efficiency
always decreases as the operation cycle becomes longer.
This result is a consequence of using Equation (2.22) as
objective function, because Equation (2.22) does not take
into account any deicing penalties that would reduce the
efficiency of the heat pumps requiring periodic deicing.
Section 2.3.2 shows the effect of including a deicing
penalty in the heat pump performance.

Figures 2.11 and 2.12 show respectively the effect of
inlet water temperature on exergetic efficiency and COP.
Both figures show the performance of the optimum heat pump
at the given temperature (obtained from Table 2.1), for two

different conditions. The two conditions are: deicing
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Table 2.1 Optimum heat pump designs as a function of water
inlet temperature and operation cycle. All the heat pump
designs in the table have N=8 and 1=20 m. No indication of
a blockage time means that the evaporator under the given
condition never gets blocked with ice.

Temperature = 1°C

teyele Ro A tblock ¢ cop
5 cm (10 m°/s) s
1800 1.5 2.0 3650 0.270 2.917
3600 2.0 2.0 5750 0.263 2.861
Temperature = 2°C
teycle Ro _4V 3 thlock ¢ cop
= cm (10 m2/s) =
1800 1.5 2.0 3850 0.261 2.924
3600 1.5 2.0 3850 0.256 2.876
7200 2.0 5.2 7400 0.216 2.442
Temperature = 3°C
teycle Ro 4V 3 tplock ¢ CoP
s cm (10 m-/s) s
1800 1.5 2.0 4100 0.252 2.932
3600 1.5 2.0 4100 0.248 2.899%
7200 2.0 3.5 7400 0.225 2.651
14400 2.0 6.0 - 0.202 2.378
steady 2.0 6.0 - 0.162 1.921
Temperature = 4°C
teyele Ro _4’ 5,  tblock e CoP
s cm (10 m-/s) s
1800 1.5 2.0 4450 0.244 2.941
3600 1.5 2.0 4450 0.241 2.912
7200 2.0 2.6 7350 0.227 2.771
14400 2.0 4.4 17500 0.210 2.560
steady 1.5 5.0 -- 0.206 2.504




Table 2.1. Cont.

Temperature = 5°C

teycle Ro _4V 3 thlock ¢ cop
[ cm (10 m-/s) s
1800 1.0 2.0 2450 0.236 2.951
3600 1.5 2.0 4900 0.232 2.924
7200 2.0 2.0 7500 0.224 2.853
14400 1.5 3.9 - 0.211 2.669
steady 1.0 4.2 -- 0.210 2.633
Temperature = 6°C
teycle Ro _4V 5, tblock 2 cop
s cm (10 m-/s) S
1800 1.0 2.0 2800 0.227 2.966
3600 1.5 2.0 5250 0.224 2.937
7200 2.0 2.0 8150 0.218 2.882
14400 1.0 3.5 - 0.211 2.755
steady 1.0 3.5 -- 0.210 2.746
Temperature = 7°C
teycle Ro —47 5,  tblock @ CoP
= cm (10 m2/s) s
1800 1.0 2.0 3300 0.219 2.978
3600 1.5 2.0 5950 0.216 2.971
7200 1.5 2.4 7800 0.210 2.882
14400 1.0 2.9 -- 0.208 2.835
steady 1.0 3.0 - 0.207 2.826
Temperature = 8°C
teycle Ro _4V 3 tplock 2 CoP
s cm (10 m-/s) =
1800 1.0 2.0 3900 0.210 2.990
3600 1.0 2.1 4250 0.207 2.957
7200 1.5 2.1 7850 0.205 2.932
14400 1.0 2.6 -- 0.203 2.895
steady 1.0 2.6 -- 0.202 2.888
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every 1800 s (ice-maker heat pumps) and no deicing (water-
source heat pump). Both figures show that water
temperature has a large influence on performance for water-
source heat pumps, and a small effect on ice-maker heat
pump performance. COP values are always an increasing
function of temperature (although only a slowly-increasing
function for ice-maker heat pumps). Exergetic efficiency
values decrease as a function of temperature, at least in
part of the range, because the dead state temperature is
always equal to the inlet water temperature. An increase
in dead state temperature causes a decrease in the exergy
value of the air flowing out of the condenser. The
exergetic efficiency for the water-source heat pump has a
maximum value at a temperature of 6°C.

The optimization results presented in Table 2.1 are
obtained from a detailed heat pump simulation model. The
optimum designs are determined by a trade-off between the
cost of pumping the water from a water reservoir to the
heat pump, and the cost of pumping the water through an
evaporator that is partly blocked with ice (Chapter 5).
The theoretical analysis of the evaporator has established
an optimum evaporator condition from a trade-off between
area cost and deicing cost. Still, even though there are
important differences between the two analyses, it can be
observed that there is a lot of similarity between an
evaporator parameter obtained from the theoretical analysis

and a heat pump parameter appearing in this simulation.
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The evaporator parameter is s (Equation (2.11)) which is a
non-dimensional form of the water temperature in the
evaporator. The heat pump parameter is the cycle length.
Heat pumps operating with a short operation cycle (1800 s
or 3600 s) are mainly ice-maker heat pumps. These heat
pumps require frequent deicings, and therefore are similar
to the evaporators that operate with a small value of s.
Water-source heat pumps never require deicing. This
condition makes them similar to the evaporators with a
value of s=1. Intermediate operation cycle lengths (7200
S, 14400 s) are similar to the cases with intermediate
values of s. The conclusion obtained from the evaporator
analysis is that the optimum cycle length and water
temperature are closely related, and that intermediate
cycle lengths (intermediate values of s) do not yield
optimum performance in most cases. The following section
introduces a penalty cost in the results presented in Table
2.1 to show the applicability of the conclusions obtained
in the theoretical analysis to this detailed heat pump

simulation.

2.3.2 Heat Pump Optimization With Deicing Costs: This

section shows the effect of a deicing penalty cost on the
heat pump designs presented in Table 2.1.

Evaporator deicing in a heat pump is always a very
unsteady process, regardless of how the deicing is
accomplished. The heat pump model used here is a steady-

state model (See Chapter 4), and therefore it cannot be
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used to estimate performance losses due to deicing.
Deicing losses are also highly dependent on conditions and
on the method used for deicing. For this reason, the
present analysis does not use a single value for the
deicing penalty cost. Rather, it presents a parametric
study on how the performance losses due to deicing affect
the heat pump performance.

Baxter, 1978, has given data on deicing performance
losses for heat pumps. The study included testing of
different deicing methods and heat pump models. The
results indicate that deicing losses vary from being
negligible to being responsible for performance losses of
up to 30%, for operation with short time cycles (20 minutes
or less), depending on the deicing method used. To take
into account these possible variations in penalty costs,
several deicing performance loss values are used for this
analysis. The performance losses are expressed as a
percentage decrease in the heat pump exergetic efficiency.
The analysis assumes that each evaporator deicing reduces
the heat pump efficiency in the same proportion. In this
way, 1f deicing an evaporator by using some given method
causes a decrease in heat pump exergetic efficiency of 10%
when the operation cycle length is 1800 s, then the same
method applied to a heat pump that requires deicing every
3600 s causes a decrease in efficiency of 5%. The same
calculation can be applied to other cycle lengths. There

is no performance decrease for water-source heat pumps,
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since these do not require deicing.

The results of the analysis are shown in Table 2.2.
This table shows the exergetic efficiencies for the optimum
designs presented in Table 2.1, as a function of water
temperature and operation cycle length. The other heat
pump parameters (V, Ry, tpjocks and COP) are not given in
Table 2.2 to avoid repetition. Table 2.1 may be consulted
if these values are required. Table 2.2 shows first the
exergetic efficiencies obtained in Table 2.1. These values
do not take into account any deicing losses and therefore
correspond to a no-penalty deicing (ice self-release).
Then, the table presents exergy values obtained for
different exergy losses due to deicing. The exergy losses
are expressed as a percentage, and represent the efficiency
drop that they cause to a heat pump operating with a cycle
length of 1800 s. Four efficiency drop values are used in
this calculation. These are 1%, 5%, 10% and 20% of the
efficiency with no deicing for 1800 s cycle length. The
efficiency drop for longer operation cycles is a fraction
of this percentage, and is calculated as previously
discussed.

Table 2.2 shows underlined the optimum performance for
each water temperature and performance drop due to deicing.
The results follow closely those obtained in the
theoretical analysis. If there is no penalty loss, the
optimum design is always obtained at the shortest operation

cycle length (the smallest value of s). As the deicing
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Table 2.2 Exergetic efficiency for the optimum heat pumps
presented in Table 2.1, as a function of performance drop
due to deicing. The performance drops are expressed as the
drop in heat pump exergetic efficiency due to deicing, for
a heat pump with an operation cycle of 1800 s. The table
shows underlined the optimum design for each water
temperature and cycle length.

exergetic efficiencies
deice penalty cost (%)

Twater tcycle
S

°C 0 1l 5 10 20
1.0 1800 0.270 0.267 Q0.256 0.243 0.216
1.0 3600 0.263 0.261 0.256 0.250 0.237
2.0 1800 0.261 0.259 0.248 0.235 0.209
2.0 3600 0.255 0.254 0.249 0.243 0.230
2.0 7200 0.216 0.215 0.213 0.211 0.205
3.0 1800 0.253 0.250 0.240 0.227 0.202
3.0 3600 0.249 0.247 0.242 0.236 0.224
3.0 7200 0.226 0.225 0.223 0.220 0.215
3.0 14400 0.202 0.202 0.201 0.200 0.197
3.0 - 0.163 0.163 0.163 0.163 0.163
4.0 1800 0.244 0.241 0.232 0.220 0.195
4.0 3600 0.241 0.239 0.235 0.228 0.216
4.0 7200 0.227 0.227 0.224 0.221 0.216
4.0 14400 0.210 0.209 0.208 0.207 0.205
4.0 - 0.206 0.206 0.206 0.206 0.206
5.0 18060 0.236 0.234 0.224 0.212 0.189
5.0 3600 0.232 0.231 0.226 0.220 0.209
5.0 7200 0.224 0.223 0.221 0.218 0.213
5.0 14400 0.211 0.211 0.210 0.208 0.206
5.0 -- 0.210 0.210 0.210 0.210 0.210




Table 2.2 Cont.

exergetic efficiencies
deice penalty cost (%)
ng%er tecycle

S 0 1 5 10 20
6.0 1800 0.227 0.225 0.216 0.205 0.182
6.0 3600 0.224 0.223 0.218 0.213 0.202
6.0 7200 0.218 0.217 0.215 0.212 0.207
6.0 14400 0.211 0.211 0.210 0.208 0.206
6.0 - 0.210 0.210 0.210 0.210 0.210
7.0 1800 0.219 0.217 0.208 0.197 0.175
7.0 3600 0.216 0.215 0.210 0.205 0.194
7.0 7200 0.210 0.210 0.208 0.205 0.200
7.0 14400 0.208 0.208 0.207 0.205 0.203
7.0 -= 0.207 0.207 0.207 0.207 0,207
8.0 1800 0.210 ©0.208 0.200 ©0.189 0.168
8.0 3600 0.207 0.206 0.202 0.197 0.187
8.0 7200 0.205 0.204 0.202 0.199 0.194
8.0 14400 0.203 0.203 0.202 0.201 0.198
8.0 - 0.202 0.202 0.202 0.202 0.202
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penalty increases, the optimum operation cycle length
switches to longer operation cycles. However, the cycle
length and the water temperature are closely related, so
that the optimum cycle length for a given deice penalty is
a function of the water temperature. For low water
temperatures, the optimum cycle length increases only up to
3600 s, still short enough to be considered an ice-maker
heat pump. For high water temperatures, the operation
cycle switches almost immediately, from 1800 s at very low
penalty, to no deice (water-source heat pump) at higher
deice penalties. 1In addition to this, it can be observed
that the change from short cycles (ice-maker heat pumps) to
no deicing (water-source heat pumps) occurs very abruptly,
usually without going through a range in which intermediate
cycle lengths are the optimum. Of all the values given in
the table, only once does the optimum correspond to an
intermediate cycle length (7200 s, at 5°C). This agrees
with the conclusion reached in the theoretical analysis,
that the heat pump should operate either as an ice-maker
heat pump with short operation cycles, or as a water-source
heat pump, with no deicing, but not with intermediate cycle
lengths.

Figures 2.13 and 2.14 illustrate part of the
information presented in Table 2.2. These figures present
the heat pump exergetic efficiency as a function of the
deice penalty. The deice penalty is again expressed as the

fractional loss in exergetic efficiency that deicing causes
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on a heat pump operating with a 1800 s length of cycle.
Figure 2.13 shows the exergetic efficiencies for a water
inlet temperature of 3°C. This figure shows that ice-maker
heat pumps (1800 s and 3600 s) are the optimum heat pumps
for any deice penalty in the range being considered.
Figure 2.14 shows the same curves for a water temperature
of 7°C. The figure shows that the optimum heat pump is an
ice-maker heat pump for small deice penalties. At an
intermediate point (about 8% in penalty) the water-source
heat pump suddenly becomes the best choice. Intermediate
cycle lengths are not the optimum choice for any value of

the deicing penalty.

2.4 Conclusions

This chapter has presented a theoretical analysis of a
water-source evaporator, and a numerical simulation of a
water-source heat pump. The theoretical analysis is first
used to calculate optimum evaporator area and water
temperature for a case in which there is no penalty for
deicing (ice self-releases from the evaporator once a
critical thickness is reached). The results indicate that,
if there is no deicing penalty, the optimum water
temperature is always equal to the freezing point, and the
optimum heat pump is an ice-maker heat pump.

The results obtained for the evaporator with ice self-
release are then used to compare the performance of an ice-

maker evaporator operating with water at 0°C to the
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performance of an air-source evaporator operating with air
at a temperature T,;i,>0°C. The results show that the ice-
maker evaporator is capable of operating with higher
performance than the air-source evaporator, especially if
the deicing occurs at small ice thicknesses.

Introducing deicing costs into the analysis changes
the results from those obtained with no deice penalty. The
optimum water temperature for an evaporator with low deice
costs is equal to 0°C (same as for the no deice case), but
then the optimum water temperature increases rapidly as the
deice costs increase, until reaching a point at which
deicing is so expensive that the heat pump should never be
deiced, but rather it should operate as a water-chiller
(water-source heat pump). The change between ice-maker
heat pump and water-source heat pump is very abrupt, and
intermediate values of the water temperature are convenient
only for a narrow range of deice penalty costs. Therefore,
the evaporator should operate as an ice-maker evaporator,
with a water temperature of 0°C; or as a water chiller,
without ever deicing. The smallness of the range of values
of the deice cost for which intermediate temperatures are
optimum (intermediate temperatures are water temperatures
above 0°C for which deicing is still required), makes these
temperatures undesirable for most applications.

The numerical simulation code is also used to perform
a calculation of heat pump efficiencies with deicing

penalties for a water-source/ice-maker heat pump. First,
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the heat pump is optimized for different values of the
temperature and the heat pump operation cycle length (time
between consecutive evaporator deicings). Then, the
analysis introduces performance drops due to deicing. The
lsimulation code cannot be used to estimate deicing
performance losses. Therefore, the analysis uses
different performance loss values within a wide range, to
observe the effect of performance loss in the optimum
designs. The purpose of these calculations is to test the
generality of the conclusions obtained from the evaporator
analysis.

The calculations used to optimize the heat pump from
the simulation code, and the theoretical calculations used
to optimize the evaporator do not have much in common.
However, the results from the heat pump simulation
including deice losses are very similar to the results
obtained from the evaporator analysis in three important
aspects. First, the heat pump simulation results indicate
that heat pumps operating with no penalty for deicing
should have a short operation cycle (operate as an ice-
maker heat pump), in agreement with the results obtained
from the evaporator analysis. Second, the heat pump
simulation results and the evaporator results show a close
relationship between water temperature and optimum
operation cycle length. Third, the results obtained from
both analyses indicate that the optimum heat pump

corresponds in almost every case to either an ice-maker
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heat pump or to a water-source heat pump. Intermediate
conditions (heat pumps with a long operation cycle that
require deicing) should be avoided, because they only
rarely correspond to the optimum.

In this way, all the main conclusions obtained from
the theoretical analysis are true also for a detailed heat
pump simulation, and therefore they are expected to have a

very extended validity.
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III. THE EVAPORATOR MODEL

3.1 Introduction

This chapter describes the model used to simulate the
heat pump evaporator. The evaporator under consideration
is made of copper, and it has a specified number of ducts
in parallel, N, each acting as a water-to-refrigerant heat
exchanger. Each individual duct is a tube-in-tube heat
exchanger with the refrigerant flowing in the inner tube
and the water flowing in the annulus. The analysis
assumes the ducts to be straight, or at least having a
radius of curvature large enough so that centrifugal
effects are negligible. A fully-distributed model is used
for the water side, while the refrigerant side model lumps
all variables in the radial direction. Water temperatures
are low enough for some freezing to occur inside the heat
exchanger.

Two different geometries are considered for the water
side of the evaporator. In one, the annulus has four fins
distributed at equal (90°) angles. In the other, the
annulus has no fins. Although the results indicate that
the finned duct performs better, the non-finned duct is the
model used for the heat pump simulation, due to limitations
in the simulation model for the finned duct. The chapter
presents some preliminary results for the finned duct

evaluation, and a discussion on the limitations that
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restrict the application of the finned du¢t to the overall
heat pump simulation.

Later sections of the chapter describe the model used
for the refrigerant side of the heat exchanger, as well as

the solution procedure used for the evaporator.

3.2 Finned Duct Model for the Water Side

This section deals with the development of a numerical
model that can solve for ice formation in a finned annular
sector and allows for periodic water flow reversals.

The geometry of the finned annular duct is shown in
Figure 3.1. The primary and transversal fins are included
to improve the performance of the evaporator. The surfaces
along the fins enhance the heat transfer between the water
and refrigerant. 1In addition to this, reversing the water
flow direction in the finned duct causes some ice
detachment from the fin surfaces. This ice detachment
helps to partially deice the evaporator and improves its
performance.

Ice detachment in the finned duct occurs after every
water flow reversal. After a reversal, the warm water
entering the duct comes in contact with a thick layer of
ice (that existed at the end of the duct immediately before
the reversal). This flow of warm water causes some of the
ice to melt, starting with the ice in contact with the fin.
When the ice at the fin melts down to the transversal fins,

the remaining ice between the transversal fin and the



Transversal Fin Water Flow

Primary Fin Refrigerant Flow

a. End View b, Horizontal View

Figure 3.1 Finned evaporator configuration. Water flows in
annulus formed by inner and outer tubes, and
refrigerant flows inside inner tube. The positions of
the primary longitudinal and transversal fins are
shown (end view only). Water and refrigerant flow
directions are longitudinal to the evaporator and
fins. The dotted arrows indicate the two possible
water flow directions. The refrigerant flow direction
is indicated by an arrow.

£9
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external duct wall loses support and is free to flow ocut
with the water. 1In this way, the transversal fins help in
deicing the evaporator.

This section covers the development of the governing
equations, the substitutions employed, the procedure for
solving for temperatures and velocities for the three
domains existing in the water side (water in solid and
liquid phases, and the metallic wall), the assumptions made
along the analysis, some evaporator evaluation results, and
finally, a discussion on the application of this model to

an overall heat pump simulation.

3.2.1 Governing Equations: The equations governing the flow

and heat transfer in the water side of the evaporator are
developed in this section. These equations include the
energy equation for the solid and liquid phases, as well as
the momentum and continuity equation for the liquid phase.
Cylindrical coordinates are used throughout the analysis.
By symmetry, it is necessary to solve for only half of the
distance between consecutive fins. Figure 3.2 shows the
solution domain, with all the cross sectional dimensions
for the finned duct.

The assumptions used in the process are indicated
along the way, and all the assumptions used are summarized
in a later section.

The water flow rate through the evaporator is assumed
to be constant. Therefore, the continuity equation can be

written in integral form, as shown by Equation (3.1). This
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Figure 3.2 Solution domain. The dimensions indicated are: Rj,
internal radius; Ry, external radius; Ry, radius to
the transversal fin; ¢5, half the angle between two
consecutive fins.
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equation expresses the requirement that the flow rate is

the same at all sections all the time.

V = constant = [ UdA = [ U r dr do¢ (3.1)

J J

The momentum equation for the liquid phase is,

1 dp
wu = —
7 dz

(3.2)

this equation assumes a laminar, fully developed and
steady-state flow.
The energy equation for the liquid and solid phases

are respectively:

3T dT
+ U =af VZT (3.3)
3t oz
3T
—— = qay V2T (3.4)
3t

Both equations neglect axial heat conduction.

The small thickness of the metallic wall makes it
possible to reduce the energy equation for the metal to
the one-dimensional heat transfer equation. This is
expressed as,

3 27 5 T

- h P, (T-Ty) =ACpg 0 g —— (3.5)

ke A
3 x2 3t

where A represents the heat conduction area and Pp is the

heat transfer perimeter of the metallic wall.

3.2.2 Initial And Boundary Conditions: Initially, the water

inside the evaporator is assumed to have a constant

temperature T,. This condition is expressed as,
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T¢ = T, at t=0 (3.6)

where T¢ represents the fluid temperature.
The fluid entering the evaporator has a uniform
temperature T,, equal to the initial temperature. This

condition is expressed as,
T¢ = T, at z=0 (3.7)

The boundary conditions for the momentum equation are:

U = 0 at the walls and solid interface (3.8)

2 U

5 = 0 at the symmetry line (3.9)
¢

The boundary conditions for the energy equation for

both the liquid and solid phases are,

T
A =0 at the external radius (3.10)
r
T = Tq at the ice-water interface (3.11)
T = Tg at the walls (3.12)
3T
— =0 at the symmetry line (3.13)
3¢
The energy balance at the interface is,
oT4 9 T¢ dFn
ki = k¢ + L p (3.14)
3 n 3 n dt

where Fn represents the radius of the ice-water interface,
and n is a coordinate in the direction normal to the

interface.
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3.2.3 Solution Procedure: Several methods have been

developed to discretize the equations in moving boundary
problems. The methods are divided into two major
categories. Some methods use a fixed grid, while others
use a grid that moves as the interface moves. See Crank,
1981, for a review of existing methods.

The solution method used here is a moving-grid
solution based on the Landau transformation (Landau,
1950). In this method, a coordinate transformation is used
to fix the position of the interface. The coordinate
transformations used here are,

for the liquid phase,

r* =
Ro - F(¢,2,t)
(3.15)
oot
%o
for the solid phase,
r - Ry
r* =
F(¢,2,t) - Ry
(3.16)
¢
¢* =
%o

where Rj is the radius of inner tube and Ry is the radius
of the external tube.

The partial derivatives appearing in the governing
equations are transformed to derivatives in the new system
of coordinates by using the chain rule and Equations (3.15)

and (3.16).
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The solution domain is divided into 16 subintervals in
the ¢-direction, 10 subintervals in the radial direction
for the liquid phase, and 10 subintervals in the radial
direction for the solid phase. The program allows an
irregular partition in the ¢-direction to improve the
accuracy, because the ice profiles present a steep slope
near the fin. This situation requires the use of a small
step size in the ¢-direction near the fin, while a larger
value can be used in other points.

The resulting discretized equations for the liquid and
solid phases are solved by using the successive
overrelaxation method (SOR). The derivative in the axial
direction appearing in the liquid energy equation is
discretized by using an upwind finite difference formula,
as given by Patankar, 1980. The matrix resulting from the
equation for the metallic wall is tridiagonal, and is
solved by using an L-U decomposition method (Atkinson,
1978). See Aceves-Saborio, 1987, for more details on the
iteration process and the non-dimensionalization of the

variables.

3.2.4 Model Assumptions:

The assumptions made in the process of writing the
model deal mostly with the neglect of second order factors.
These assumptions were indicated in the development of the
method and are summarized here.

1. The liquid flow is laminar everywhere and has a fully
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developed, steady-state velocity profile and a uniform
temperature at the entrance.

2. The liquid is newﬁonian, incompressible and a pure
substance.

3. The physical properties of each phase are independent
of temperature.

4. Axial heat conduction, viscous energy dissipation,
radiant heat transfer and free convection are negligible.
5. The temperature at the liquid-solid interface is
constant and equal to the freezing temperature.

6. The metallic walls are thin and the temperature profile
in them can be described accurately as one-dimensional.
7. The water flow rate is always constant, regardless of
the total head required to circulate it through the
evaporator.

8. The external tube wall is perfectly insulated.

9. The ice layer that forms on the external tube wall is
very thin and grows very slowly.

10. The transversal fin is sufficiently small so that it

does not alter the flow or thermal conditions.

3.2.5 Testing of the Finned Duct Model: The evaporator

model described in this section was written with the
intention of using it in conjunction with a heat pump
model, therefore permitting an evaluation of an overall
heat pump system. However, this model was first tested as
an individual unit. The intention of this is to get an

early estimate of performance parameters, and evaluate the
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improvements obtained by using the flow reversal method.

To carry out this testing, the refrigerant side was
modelled by assuming that the refrigerant temperature and
refrigerant-side heat transfer coefficient are constant all
along the evaporator. The evaporator parameters used for
this testing are given in Table 3.1.

Figures 3.3, 3.4 and 3.5 show the results obtained
from the finned duct model. Figure 3.3 shows steady-state
ice profiles in the annular segment between two consecutive
fins for a refrigerant-side heat transfer coefficient equal
to 1500 W/m2°C. The profiles are shown as a function of
the axial position for the non-reversal case (water flow
direction is never reversed). The figure does not show the
transversal fins. Figure 3.4 shows energy transfer values
between the water and refrigerant for the reversal case
with a heat transfer coefficient of 1500 W/m2°C in the
refrigerant side. The figure shows a curve with the
overall heat transfer as a function of time. The other
curves show the parts of the total energy transfer that
corresponds to sensible energy (obtained by cooling down
the water), latent energy (obtained by freezing the water),
and energy obtained by ice that forms and then detaches
from the wall in a reversal cycle. It can be seen that
only a small portion of the ice detaches from the wall.
However, this energy is significant, because it represents
a net improvement compared with the water flow with no

reversal, where no deicing ever occurs.
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Table 3.1 Evaporator dimensions and physical conditions
used during the testing of the finned annulus model.
Several values were taken for the heat transfer coefficient
in the range indicated.

Dimension Value
external duct radius 0.02 m
internal duct radius 0.01m
number of fins in annulus 4
duct wall thickness 0.001 m
fin thickness 0.001 m
inlet water temperature 5 °C
refrigerant temperature -5 °C
refrigerant-side heat transfer coeff. 1500-2250 W/m2°C
water flow rate 0.0001 m3/s
reversal time 200 s
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Figure 3.3 Steady-state ice profiles for h=1500 W/mZ°C
and no water flow reversal as a function of
the axial position z. Transversal fins not
shown
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The overall average heat transfer power (total heat
transfer divided by time elapsed) is an important
evaporator parameter. Heat transfer power is useful to
compare different evaporators with the same water mass flow
rate. Under constant mass flow rate, the best evaporator
is the one that has the highest heat transfer power,
because an evaporator with the highest heat transfer power
requires the least amount of water to satisfy a heating
demand. Figure 3.5 shows the average heat transfer power
for h = 2250 W/m2°C and for three cases being analyzed (no
water flow reversal, water flow reversal every 200 s, and
water flow reversal every 200 s followed by a 4-second
refrigerant flow interruption). The heat transfer power
starts at zero at time t=0, and increases until reaching
its steady-state value. The curves in the figure are
identical up to 200 s, when the first reversal occurs.
From that point, the curves diverge. In steady-state, the
curves go parallel to one another, with the reversal curve
above the non-reversal curve by about 20% of the overall
reversal power. This power increase is due mainly to an
increase in sensible heat transfer (reversing the flow
results in colder water exiting the evaporator). No gain
in heat transfer power is obtained by interrupting the

refrigerant flow immediately after a reversal.

3.2.6 Integration of The Finned Duct Model and the Heat

Pump Model: The next step in the evaluation of the model

for ice formation in the finned duct was to integrate it
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into the heat pump model, allowing then an overall heat
pump evaluation. The results given in the previous
section indicate that the use of the flow reversal method
in the finned duct yielded a high evaporator performance.
The fins have a double effect in producing this enhanced
performance. They improve the heat transfer between the
liquid and the refrigerant, and also allow a partial
evaporator deicing.

Integrating the finned duct evaporator with the
overall heat pump model (described in Chapter 4) does not
present any major difficulties. The heat pumps operating
with the finned duct evaporator have a good efficiency.
However, the applicability of this model to overall heat
pump simulations is limited. This is because the model
cannot be applied to cases in which there is a thick layer
of ice on the external tube wall (assumption 9, Section
3.2.4). This limitation takes special importance because
the optimum heat pumps always have a high ice blockage rate
(see Chapter 5). Therefore, this assumption makes it
impossible to use this model for a heat pump optimization,
which is the desired application in this thesis. Modifying
the simulation code to lift this restriction requires
adding the upper layer of ice as a different part of the
solution domain. Adding another domain into the existing
code would require substantial changes, and these
modifications are considered to be beyond the scope of this

thesis. For this reason, the finned duct model was
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replaced by a duct with no fins, which can be modelled
with relative facility without using any assumptions that
require limiting the amount of ice in the evaporator. This
model is described in the following section.

Although it was not possible to use the finned duct
model for the heat pump optimization, the evaluation of the
finned duct evaporator is still considered to be worthwile,
and should be pursued in the future. The possibility of
obtaining ice detachment in the evaporator is beneficial
for the heat pump performance, and this possibility does

not exist for the non-finned duct.

3.3 Non-Finned Duct Model for the Water Side

This section deals with the development of a numerical
model that can solve for ice formation in an annular sector
and allows for periodic water flow reversals. The annular
sector has no fins. The model presented in this section is
used to simulate the water side of the evaporator in the
overall heat pump optimization (Chapter 5).

The development of this model follows closely the
steps used to simulate the finned duct in the previous
section. Still, the whole procedure is indicated here, to
make both sections independent from each other, even if
this implies some repetition. This section covers the
development of the governing equations, the substitutions
employed, the procedure for solving for temperatures and

velocities for the two domains existing in the water side
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(solid and liquid phases), and a summary of the assumptions

used during the analysis.

3.3.1 Governing Equations: The equations governing the flow
and heat transfer in the water side of the evaporator are
developed in this section. These equations include the
energy equation for the solid and liquid phases, as well as
the momentum and continuity equation for the ligquid phase.
Cylindrical coordinates are used throughout the analysis.
Due to symmetry, there is no ¢-dependence in any variable.
This condition simplifies the analysis. Assumptions used
in the process are indicated along the way, and all the
assumptions used are summarized in a later section.

The water flow rate through the evaporator is assumed
to be constant. Therefore, the continuity equation can be
written in integral form, as shown by Equation (3.1). This
equation expresses the requirement that the flow rate is

the same at all sections all the time.

V = constant = [ UdA =2 7w [ U r dr (3.17)

J J

The momentum equation for the liquid phase is,

d2u 1 du 1 dp
+ = (3.18)
dr? r dr n dz

this equation assumes a laminar, fully developed and
steady-state flow.
The energy equation for the liquid and solid phases

are respectively:
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5T 5T
+ U = af y2T (3.19)

3t Jz

3T

—— =y V2T (3.20)

3t

Both equations neglect axial heat conduction.

3.3.2 Initial And Boundary Conditions: Initially, the water

inside the evaporator is assumed to have a constant

temperature To. This condition is expressed as,

T¢ = To at t=0 (3.21)

where Tg¢ represents the fluid temperature.
The fluid entering the evaporator has a uniform
temperature T,, equal to the initial temperature. This

condition is expressed as,

T¢ = Ty at z=0 (3.22)

The boundary conditions for the momentum equation are:

U =0 at the walls and solid interface (3.23)

The boundary conditions for the energy equation in the

liquid phase are,

37T
= 0 at the external radius
or
(3.24)
T = Te at the ice-water interface

and for the solid phase,
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T = T at the ice-water interface
(3.25)
3 T

hy (T{ - Ty) = ki at the inner tube wall

5 r
where h, and T, are the refrigerant-side heat transfer
coefficient and temperature respectively.
The energy balance at the interface is,
3 T 3 T dF

= kg + L o — (3.26)
3 r 3 r dt

ki

where F represents the radius of the ice-water interface.

3.3.3 Solution Procedure: The solution method is based

on the Landau transformation (Landau, 1950). In this
method, a coordinate transformation is used to fix the
position of the interface. The coordinate transformations
used here are,
for the liquid phase,

Ro - T

r* = (3.27)
R, - F(z,t)

for the solid phase,

r - Ry ,
r* = (3.28)
F(z,t) - Ry

where Rj is the radius of inner tube and R, is the radius
of the external tube.

The partial derivatives appearing in the governing
equations are transformed to derivatives in the new system
of coordinates by using the chain rule and Equations (3.27)

and (3.28).
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The first step in the solution procedure is to solve
for the pressure drop and the velocity profile. The
pressure drop and velocity profile in an annulus have a
well-known closed form solution that can be obtained from
Equations (3.17) and (3.18).

The energy equations for the liquid and solid phases
do not accept closed-form solutions and therefore they are
solved numerically. Both partial differential equations
are parabolic, and therefore a marching solution in the
axial direction is required. The matrices resulting for
each axial step are tridiagonal and are solved by the L-U
decomposition method (Atkinson, 1978). The derivative in
the axial direction appearing in the liquid energy equation
is discretized by using an upwind finite difference
formula, as given by Patankar, 1980.

Once the temperatures of both the water and ice sides
are known, Equation (3.26) 1is used to calculate the
position of the ice-water interface. The process requires
iteration, assuming an initial value of the radius of the

interface and iterating until convergence.

3.3.4 Model Assumptions: The assumptions made in the

process of writing the model deal mostly with the neglect

of second order factors. These assumptions were indicated
in the development of the method and are summarized here.

1. The liquid flow is laminar everywhere and has a fully

developed, steady-state velocity profile and a uniform

temperature at the entrance.
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2. The liquid is newtonian, incompressible and a pure
substance.

3. The physical properties of each phase are independent
of temperature.

4. Axial heat conduction, viscous energy dissipation,
radiant heat transfer and free convection are negligible.
5. The temperature at the liquid-solid interface is
constant and equal to the freezing temperature.

6. The water flow rate is always constant, regardless of
the total head required to circulate it through the
evaporator.

7. The metallic walls are thin so that their thermal
resistance is negligible.

8. The external tube wall is perfectly insulated.

3.4 The Refrigerant Side

It is difficult to obtain a distributed model that
accurately predicts temperatures and velocities of a
boiling refrigerant flowing in a cylindrical tube.
Therefore, the analysis used here lumps the refrigerant
properties in the radial direction, leaving pressure and
temperature as a function of axial position only. Lumped
analyses require previous knowledge of expressions for heat
transfer coefficient and pressure drop. This section
describes the heat transfer coefficient and pressure drop
models used. The analysis that equilibrium exists between

the two refrigerant phases.
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3.4.1 The Heat Transfer Expression: A considerable number

of correlations have been proposed for the calculation of
heat transfer coefficients for boiling fluids flowing along
a duct. However, most are not reliable beyond the range of
data in which they are based. Even the Chen correlation
(Chen, 1966), one of the most widely used and recommended
expressions, is limited in application to vertical flows
with a quality of less than 70%.

The most general expression for a heat transfer
coefficient that can be applied to this problem is the one
presented by Shah, 1976. Shah's method has been compared
with about 800 data points from 18 independent experimental
studies. These data include most of the common refrigerants
in their entire range of application, as well as many
different tube materials and orientations respect to the
vertical.

To determine a heat transfer coefficient by using
Shah's method, the following non-dimensional parameters are

first calculategqd,

a
Bo = ——— (boiling number) (3.29)

G ifg

1-%, 70.8 g 70.5
Co = [ ERE— } [ _ } (convection number) (3.30)
G2
Fre = (Froude number) (3.31)
0g2 g D

Then, these numbers are used to obtain a new

parameter, o, from a chart (Shah's chart). The parameter o



85

is defined as,

o = htp/hf (3.32)

where hyy is the two-phase heat transfer coefficent and hg
is a single-phase, liquid-only, heat transfer coefficient,

calculated from a Dittus-Boelter correlation,

[ Deq G (1-X%y) ]0.8 5 0.4
r

hg = 0.023 f kf/Deq (3.33)

ke

The need to obtain ¢ from a graph makes Shah's method
difficult to use in a computer simulation. The task of
programming Shah's chart into the computer is accomplished
here by reading a number of points from the graph and
interpolating between them with a Lagrangian interpolation
subroutine.

A short segment at the end of the evaporator is likely
to have superheated refrigerant vapor. For this segment,
the simulation model uses a Dittus-Boelter correlation,

similar to Equation (3.33).

3.4.2 The Pressure Drop Expression: The pressure drop 1n a

flowing fluid can be written as a sum of three

contributions, as follows (Collier, 1981),

dp dp dp dp
el e SR ) IR - F
dz dz F dz a dz g

the first term represents the friction contribution, the
second term the acceleration contribution and the third

term the gravity contribution.



86

Differences in level between inlet and outlet of heat
pump evaporators are in general very small, so that the
gravity contribution to the pressure drop can be safely
neglected. The friction and acceleration contributions are
estimated here by using the Thom-Goldstein method (Thom,
1964; Goldstein, 1979). The procedure is indicated next.
a) The Friction Term: The friction term for a boiling
fluid is usually calculated by first finding the pressure
drop that would exist if all the fluid were in the liquid
state. This value is then multiplied by a correcting

factor, as follows,

dp 2 fgo G2
[ - } = bro> (3.35)

dz F pg D
in this equation, ¢fo% is the correction factor and fgq is
the liquid-only friction factor.

Thom, 1964, calculated values of ¢fo2 and of the
integral of ¢f,2 dz, necessary to obtain average friction
factors along a finite length of the evaporator. The data
was obtained for water-steam systems only, but later proved
applicable to other fluids less viscous than water.
However, the method can be applied only when the fluid is
initially a saturated liquid (quality equal to zero).
Goldstein, 1979, generalized the method to cases where the
inlet quality is different to zero. The method consists of
defining a pseudo-tube length. This pseudo length is the

length that would be necessary to increase the quality of

the fluid from a saturated liquid condition to the inlet
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condition. Once this length is known, Thom's method can

be applied to calculate pressure drops from a fictitious
saturated liquid state to the actual inlet and outlet
conditions. The pressure drop is the difference between
these two pressure drops.

b) The Acceleration Term: A boiling fluid flowing inside a
tube has a density that decreases as the fluid evaporates.
This causes an increase in flow velocity. The resulting
acceleration on the fluid originates a pressure drop.

Again, Thom integrated the expression for the
accelerational pressure drop when the initial condition is
a saturated liquid. The pressure drop was written in the
form,

G2
bpy = ——— v, (3.36)
Pr g
where v, is a factor that depends on the pressure and
outlet quality of the fluid.

Goldstein applied the same concept of a fictitious
length to calculate acceleration pressure drops. The
pressure drop is calculated as the difference between two
terms identical to the right hand side of Equation (3.36),
as shown in the following equation,

G2 G2

fPa = T Vaout - ——— V2in (3.37)
pPf 9 °Pf 9

where the factors vyt and vyip are evaluated at the

outlet and inlet conditions respectively.
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3.5 Solution Procedure

This section presents a global view of the solution
for the evaporator and the order in which all the
operations are done. The presentation is based on the flow
chart of the program (Figure 3.6). Many blocks in this
figure indicate solutions for velocities, temperatures,
heat transfer coefficients and pressure drops. These
solutions are obtained by following the procedures
described in earlier sections of this chapter.

The program starts by obtaining the appropriate values
of the inlet conditions. For the water, the inlet
temperature is a given value. For the refrigerant, the
inlet temperature, pressure and quality have to be obtained
from the global heat pump simulation. The next step is to
calculate the heat transfer coefficient in the refrigerant
side. However, the heat transfer coefficient is a function
of the heat transfer rate (Equation (3.29)), and therefore
it is necessary to guess an initial value of the heat
transfer rate.

Once the conditions in the refrigerant side have been
evaluated, the program solves for the water side.
Velocities, temperatures and ice profiles are calculated.
At this point, everything is known and the heat transfer
rate can be calculated and compared to the initial
assumption. The program iterates until reaching
convergence.

When convergence is obtained, the program updates both
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Figure 3.6 Flow chart of the solution procedure for the
evaporator
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water and refrigerant-side conditions. For the water
side, these include temperatures and radius of the
interface. For the refrigerant side, pressure,
temperature, enthalpy and quality need to be updated.
Updating completes the calculations for the segment of the
evaporator, and leaves the program ready to move to the

next axial or time step.
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Iv. THE HEAT PUMP MODEL

4.1 Introduction

Heat pump performance is estimated here by using the
Oak Ridge National Laboratory (ORNL) heat pump model
(Fischer et al., 1988). The ORNL model was written to
simulate air-source heat pumps in steady-state. To make
this model applicable to water-source heat pumps, the
evaporator model used in the ORNL model was replaced by the
evaporator model described in the previous chapter.

This chapter describes the ORNL model as modified to
simulate the water-source heat pump. First, the major
characteristics of the ORNL model are indicated, followed
by a description of the modules used to simulate the
compressor, condenser and expansion device. Later sections
of the chapter summarize the data used during the heat pump
simulation, and the assumptions and limitations involved
with using a steady-state heat pump model in conjunction
with a time-dependent evaporator to calculate time-
dependent heat pump performance. The last section shows
the solution procedure for the heat pump. The
descriptions included in this chapter only highlight the
major characteristics of the model. For more details,

consult Fischer et al., 1988.
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4.2 The ORNL Heat Pump Model

The ORNL model is used to simulate the performance of
the high-pressure side of the heat pump (condenser,
compressor, expansion device). The model is a steady-state
simulation, and is based on lumped analyses for the heat
pump components. The necessary data input includes the
following:

1. The level of evaporator exit superheat (or quality).

2. Design parameters for a flow control device or the level
of condenser exit subcooling.

3. Condenser inlet air temperature.

4, Dimensions of components and interconnecting pipes.

5. Heat losses from interconnecting pipes.

From this input, the original ORNL model predicts heat
pump performance data, such as COP, capacity, power
consumptions and refrigerant conditions at different points
in the heat pump. In addition to these, the modified model
used here was extended to allow calculation of
irreversibility generation rates in heat pump components,
as well as exergetic efficiency values.

The heat pump system is simulated by modeling the
individual components and then performing an iteration to
establish a balance point among these components. The
following section presents the heat pump component models.

The solution procedure is given in a later section.
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4.3 Models Used For Heat Pump Component Simulation

This section describes briefly the three high-pressure

side components.

4.3.1 Compressor: The ORNL model gives two different

alternatives to simulate compressor performances. One is
based on the use of compressor manufacturer's data
(compressor maps), and the other is to use a loss-and-
efficiency-based compressor model. The map model can
predict more accurately the performance of existing
compressors and therefore is used in this analysis. The
map model calculates compressor power and mass flow rate as
a function of the inlet and outlet compressor saturated
temperatures. The model includes corrections to adjust for
levels of refrigerant superheat that are different to those

for which the maps were generated.

4.3.2 Condenser: The ORNL heat pump model calculates the

condenser performance by using effectiveness vs. number of
heat transfer units (NTU) correlations. The evaporator is
divided in three sections, the desuperheating section, the
two phase section and the subcooling section. Different
correlations are used for heat transfer coefficient and
pressure drop in each one of the three sections of the
evaporator. The two phase section calculations use the
Chaddock and Noerager (Chaddock and Noerager, 1966)
correlation for the heat transfer coefficient and the Thom-

Goldstein (Thom, 1964; Goldstein, 1979) correlation for
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pressure drop. For details see Fischer et al., 1988.
In the air side, the model calculates exit

temperature, pressure drop and required fan power.

4.3.3 Flow Control Device: There are also two different

alternatives to specify the flow control device in the ORNL
model. The first one consists of fixing a condenser outlet
supercool. The second alternative is to specify a flow
control device and a set of characteristic parameters for
the device. The following flow control devices can be
specified,
1. Capillary tube
2. Thermostatic expansion valve
3. Short tube orifice

A fixed condenser outlet supercool is specified for
the present work. The computer program then calculates
expansion device parameters that would yield the desired
supercool for the three possible flow control devices

listed above.

4.4 Heat Pump Parameters

This work is focused on improving evaporator
performance. Therefore, the high-pressure side parameters
were not changed during program execution. The values of
all the parameters were obtained from ORNL model files (the
data files used from the ORNL model are EXAMPLE1l.HET and
BLOCK.FOR), and represent typical values for a good-

efficiency heat pump. The present section shows the values
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for some of the main parameters. The original files
should be consulted if more information is required.
Refrigerant - R22
Water temperature entering evaporator - 5°C
Air temperature entering condenser - 21.7°C
Air relative humidity entering condenser - 54%
Air flow rate into condenser = 0.59 m3/s
Compressor displacement - 59.6 cm3
Compressor synchronous motor speed - 3450 rpm.
Refrigerant superheat at compressor inlet - 10.2°C
Refrigerant subcool at condenser outlet - 12.2°C

Tolerance in superheat at compressor inlet - 0.05°C

Tolerance in subcool at condenser outlet - 0.11°C
4.5 The Quasi-Steady-State Assumption

The present work uses a steady-state heat pump model
to estimate time-dependent performance. Simulating time-
dependent behavior with a steady-state model is likely to
yield inaccurate results, with the inaccuracy increasing
rapidly as the situation being studied becomes more time-
dependent,

However, a steady-state model yields good results if
the process being simulated is slow relative to other time
scales involved in the problem. In the heat pump studied
here, all time dependence comes from the evaporator. The
evaporator conditions vary with time as ice builds on the

surfaces and water temperature drops. The two time scales
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present in the problem are the time for the ice to grow in
the evaporator and the time that it takes for the heat pump
to react to the changes in evaporator conditions. Using a
steady-state assumption is equivalent to assuming that the
heat pump can react to the changes in conditions much
faster than it takes for the ice to form in the evaporator.
If this assumption holds, the heat pump adjusts rapidly to
any change and remains basically at steady-state all the
time, with some time-dependence introduced by changes
occurring in the evaporator. This condition of slow time
dependence in a nearly steady-state process is commonly
called quasi-steady-state.

Therefore, the use of the steady-state model is
justified if the time of response of the heat pump is much
shorter than the time scale associated with ice formation.
The time of response for a typical heat pump can be
estimated from the work of MacArthur and Grald, 1987. They
predict a time of the order of 100 s for a heat pump to
reach steady state from start-up. On the other hand, the
transient period for ice formation in the evaporator was
estimated by Aceves-Saborio as being in the order of 1200
s (Aceves-Saborio et al., 198%9a). Therefore, the heat pump
can be assumed to operate in quasi-steady-state all the
time, with the only time dependence coming from the
evaporator time evolution. In this way, the model can
calculate unsteady-state performance during ice buildup and

flow reversals.
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Although the quasi-steady-state assumption justifies
the use of the steady-state model to calculate time
dependent performance, it does not allow the use of the
model for more highly time-dependent situations, such as
the reversal cycles commonly used to deice the evaporator.
Therefore, the use of the steady-state model makes it
impossible to calculate the energy required for evaporator

deicing.

4.6 Solution Method

The solution method used in the present work for the
high pressure side of the heat pump is exactly the same as
that used in the original ORNL model. Since this method is
presented with great detail by Fisher et al., 1988, only
its major characteristics are described here. The solution
for the low pressure side has been changed from that used
in the ORNL model and is discussed with more detail.

Figure 4.1 is a flow chart of the method, and
indicates the major calculational steps. The procedure
starts by reading the program data. In addition to the
data input, the procedure requires initial guesses for the
refrigerant saturaticn temperature at compressor inlet,
TSICMP, and refrigerant saturation temperature at
compressor outlet, TSOCMP. With these guesses, the program
can solve for all the high pressure side conditions,
including the refrigerant subcool at the condenser outlet.

This refrigerant subcool must be equal to a specified
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Figure 4.1 Flow chart of the heat pump simulation method
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value. If the calculated value and required value do not
agree within the given tolerance, the program generates an
improved guess for TSOCMP and iterates until convergence.
Once convergence is obtained in the high pressure
side, the program solves for the evaporator conditions.
The procedure to solve for the evaporator is given in
Section 3.4 and Figure 3.1. The compressor inlet superheat
is also calculated, and its value is compared to a required
value. If both values do not agree within a given
tolerance, the program makes a new guess for TSICMP and
iterates until convergence. The new guess is generated by
using the Newton-Raphson method until the solution is bound
(until the correct value of TSICMP is known to be within
some temperature interval). Once the solution is bound,
the program generates improved solutions by interpolation.
When the program reaches convergence, the results are
written in the data files and the program proceeds to solve

for the next time step.
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V. RESULTS. HEAT PUMP OPTIMIZATION

5.1 Introduction

This chapter presents the optimization of the water-
source heat pump described in the previous chapters. The
chapter shows the results of five different optimizations.
The first optimization is for the heat pump operating as a
water-source heat pump (with no evaporator deicing). The
other four optimizations are done for the heat pump
operating as an ice-maker heat pump. Each of these four
optimizations takes into account a different time length of
heat pump operation cycle (time between consecutive
deicings), because the efficiency of an ice-maker heat pump
depends on the frequency of the deicings. In addition, to
illustrate the influence of reversing the water flow
direction, three different cases are considered within each
optimization: no water flow reversal (continuous water
flow in one direction), water flow reversal every 300 s and
water flow reversal every 600 s.

The main purpose of this analysis is to find
evaporator characteristics that improve the heat pump
performance. Therefore, the optimization is done only with
respect to evaporator parameters. The high-pressure-side
parameters are kept fixed, at values given in Section 4.4.

There are two usual means of optimizing a heat pump.

The first is an economic optimization and the second is a
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maximization of a performance parameter. From the point

of view of heat pump ownership, an economic optimization is
the preferred method. However, there is always some
uncertainty in the parameters involved in an economic
optimization. Therefore, the present qptimization is done
in terms of performance parameters.

Some authors (Rice et al., 1981l; Elger, 1983; Lee,
1989) have done performance optimizations for heat pumps.
These analyses use the heat pump COP as the objective
function. The present study uses the exergetic efficiency
as the figure of merit to be maximized, due to its more
fundamental character. However, COP values are also
reported, and the designs that maximize the exergetic
efficiency are found to correspond closely with those that
maximize the COP.

The following sections present a description of the
objective functions, the decision variables, the design
constraints, the optimization results, a discussion
section that looks in detail at how the different
evaporator parameters affect the performance, and finally a
section that summarizes the conclusions developed in the

chapter.
5.2 Objective Function

The objective function to be maximized in this
optimization is the exergetic efficiency. The exergetic

efficiency is defined as,
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EXout
—— (5.1)

L=
fil

EXin

The exergetic efficiency of a water-source heat pump
with freezing depends on the length of the operation cycle
(period of time between consecutive deicings). A water-
source heat pump can operate in steady-state, without ever
requiring deicing. A heat pump may also require periodic
deicings. 1If periodic deicing is required, the heat pump
operates as an ice-maker heat pump. Different efficiencies
exist also for an ice-maker heat pump as the operation
period varies. Therefore, the optimization is done for
ice-maker heat pumps requiring deicing at four different
times (30 min, 1 hour, 2 hours, and 4 hours), as well as
for water-source heat pumps operating in steady-state, with
no deicing. Then, five different optimizations are done.
The objective function for the ice-maker heat pumps is the
average exergetic efficiency along the time period of
operation. The objective function for the water-source
heat pump is the steady-state exergetic efficiency. The
exergetic efficiencies for the ice-maker heat pump do not
include the energy required for deicing the evaporator,
since, as discussed in Section 4.5, the steady-state model
used for the heat pump simulation cannot be used to predict
this value. Therefore, the calculated values for the
exergetic efficiencies of the ice-maker heat pumps are
overestimations. See Section 5.5.1 for a more complete

discussion.
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It is possible to argue that ice-maker heat pumps with
a long operation time (like 2 hours, but especially 4
hours) should be called water-source heat pumps, since they
obtain most of their energy by cooling down the water,
rather than by freezing the water. However, these heat
pumps are still called ice-maker heat pumps here because
they require a periodic deicing and reduce water
consumption by producing ice. Ice-maker heat pumps with a
short operation time can be considered to be closer to a
pure ice-maker heat pump, since most of their energy comes
from freezing the water.

Exergy values are always referred to a dead state.

For a water-source heat pump, it is natural to choose the
inlet water temperature (5°C, see Section 4.4) and
atmospheric pressure as the dead state conditions. No
chemical changes occur in either the water or the air
circulating through the heat exchangers and therefore no
chemical exergy components have to be considered.

The value of EXgy,t is given as a sum of two
components. The air circulating by the condenser gains
exergy as its temperature increases, and also the water
circulating through the evaporator gains exergy as it cools
down or freezes. The exergy of the air is used to satisfy
the heating demand. The exergy of the water could be used
for seasonal cool storage applications, where cold water
and/or ice generated during the heating season are stored

and later used to provide air conditioning (Fischer and
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Nephew, 1976). However, seasonal cold storage requires
the use of substantial extra hardware, like a big storage
tank and control instruments, and therefore this option is
not considered here. Therefore, the only useful exergy
stream is the air exergy, and only this value is used to
calculate EXgut-

The exergy inlet includes the energy provided to the
compressor, air fan and water pump. The water used for the
heat pump operation has to be pumped from a water reservoir
that can be either at the surface or underground. In any
case, some power is necessary to pump the water to the heat
pump. In this analysis, this power is taken into account
by considering that it is necessary to overcome a total
head of 50 m to pump the water from the reservoir to the
heat pump. This head is added to the pressure drop inside
the evaporator to obtain the total required pumping power.
The value of 50 m was chosen as a typical value, in close
agreement with the value used by Mei, 1983. Although the
optimization was carried out with the pumping head fixed at
this value, Section 5.5.7 studies the effect of changing
the pumping head on the optimum design.

Writing EXjp and EXgyt in terms of their components as

previously discussed, Equation (5.1) becomes,

EXair
% = (5.2)

Weomp + Wfan + Wpump

where W is the power consumption. The exergy gained by the

air can be calculated as (Moran, 1982),
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Tout,air

EXair = Majr CPair [ Tout,air ~Tin,air~ 10 .
in,air

(5.3)

5.3 Decision Variables and Constraints

As previously discussed, all decision variables in the
optimization problem are evaporator parameters. The
decision variables used and the allowable range of values
for each one are as follows,

2x10"4

v

water volumetric flow rate, V, m3/s v

number of evaporator circuits in parallel, N 4 < N < 8

IN
N
o

evaporator circuit length, 1, m 1

evaporator circuit external radius, Ry, cm 1 <Ry <2

The internal radius of the evaporator circuit, Rj, is
kept at a value equal to half of the external radius. The
volumetric flow rate is constrained to guarantee that
natural convection and axial conduction effects are
negligible. The dimensions of the evaporator need to be
kept under a certain maximum value because the objective
function used is a performance figure. Performance figures
do not take into account the cost of area and therefore
their use in heat exchanger optimizations with no area
constraints result in optimum heat exchangers with
unreasonably large or even infinite area. The present
analysis can be combined with an economic analysis or with
a material exergy analysis (Aceves-Saborio et al., 1989b)
to yield optimum heat exchangers with finite area.

However, neither of these are used for this optimization.
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For further discussion on material exergy analysis,
consult Section 5.5.5. This section includes an analysis
based on the material exergy method where optimum finite

areas are calculated as a function of area costs.
5.4 Optimization Results

Tables 5.1 through 5.5 show the optimum designs from
the optimization for each one of the 5 objective functions
being optimized (average exergetic efficiencies for ice-
maker heat pumps with operation periods lasting 1800 s,
3600 s, 7200 s, and 14400 s; as well as the exergetic
efficiency for a water-source heat pump operating in
steady-state). All the optimum designs have the maximum
allowable number of circuits in parallel (8). This is a
consequence of using an objective function that does not
take area costs into account.

Each table shows the optimum designs for the three
cases studied, water flow direction reversal every 300 s,
reversal every 600 s, and no reversal. For the no reversal
case the water and refrigerant flow in opposite directions
(counterflow) because this configuration gives a higher
performance (see Section 5.5.2).

Tables 5.1 to 5.5 show nine selected combinations of
external duct radius and length, followed by the water
volumetric flow rate that maximizes the efficiency at the
given radius and length. The tables also show the

efficiencies, COP values, and times of duct freeze-up for



107

Table 5.1 Optimum evaporator conditions. The objective
function is the average exergetic efficiency for an ice-
maker heat pump with an operation period of 1800 s. The
table shows flow rates, average performance values during
the operation time, and times of duct blockage. No
indication of blockage time means that blockage never
occurs. The results are shown for selected values of the
evaporator duct radius and length, and for the three cases
being studied (no water flow reversal, reversal every 300
s, and reversal every 600 s). The number of evaporator
ducts is equal to 8. The optimum efficiency and COP for
each set are underlined.

(a) Reversal Period of 300 s

radius length flow rate ex effncy COP time block

Ry, Cm 1, m vx104, m3/s $ tblock: S
1.0 10 2.6 0.211 2.706 2150
1.0 15 2.1 0.227 2.801 2000
1.0 20 2.0 0.235 2.950 2300
1.5 10 2.0 0.214 2.768 3400
1.5 15 2.0 0.227 2.883 4300
1.5 20 2.0 0.235 2.945 5100
2.0 10 2.0 0.212 2.750 5800
2.0 15 2.0 0.223 2.844 7150
2.0 20 2.0 0.230 2.909 8600

(b) Reversal Period of 600 s

radius length flow rate ex effncy CoP time block

Ry, Cm 1, m vx104, m3/s ® thlock: S
1.0 10 2.7 0.210 2.696 2250
1.0 15 2.0 0.227 2.880 1950
1.0 20 2.0 0.235 2.950 2350
1.5 10 2.0 0.215 2.769 3500
1.5 15 2.0 0.228 2.885 4450
1.5 20 2.0 0.235 2.946 5350
2.0 10 2.0 0.212 2.751 6150
2.0 15 2.0 0.223 2.846 7700
2.0 20 2.0 0.231 2.910 9300

(c) No Reversal

radius length flow rate ex effncy CoP time block

Ry, Cm 1, m Vx104, m3/s P tblock: S
1.0 10 3.2 0.206 2.639 2100
1.0 15 2.2 0.226 2.851 2000
1.0 20 2.0 0.236 2.951 2450
1.5 10 2.0 0.215 2.771 2650
1.5 15 2.0 0.228 2.887 3750
1.5 20 2.0 0.235 2.950 4900
2.0 10 2.0 0.212 2.753 4450
2.0 15 2.0 0.223 2.849 5850
2.0 20 2.0 0.231 2.914 7300
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Table 5.2 Optimum evaporator conditions. The objective
function is the average exergetic efficiency for an ice-
maker heat pump with an operation period of 3600 s. The
table shows flow rates, average performance values during
the operation time, and times of duct blockage. No
indication of blockage time means that blockage never
occurs. The results are shown for selected values of the
evaporator duct radius and length, and for the three cases
being studied (no water flow reversal, reversal every 300
s, and reversal every 600 s). The number of evaporator
ducts is equal to 8. The optimum efficiency and COP for
each set are underlined.

(a) Reversal Period of 300 s

radius length flow rate ex effncy COP time block

Ry, Cm 1, m vx10%, m3/s 4 tblocks S
1.0 10 3.3 0.202 2.598 -
1.0 15 3.2 0.214 2.713 4800
1.0 20 3.0 0.222 2.786 4150
1.5 10 2.2 0.207 2.694 3800
1.5 15 2.0 0.223 2.848 4300
1.5 20 2.0 0.231 2.918 5100
2.0 10 2.0 0.208 2.710 5800
2.0 15 2.0 0.221 2.822 7150
2.0 20 2.0 0.228 2.887 8600

(b) Reversal Period of 600 s

radius length flow rate ex effncy COP time block

Ry, Cm 1, m vx104, m3/s % tplocks S
1.0 10 3.4 0.201 2.586 -
1.0 15 3.2 0.214 2.710 4800
1.0 20 3.0 0.222 2.790 4300
1.5 10 2.2 0.208 2.697 3950
1.5 15 2.0 0.224 2.850 4450
1.5 20 2.0 0.232 2.920 5350
2.0 10 2.0 0.208 2.711 6150
2.0 15 2.0 0.221 2.822 7700
2.0 20 2.0 0.228 2.889 9300

(c) No Reéersal

radius length flow rate ex effncy - COP time block

Ry, Cm 1, m vx104, m3/s 3 tplocks S
1.0 10 3.8 0.198 2.530 -
1.0 15 3.7 0.211 2.659 5550
1.0 20 3.3 0.219 2.756 4000
1.5 10 2.9 0.202 2.615 3800
1.5 15 2.0 0.222 2.837 3750
1.5 20 2.0 0.232 2.924 4900
2.0 10 2.0 0.209 2.715 4450
2.0 15 2.0 0.221 2.828 5850
2.0 20 2.0 0.229 2.894 7300
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Table 5.3 Optimum evaporator conditions. The objective
function is the average exergetic efficiency for an ice-
maker heat pump with an operation period of 7200 s. The
table shows flow rates, average performance values during
the operation time, and times of duct blockage. No
indication of blockage time means that blockage never
occurs. The results are shown for selected values of the
evaporator duct radius and length, and for the three cases
being studied (no water flow reversal, reversal every 300
s, and reversal every 600 s). The number of evaporator
ducts is equal to 8. The optimum efficiency and COP for
each set are underlined.

(a) Reversal Period of 300 s

radius length flow rate ex effncy CoP time block
Ry, CM 1, m vx104, m3/s ® tplocks S
1.0 10 3.5 0.199 2.558 -
1.0 15 3.6 0.209 2.651 --
1.0 20 3.7 0.215 2.702 --
1.5 10 2.9 0.198 2.578 8200
1.5 15 3.0 0.211 2.700 8200
1.5 20 2.9 0.219 2.779 7800
2.0 10 2.4 0.200 2.619 7500
2.0 15 2.1 0.216 2.776 7400
2.0 20 2.0 0.225 2.861 8600

(b) Reversal Period of 600 s

radius length flow rate ex effncy COP time block
Ry, Cm 1, m vx104, m3/s ® tblocks S
1.0 10 3.6 0.198 2.551 -
1.0 15 3.6 0.209 2.653 -
1.0 20 3.6 0.215 2.709 -
1.5 10 2.9 0.198 2.582 8950
1.5 15 2.9 0.212 2.711 8000
1.5 20 2.7 0.221 2.798 7500
2.0 10 2.3 0.201 2.631 7500
2.0 15 2.0 0.217 2.792 7700
2.0 20 2.0 0.225 2.862 9300
(c) No Reversal
radius length flow rate ex effncy COP time block
Ry, Cm 1, m vx104, mi/s ® thlocks S
1.0 10 4.0 0.195 2.508 -
1.0 15 4.1 0.206 2.607 --
1.0 20 4.1 0.212 2.668 -=
1.5 10 3.5 0.194 2.528 -
1.5 15 3.6 0.207 2.644 --
1.5 20 3.4 0.217 2.735 7900
2.0 10 3.1 0.195 2.553 9100
2.0 15 2.8 0.211 2.706 7650
2.0 20 2.1 0.224 2.853 7500
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Table 5.4 Optimum evaporator conditions. The objective
function is the average exergetic efficiency for an ice-
maker heat pump with an operation period of 14400 s. The
table shows flow rates, average performance values during
the operation time, and times of duct blockage. No
indication of blockage time means that blockage never
occurs. The results are shown for selected values of the
evaporator duct radius and length, and for the three cases
being studied (no water flow reversal, reversal every 300
s, and reversal every 600 s). The number of evaporator
ducts 1is equal to 8. The optimum efficiency and COP for
each set are underlined.

(a) Reversal Period of 300 s

radius length flow rate ex effncy COoP time block
Ry, Cm 1, m vx104, m3/s ® tvlocks S
1.0 10 3.6 0.197 2.542 -
1.0 15 3.7 0.207 2.629 -
1.0 20 3.9 0.213 2.673 -
1.5 10 3.2 0.194 2.536 -
1.5 15 3.4 0.206 2.635 -
1.5 20 3.6 0.212 2.687 21100
2.0 10 3.0 0.193 2.528 20500
2.0 15 3.1 0.205 2.636 15050
2.0 20 3.1 0.212 2.701 14800
(b) Reversal Period of 600 s
radius length flow rate ex effncy COP time block
Ry, Cm I, m vx104, m3/s 4 thlocks S
1.0 10 3.6 0.197 2.537 -
1.0 15 3.8 0.207 2.629 -
1.0 20 3.8 0.213 2.681 -=
1.5 10 3.1 0.194 2.539 -
1.5 15 3.3 0.207 2.643 18950
1.5 20 3.4 0.214 2.707 16850
2.0 10 2.9 0.193 2.538 18650
2.0 15 3.0 0.206 2.654 16450
2.0 20 2.9 0.214 2.732 15500
(c) No Reversal
radius length flow rate ex effncy COP time block
Ry, Cm 1, m vx104, m3/s @ thlock: S
1.0 10 4.1 0.194 2.495 -
1.0 15 4.2 0.204 2.591 --
1.0 20 4.2 0.211 2.649 -
1.5 10 3.6 0.192 2.503 -
1.5 15 3.8 0.204 2.606 -
1.5 20 3.9 0.211 2.669 --
2.0 10 3.3 0.191 2.503 -
2.0 15 3.5 0.203 2.604 --
2.0 20 3.5 0.210 2.677 16300



111

Table 5.5 Optimum evaporator conditions. The objective
function 1is the steady-state exergetic efficiency for a
water-source heat pump. The table shows flow rates,
average performance values during the operation time, and
times of duct blockage. No indication of blockage time
means that blockage never occurs. The results are shown
for selected values of the evaporator duct radius and
length, and for the three cases being studied (no water
flow reversal, reversal every 300 s, and reversal every 600
s). The number of evaporator ducts is equal to 8. The
optimum efficiency and COP for each set are underlined.

(a) Reversal Period of 300 s

radius length flow rate ex effncy COP time block
Rgy, cm 1, m vx104, m3/s $ tblock: S

1.0 10 3.6 0.196 2.531 -

1.0 15 3.9 0.206 2.613 -

1.0 20 3.9 0.211 2.658 -

1.5 10 3.3 0.191 2.502 -

1.5 15 3.7 0.201 2.588 -

1.5 20 3.9 0.208 2.635 -

2.0 10 3.2 0.187 2.468 -

2.0 15 3.5 0.198 2.555 -

2.0 20 3.7 0.203 2.602 --

(b) Reversal Period of 600 s

radius length flow rate ex effncy coP time block
Ry, Cm 1, m vx104, m3/s 4 tbhlocks S

1.0 10 3.7 0.195 2.519 --

1.0 15 3.8 0.206 2.611 -=

1.0 20 4.1 0.212 2.659 --

1.5 10 3.2 0.192 2.510 -

1.5 15 3.5 0.202 2.599 -

1.5 20 3.7 0.208 2.648 -

2.0 10 3.1 0.188 2.481 -

2.0 15 3.3 0.199 2.579 --

2.0 20 3.4 0.205 2.627 --

(c) No Reversal

radius length flow rate ex effncy COoP time block
Ry, Cm 1, m vx104, m3/s o tblocks S

1.0 10 4.1 0.193 2.484 -

1.0 15 4.2 0.204 2.578 -

1.0 20 4.2 0.210 2.633 -

1.5 10 3.6 0.190 2.485 -

1.5 15 3.9 0.202 2.584 -

1.5 20 4.0 0.209 2.644 -

2.0 10 3.4 0.188 2.474 --

2.0 15 3.7 0.200 2.573 -

2.0 20 3.8 0.206 2.641 -
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each one of the sets of conditions. Times of duct freeze-
up for ice-maker heat pumps indicate the time that it takes
for the ice to cause duct blockage if no deicing takes
place before that. Water-source heat pumps operate at
steady-state and therefore they are not subjected to
blockage (see Section 5.5.6). The tables include results
for all these combinations of external duct radius and
length values to illustrate their effect on performance.
The global optimum always corresponds to the longest heat
exchanger, because the objective function does not take

into account the cost of area.

5.5 Discussion

This section presents a study of the different factors
that affect the heat pump performance. The following
effects are studied in the given order:

1. Effect of the length of the operation cycle.

2. Effect of water flow direction.

3. Time evolution.

4. Effect of evaporator dimensions.

5. Effect of area cost.

6. Effect of water flow rate. Blockage.

7. Effect of pumping head.

8. Effect of the frequency of water flow reversals.

The study focuses mainly on discussing how the optimum
performances shown in Tables 5.1 through 5.5 vary as a

function of evaporator parameters. However, the following
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analysis is not limited to the cases presented in the

tables, as shown in the next sections.

5.5.1 Effect of the Length of the Operation Cycle: The

results in Tables 5.1-5.5 show optimum designs for
different durations of the operation cycle. Table 5.1
shows results for the shortest operation time (1800 s).
These designs have the highest ratio of latent energy to
sensible energy obtained from the water, and therefore
operate mainly as ice-maker heat pumps. From the results
presented in the table, it can be observed that ice-maker
heat pumps operate best with low water flow rates. Table
5.1 also indicates that ice-maker heat pumps should operate
with large duct radii, because this extends the time for
duct blockage, even though the performance is slightly
better for ducts with a small radius.

Heat pump designs from Table 5.5 operate as water-
source heat pumps, because there is no ice formation once
steady-state is reached, there is no need for deicing, no
duct blockage regardless of the length of the operation
cycle, and all the energy obtained from the water is
sensible energy. From the table it can be seen that water-
source heat pumps require a high water flow rate and a
small duct radius.

The tables show that both the exergetic efficiency and
the COP decrease as the operation cycle becomes longer.
While this seems to indicate that ice-maker heat pumps

operate better than water-source heat pumps, it must be
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remembered that the results in the tables do not take into
account the energy required to deice the evaporator after
each operation cycle. This energy expense reduces the
performance parameters from the values presented in Tables
5.1-5.4. TIce-maker heat pumps may also present problems
with duct blockage, if there is the possibility that
operation cycles may last longer than expected. This is
illustrated by the blockage times included in the tables.
Compressor damage may also result from the heat pump
cycling required for deicing. Determining whether an ice-
maker or a water-source heat pump operate better requires
the evaluation of the costs of energy spent in deicing the
evaporator and the possible cost of a damage to the
compressor (a situation similar to that studied in Section
2.3). However, this calculation cannot be done here, since
the heat pump model used here is a steady-state model and
all the deicing methods for a heat pump involve highly
time-dependent processes.

Therefore, the present study does not evaluate which
mode of operation has a higher efficiency. 1Instead, it
tries to find conditions that help in solving the major
problems for the two types of heat pumps, namely, the need
for frequent deice cycles in ice-maker heat pumps and the
high water consumption required to operate water-source

heat pumps.

5.5.2 Effect of water flow direction: It is usually

assumed that the performance of an evaporator does not
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depend on the relative flow direction of the fluids,
because the temperature of one of the fluids has a nearly
constant value along the evaporator. However, in this
case, the heat transfer coefficent along the evaporator
varies within a wide range of values. This variation is
responsible for a difference in efficency between the two
relative flow directions.

The water flow direction is a factor only in the no
reversal case. In the reversal case, the direction is
changed often, so that the initial direction does not have
much effect in the long-term performance.

This analysis is based on the optimum design for a
water-source heat pump with no reversal (1=20 m, Rp=0.01
m, N=8, and V=4.2x10’4m3/s). For this case, the steady-
state heat pump parameters are evaluated for the two water
directions relative to the refrigerant‘direction,
counterflow and parallel flow.

The steady-state exergetic efficiencies for the two
relative directions have values of 0.210 for counterflow,
and 0.206 for parallel flow. This is a substantial
difference, considering the closeness of the values
obtained in Tables 5.1-5.5 for widely different design
conditions.

Figures 5.1, 5.2 and 5.3 are included to illustrate
the differences between the two possible orientations.
Figures 5.1 and 5.2 show water and refrigerant

temperatures, as well as refrigerant-side heat transfer
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coefficents, for counterflow and parallel flow
respectively. The heat transfer coefficent curve has about
the same shape in both cases, starting at a low value at
the entrance of the duct, and then increasing until
reaching a maximum. From this point, the heat transfer
coefficient decreases abruptly, as most of the liquid boils
and only vapor remains. While the heat transfer
coefficient has nearly the same value for both cases, what
makes the difference is the position of the maximum heat
transfer coefficient relative to the temperature difference
between the two fluids. For the counterflow case, the
maximum heat transfer coefficient and the maximum
temperature difference are located in the same side of the
evaporator, while in the parallel flow case they are
located in opposite ends of the evaporator. This gives an
advantage in heat transfer performance to the counterflow
case relative to the parallel flow case.

Figure 5.3 shows still another reason for the higher
value of the counterflow performance. Figure 5.3 shows the
quality as a function of position for the two cases. It is
seen that the quality for parallel flow is always higher
than the counterflow quality. Therefore, there is more
vapor in the duct in the case of parallel flow. The
presence of additional vapor causes an increase in pressure

drop and a decrease in performance.

5.5.3 Time evolution: The variation of efficiency with

time can be immediately seen from Tables 5.1-5.5. These



1.00

0.80
_ 060 -
Ei
% i aralle! flow
& 0.40 P
counterflow
0.20
0.00 T T T T
0.00 4.00 8.00 12.00 16.00 20.00
position olong evap. (m)

Figure 5.3 Refrigerant quality as a function of position along

evaporator for water and refrigerant in counterflow
and in parallel flow. The results are shown for a
water-source heat pump in steady-state with no water
flow reversal and 1=20 m, Ry=0.01 m, N=8 and
V=4.2x10"% m3/s.

61T



120

tables show that the efficiencies of the optimum designs
decrease as the operation cycle becomes longer. This
decrease in efficiency as a function of time occurs for any
heat pump configuration, and is illustrated in Figure 5.4.
This figure shows the COP values as a function of time for
the optimum water-source heat pump (1=20 m, Ry=0.01 m, and
N=8) for the no reversal case. Exergetic efficiency

curves show exactly the same shape as COP curves and
therefore are not presented. The figure gives three
different COP curves, corresponding respectively to a slow
flow (3x10'4 m3/s), medium flow (4x10'4 m3/s) and high flow
(5x10'4 m3/s).

The figure shows the COP for slow flow starting higher
than the other two curves, then decreasing slowly until
suddenly a point is reached where the COP falls abruptly,
due to ice blockage of the duct. The curves for higher
flow rates start at lower performance values, but then the
performance shows little time dependgnce, keeping a nearly
constant value.

The curves for lower water flow rate start at a higher
performance level because they require less pumping power
to pump the water through the 50 m head. However, ice
builds faster in the evaporator with lower mass flow rate,
producing a faster performance drop. Ice has a double
effect in reducing the heat pump performance. Ice in the
evaporator insulates the surfaces, reducing the heat pump

capacity. This effect is responsible for the slight drop
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in COP for small values of time, and is completely
analogous to the case presented in Chapter 2 and
illustrated in Figure 2.3. Ice buildup also has the effect
of reducing the flow area of the evaporator, increasing the
water pressure drop. Excessive blockage produces abrupt
drops in performance, as that shown in Figure 5.4 for
V=3x10"4m3/s.

Figure 5.5 shows the effect of water flow reversal on
heat pump performance. Water flow reversals have the
effect of partly deicing the evaporator, increasing the
efficiency of the water-source evaporator with respect to
the no-reversal case. This partial deicing is also
responsible for delaying the blockage of the duct, as shown
in the figure for V=3x10"% m3/s. See Section 5.5.6 for a

more complete discussion on duct blockage.

5.5.4 Effect of Evaporator Dimensions: This section

analyzes the effect of three evaporator dimensions on heat
pump performance. These are the duct length, the number

of evaporator circuits in parallel and the duct radius.
Each effect is studied separately as follows.

a) Effect of the length: Figure 5.6 illustrates the effect
of the duct length on heat pump COP. The figure is for a
water-source heat pump at steady-state with no reversal at
the optimum conditions (Ro=0.01 m, N=8 and V=4.2x10-4
m3/s). The figure shows an increase in COP as a function
of length. This behavior is expected, because the COP is a

performance factor, and does not take into account the cost
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of area. Therefore, the optimum length is very large, and
it would be infinity if the water could flow without
pressure drop.

However, the COP curve levels off after a fast
increase for small values of evaporator length. Therefore,
there is a iength at which the additional performance gain
obtained by increasing the length does not justify the
extra expense of installing additional area. However,
finding this length requires the assignment of costs to the
area. See Section 5.5.5 for an analysis that includes area
costs.

b) Effect of the number of evaporator circuits in parallel:
Figure 5.7 shows the effect of varying the number of
evaporator circuits in parallel (N) in an evaporator with
1=20 m, Rg=0.01 m, and V=4.2x10"% m3/s for a water-source
heat pump in steady-state with no reversal. The effect of
increasing N is an increase in the heat pump COP, in
exactly the same way as that shown in Figure 5.6. Again,
the optimum heat exchanger is unreasonably large, unless
the analysis takes into account the cost of area (see
Section 5.5.5).

c) Effect of the radius: As can be seen from Tables 5.1-
5.5, the radius is the only evaporator dimension for which
the performance optimum is not always reached at the
maximum size. The tables indicate optimum results for a
radius of 0.01 m for short cycle length. The optimum then

shifts to 0.015 m and then to 0.02 m as the operation cycle
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length increases. However, at steady-state, the optimum
is 0.01 m again.

This variation of the optimum radius with cycle length
is the result of two competing effects. The first one is
the resistance of the water to heat transfer and the second
is the time for blockage of the duct.

The major resistance to heat transfer between the
refrigerant and the water is on the water side. The
boiling of the refrigerant causes high heat transfer
coefficients, and the copper evaporator wall presents a
negligible resistance to heat transfer. Therefore, the
evaporator performance is heavily influenced by the water-
side heat transfer coefficient.

The best way to increase the heat transfer coefficient
is to increase the velocity of the fluid. At a constant
mass flow rate, the only way to increase the velocity is to
decrease the flow area (decrease the radius of the duct).
Therefore, selecting a small radius increases heat
transfer performance. This is illustrated in Figures 5.8
and 5.9, which show respectively the exergetic efficiency
and the COP as a function of time for three different Rg
values at the optimum conditions for a steady-state water-
source heat pump (V=4.2x10"% m3/s, 1=20 m and N=8), and no
reversal. The curves in the figures show small
oscillations in performance around an average performance.
These oscillations are caused by the necessity to use

finite tolerance values in the simulation code, and do not
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represent anything physically realistic. The figures show
that small values of the radius result in a higher
performance, at least in high-flow situations, like the one
presented here, where there is no duct blockage.

On the other hand, large-sized ducts take longer to
block with ice, and a larger size is then appropriate to
delay ice blockage in ice-maker heat pumps. Figure 5.10
illustrates this by showing COP curves for very low flow
rates (V=2xlO"4 m3/s, 1=20 m and N=8), and no reversal. As
before, the curve for a smaller radius starts at a higher
value, but then the duct is blocked with ice much earlier
than the larger ducts.

As a conclusion, a duct with a small radius performs
better in any situation, except those for which duct
blockage has an effect. This explains the results observed
in the Tables 5.1-5.5. 1In Table 5.1, the operation time
of 1800 s is short enough that there is no duct blockage,
and therefore the best efficiency is obtained for the
smallest radius. For longer operation times, ice starts
blocking the ducts with small values of the radius, and
therefore the optimum shifts to higher values of the
radius. In steady-state there is again no duct blockage,

and therefore the optimum is the smallest radius.

5.5.5 Effect of Area Cost: Figqures 5.6 and 5.7 show that
the optimum evaporators correspond to the maximum allowable
duct length and number of evaporator ducts in parallel.

This is a natural consequence of using the exergetic
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efficiency as an objective function, since this parameter
does not take into account the cost of area.

The analysis in this section includes the cost of
area. Taking into account the cost of area results in
optimum heat exchangers of reasonable size, with no need
for imposing restrictions in the dimensions. Two different
methods have been used in the past to account for the area.
One is an economic analysis and the other is the material
exerdgy analysis. Economic analyses take into account the
cost of the area, but the parameters required for the
calculations are always uncertain and subjected to
variations. The second method is known as the material
exergy analysis. Material exergy analyses take into
account the cost of area in terms of parameters that are
less subjected to change than those required for economic
analyses. Therefore, they are more useful to establish
non-changing performance limits in the design. This is the
method used for this application.

In a material exergy analysis (Aceves-Saborio et al.,
1989b), the cost of area is taken into account by
considering the exergy value of the heat exchanger. The
exergy value of a heat exchanger, EXp, is calculated as the
exergy of the heat exchanger materials with respect to a
dead state, or in different words, the amount of exergy
required to build the heat exchanger from a given dead
state under reversible conditions. If the heat exchanger

has a finite application life, tap, then it can be
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considered that the exergy of the heat exchanger has been
"used up" after the application life. This corresponds to
having an extra irreversibility source, given as,

EXp,
I, = (5.4)

tap

However, processes in real life are not reversible,
and building a heat exchanger requires much more energy
than just the exergy value of the heat exchanger. The
total energy expense is taken into account here, because
including it in the analysis adds to the practicality of
the results. The total exergy spent in building the heat
exchanger can be estimated if the overall efficiency of the
manufacture process, &, is known. With this parameter,
Equation (5.4) can be rewritten to take into account the
total exergy expense, as follows,

EXp
Ip,i = ——— (5.5)
o tap

and this irreversibility production is added to the power
consumption in the heat pump, so that the expression for
the exergetic efficiency (Equation (5.2)) can be written

as,

EXair
3 = (5.6)

Weomp * Wfan * Wpump * Im,i

The value of EX, depends only on the dead state
selected, the type of material being used and the size of
the heat exchanger. Xotas, 1985, lists material exergy

values respect to a dead state. The value listed for
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copper is 2115 kJ/kg. Multiplying this value by the heat
exchanger mass yields the value of EXy.

However, the other two parameters appearing in
Equation (5.5) are subjected to uncertainties. The
application life, tapr is selected here as 2Vyears, this
value being chosen as an average economic life. The
efficiency of the manufacturing process, $,, can be
calculated from the data given by Chapman and Roberts,
1983. They estimated values for energy consumption through
the main steps associated with copper processing, like
mining, concentrating, smelting, refining and fabrication.
Their results give best estimates for all the values, but
they also show ranges in which the energy consumption may
fall, depending on particular conditions in each production
site. The results give ¢,=0.0154 as the best estimate,
with a range of possible values of ¢, between 0.014 and
0.027.

Figure 5.11 shows the effect of using Equation (5.6)
to calculate the exergetic efficiency. The figure shows
exergetic efficiencies for a water-source evaporator in
steady-state with Ry=0.01 m, N=8, and v=4.2x10"%4 m3/s. The
figure shows curves for three different values of &p,
corresponding respectively to the lower end of the range,
the best estimate, and the upper end of the range
(#,=0.014, 0.0154 and 0.027)_  The figure also shows the
exergetic efficiency for the base case, in which no

material exergy is taken into account. The squares in the
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figure indicate the optimum lengths for each efficiency.
From the figure it can be seen that the optimum length
changes only between 24 m and 27 m, even though the value
of &, is allowed to vary in a wide range.

The material exergy analysis just shown takes into
account the cost of the area. However, it does not take
into account additional costs that appear in an economic
analysis, like labor and profits. Therefore, the method
underestimates the cost of the area, and the optimum
lengths shown in the figure are larger than those resulting
from an economic analysis. However, the optimum lengths
obtained in the figure are valuable in the design process,
because they establish a non-changing upper limit to the

maximum size that a heat exchanger should reach.

5.5.6 Effect of Water Flow Rate. Blockage: It is well

known that water flow rate has an important effect on heat
pump performance. Water flow rate must be kept high enough
to avoid excessive pressure drop due to ice blockage of the
duct, while at the same time it must be kept as low as
possible, due to the high energy investment required to
pump the water through a 50 m head.

Ice blockage of the ducts is caused by excessive ice
build-up on the surfaces, due to a slow water flow.
However, duct blockage, as used in this chapter does not
mean total duct blockage. Some free area must always
remain to allow the circulation of a given water flow rate,

since the water pump is assumed to be powerful enough to
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pump a constant mass flow rate against any pressure drop
(Section 3.4).

However, there are cases in which the pressure drop
becomes so large that the efficiency of the heat pump
decreases abruptly, due to the smallness of the free area
that is left for the fluid to circulate. This condition of
quasi-blockage is illustrated in previous figures of this
chapter (Figures 5.5 and 5.10). This quasi-blockage
corresponds to total blockage in any real application,
since no pump can provide a constant flow for any pressure
drop. Therefore, the quasi-blockage condition is simply
referred to as blockage in this chapter.

Tables 5.1 to 5.4 show blockage times for all the
optimum heat pump designs, for no water flow reversal,
water flow reversal every 300 s and reversal every 600 s.
The results show that, in general, reversing the water flow
direction delays duct blockage. The tables show some
exceptions in which blockage occurs earlier for the heat
pumps with reversal. This is an inaccuracy in the
calculations caused by the need for using finite tolerances
in the iteration process. Periodic water flow reversals
are expected to always delay ice blockage. Figure 5.12
also illustrates blockage times as a function of water flow
rate for no water flow reversal, reversal every 300 s and
reversal every 600 s. The following parameters are used 1in
the figure, 1=20 m, R,=0.01 m and N=8. The figure shows a

slow increase in time with an increasing flow rate, until



reversal, 300 s

16000 -
. 12000
= reversal, 600s
E
g 8000
%

4000 -

no reversal
0 T T T
2.00 2.50 3.00 3.50 4.00

Figure 5.12

water flow rate (07m’/s)

Duct blockage times as a function of water flow rate
for three cases, no water flow reversal, water flow
reversal every 300 s, and water flow reversal every
600 s. The results are shown for a heat pump with
1=20 m, Ro=0.01 m, and N=8.



139

the curve reaches a point where the time increases
suddenly. The points where the curve reaches the 20000 s
mark are points for which blockage never occurs, and
therefore the heat pump can operate as a water-source heat
pump, without ever requiring deicing. The figure shows
once more the retarding effect on blockage that the flow
reversals have, with the 600 s reversal cycle being the
most effective in retarding blockage.

Figure 5.13 shows steady-state exergetic efficiencies
for water-source heat pumps under the same conditions as
those of Figure 5.12. As discussed above, the steady-state
exergetic efficiency of a water-source heat pump is greater
than zero only for water flow rates at which there is no
duct blockage. The figure also shows the optimum exergetic
efficiencies for the three cases. The figure shows two
major advantages of the curve corresponding to reversal
every 600 s. The first was discussed in the previous
paragraph, and is the fact that reversal every 600 s
retards ice blockage better than the other two conditions.
The second advantage is given by the relative position of
the optima respect to the blockage flow. It can be seen
from the figure that the difference in flow rate between
the blockage flow rate and the optimum flow rate is very
small both for the no reversal and the reversal every 300
s, while for the 600 s case the difference is substantially
larger. Having the two flow rates so close to each other

may cause operation problems , because small oscillations
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in flow rate or water temperature may cause duct blockage.
Therefore, the 600 s reversal cycle protects the system
better against duct blockage due to changes in conditions.

The small difference between the optimum flow and the
blockage flow is due to the high cost of pumping the water.
The results indicate that the best designs are those in
which the water flow rate is just enough to keep the duct
from getting blocked. This result applies to both water-
source and ice-maker heat pumps, and agrees with previous
studies on water-source heat pumps (Mei, 1983; Reistad et
al., 1984), where it was concluded that the high cost of
water has an important effect on water-source heat pump
designs.

Figure 5.14 shows steady-state ice profiles for no
reversal and reversal every 300 s, with 1=20 m, Rgo=0.01 m,
N=8 and V=4x10"% m3/s. The ice profile for the no reversal
case does not change with time. The ice profile for the
reversal case changes in form, but it does so cyclically,
so that the ice shape at a time t is equal to the ice shape
at a time t+600 s. The figure shows ice profiles for the
reversal case along one of the cyclical variations. The
curves are shown for three times along the cycle,
immediately after a reversal, 100 s after the last flow
reversal and 200 s after the last reversal. These curves
show that, after each reversal, some melting occurs at the
entrance of the duct, while some ice forms at the exit.

This changes radically the shape of the ice profile, and
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reduces the duct blockage at the point of maximum
blockage. This is very important for reducing the total
pressure drop, since pressure drop in a highly blocked
annular section is inversely proportional to the cube of
the free radial distance. Therefore, in the no reversal
case, most of the pressure drop in the duct comes from the

segment between 19 and 20 m along the evaporator.

5.5.7 Effect of Pumping Head: Pumping power is the sum of

two different contributions. The first is the power
required to overcome the pressure drop through the
evaporator, and the second is the power required to pump
the water through a specified pumping head. This head is
considered to be necessary to pump the water from a
reservoir to the heat pump. Figure 5.15 shows the total
pumping power for different pumping heads, for a water-
source evaporator with 1=20 m, Ry=0.01 m, N=8, and no
reversal. The curve for no head, labeled 0 m, represents
the power required to pump the water through the
evaporator. This power decreases rapidly with an increase
in flow rate, as the blockage conditions disappear. The
curve then levels off, the pressure drop reaches a minimum,
and then there is a very slight pressure drop increase.
This increase is due to the high water flow rate being
circulated. The curves for other pumping heads show very
notorious minima, as pumping the fluid becomes more costly.
The minimum point represents a balance point. Decreasing

the flow rate from the minimum point causes a growth in the
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ice thickness that produces an aditional pressure drop.
Increasing the flow rate from the minimum produces an
additional pressure drop due to the need to pump the extra
fluid through the given head.

Figure 5.16 shows the COP values for the same
evaporator and the same heads used for Figure 5.15. The
curve for zero head shows no optimum in the range of water
flow rate being used. The COP Keeps increasing with an
increasing water flow, due to the low cost of pumping the
water. There may be an optimum for this case, as the
pressure drop keeps increasing with water flow rate, but it
would be reached only at extremely high water flow rates.
The COP curves corresponding to heads larger than zero
present a maximum, and then a slow decrease as the water
flow rate increases. It can be observed from the figure
that the optimum COP shows a wide variation as a function
of the pumping head, from 3.09 with a head of 10 m, to
2.63 with a head of 50 m. Therefore, the pumping head has
an important effect on the heat pump COP, and may
determine whether a heat pump is competitive as compared
with other technologies. However, although the COP varies
substantially as a function of the head, the optimum flow
rate does not vary much, from 4.2x10"4 m3/s to 4.6x1074
m3/s for values of the head between 10 m and 50 m. The
reason for this is that, even with a small pumping head,
the cost of pumping the water is high enough to affect

substantially the heat pump COP. Therefore, the conclusion
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Heat pump COP as a function of water flow rate for
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reached in the previous section, that the optimum flow
rate always corresponds to rates just high enough to aveoid

duct blockage, holds for any reasonable pumping head.

5.5.8. Effect of the frequency of water flow reversals: The

work shown up to this point indicates that periodic water
flow reversals improve the heat pump efficiency and delay
the blockage of the ducts. This improvement has been
explained in previous sections as due to a partial deicing
caused by the reversal of the liquid.

Every water reversal cycle cause some duct deicing.
Therefore, it may be thought that heat pump performance
increases as the reversing period decreases, with an
optimum period length corresponding to almost instantaneous
reversals, making long water reversal cycles undesirable.
However, a reversal cycle is not useful to deice the
evaporator if the water does not have time to melt some of
the ice at the duct entrance before a new reversal occurs.
This is shown in Figure 5.14. This fiqure shows the ice
profiles for reversal every 300 s. The curves show that,
although some change in the ice profile takes place along
the cycle, more ice melting at the entrance of the duct
could be possible. 1In contrast, Figure 5.17 shows ice
profiles for the same conditions used in Figure 5.14 for a
reversal cycle of 600 s (water-source heat pump in steady-
state, with 1=20 m, Ry=0.01 m, N=8 and V=4x10"% m3/s). The
profiles not only show a substantial meltiné at the

entrance of the duct, but also a better distribution of the
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Ice profiles along the evaporator for water flow
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ice along the duct that reduces the total pressure drop

and delays ice blockage as compared to those of Figure
5.14. As a consequence of this, a reversal cycle every 600
s is more useful to delay ice blockage in the ducts, as
previously shown in Figure 5.12.

Reversal cycles of extremely long duration do not
cause any improvement in efficiency either, since the ice
profiles approach the shape of the no reversal case,
causing a premature duct blockage and increased pressure
drop. Therefore, there may be a duration of the reversal
cycle that provides an optimum protection against blockage,
and therefore a maximum efficiency at low water flow rates.

Figure 5.18 illustrates the existance of this optimum.
The figure shows blockage times as a function of water flow
rate for an evaporator with 1=20 m, Ry=0.01 m and N=8, and
for different durations of the reversal cycle. The results
indicate that 600 s is the optimum reversal cycle length,
because it delays duct blockage for the longest time.
Shorter and longer cycles do not perform so well in
delaying blockage, due to the reasons previously
discussed. However, they still delay blockage for a long

period of time when compared to the no reversal case.

5.6 Conclusions

This chapter has presented the optimization of water-
source and ice-maker heat pumps. Five different

optimizations are performed. The objective function is
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always the exergetic efficiency, but this is evaluated for
a water-source heat pump operating in steady-state, as well
as for four different operation cycle lengths (30 min, 1
hour, 2 hours and 4 hours) for ice-maker heat pumps. The
results show sets of optimum designs for each one of the
five objective functions being used. All the calculations
were done for three different cases, water flow direction
reversal every 300 s, reversal every 600 s and no reversal,
to appreciate the effect of water flow reversals on the
heat pump performance.

This analysis is concerned mainly with improving the
evaporator design. Therefore, the optimization is
conducted by using only evaporator parameters as decision
variables. All the high-pressure-side parameters of the
heat pump are kept fixed during the optimization. The
decision variables are the number of evaporator circuits in
parallel, the length and radius of an individual evaporator
duct, and the water flow rate.

The use of the exergetic efficiency as objective
function makes it necessary to establish maximum allowable
values for the evaporator dimensions, otherwise the optimum
designs would be unreasonably large.

Water cost is a very important factor in water-
source heat pump analyses. This analysis takes into
account this cost by considering that the water has to be
pumped from a water reservoir, and that the total head

required to pump the water from the reservoir to the heat
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pump is 50 m. The effect of varying the pumping head is
also analyzed (Section 5.5.7).

Many important conclusions were pointed out earlier in
this chapter. These conclusions are summarized in the next
part of this section, as follows.

1. The results shown in Table 5.1 are designs for heat
punps that operate mainly as ice-maker heat pumps. Some
desirable characteristics of ice-maker heat pumps as
indicated from the table are low water flow rate and a
large duct radius.

2. Heat pumps obtained from Table 5.5 operate as water-
source heat pumps, with no ice formation once the steady-
state is reached. The table indicates that some desirable
characteristics for water-source heat pumps are a high
water flow rate and a small radius.

3. Heat pump efficiency is different for the two water
flow directions relative to the refrigerant flow direction.
The efficiency for the counterflow case is higher than the
efficiency for the parallel flow case.

4. Heat pump efficiency decreases as a function of time due
to ice formation. Ice formation on the surfaces reduces
the efficiency in two different ways. Ice on the surfaces
insulates the evaporator, reducing its heat transfer
performance. Ice buildup also decreases the flow area,
causing an increase in pressure drop.

5. All the optimum designs have the maximum allowable

number of evaporator circuits in parallel and duct length,
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because the objective function does not take into account
the cost of area. However, the radius has optimum designs
at the minimum allowable dimension for some periods of
time. The reason for this is that a small radius is
desirable to enhance the heat transfer in the water side.
6. Section 5.5.5 shows a material exergy analysis for the
evaporator. The material exergy analysis takes into
account the cost of area in terms of parameters that,
unlike economic parameters, are not subjected to wide
variations. The analysis is used to fix upper bounds on
evaporator dimensions. These upper bounds limit the
maximum evaporator size that can be obtained from economic
analyses.

7. The results show that the optimum water flow rate is
barely high enough to avoid duct blockage during the heat
pump operation cycle. This is caused by the high cost of
pumping the water, and holds true for any reasonable
pumping head.

8. The results show that there is an optimum frequency of
water flow reversals. This optimum frequency causes the
maximum delay of ice blockage and the maximum efficiency.
If the water flow reversals take place more frequently than
the optimum, the reversal does not have time to cause
substantial evaporator deicing. If the water flow
reversals take place less frequently than the optimum, the
ice profile starts approaching its value for no reversal,

causing substantial pressure drop and early blockage.
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9. Water flow direction reversals have two major effects.
The first effect is an increase in efficiency with respect
to the no reversal case, and the second is a delay in the
evaporator duct blockage. This delaying effect may be of
such magnitude as to avoid blockage altogether for some
water flow rates. While an efficiency increase has a big
importance on its own, a delay in duct blockage is of
extreme importance for ice-maker heat pumps (Table 5.1),
because a delay allows them to operate for a longer time
without the need for costly cycle reversals that reduce
performance and may damage the compressor. For water-
source heat pumps (Table 5.5), reversing the water flow
direction increases the difference between the optimum
water flow rate and the flow rate that causes blockage.
This is of great importance, because in the no reversal
case this difference is so small (3x107° m3/s), that it
would not be safe to operate with the optimum flow rate,
since small variations in water flow rate or temperature
could cause duct blockage. So the efficiencies shown in
Table 5.5 for water-source heat pumps with no reversal
cannot be reached in a practical case. Higher flows have

to be used to avoid the possibility of blockage.
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VI. IRREVERSIBILITY ANALYSIS

6.1 Introduction

Irreversibility analyses (second law analyses) have
been used in the past to search for possible ways to
improve heat pump performance (Wepfer et al., 1979).

Second law analyses present a different, complementary,
viewpoint from that given by a conventional energy
analysis. Therefore, second law analyses can be used 1in
conjunction with energy analyses to point more readily to
design improvements.

This chapter presents an irreversibility analysis of
the water-source heat pump described in the previous
chapters. The study is concerned exclusively with the
steady-state behavior of the heat pump, but the analysis
could be easily extended to cover the transient state.

The chapter starts by showing a summary of first law
magnitudes (energy inputs and heat losses) that exist in
the heat pump. Then, the chapter includes a description of
the procedure used for calculating exergies and
irreversibilities in the heat pump components. After this,
a section presents an optimization of the evaporator as an
individual (isolated) component. This is done by using two
different evaporator-only objective functions. Both of
these objective functions are based on second-law

parameters. The first is a non-dimensional form of the
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total irreversibility generation in the evaporator, and

the second is a weighted sum of the irreversibilities, also
written in a non-dimensional form. While both objective
functions are evaporator-only parameters, the weighted
irreversibility equation takes into account the interaction
of the evaporator with other components. The effect of
taking into account these interactions is studied and
discussed.

A later section shows the irreversibility generation
in each heat pump component, as well as local
irreversibility generation rates in the evaporator. The
last section presents the conclusions that can be drawn

from the analysis.
6.2 Heat Pump Energy Values

The heat pump model used for this analysis (ORNL
model; see Fischer et al., 1988) allows the user to specify
the work input in the fan, as well as the heat losses in
the different components and connection lines. The values
used for this analysis are obtained from a sample file of
the program (EXAMPLE1l.HET), and are listed next,

fan energy input, Wgzn = 575 W

discharge line heat loss, Qqjsln = 443 W

liquid line heat loss, Qjjgqin = 436 W

suction line heat loss, Qgyclpn = —275 W

compressor can heat loss, Qczp = 9.5% of compressor

power inlet.
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The negative sign in Qgucin indicates that heat
transfer takes place from the environment to the
refrigerant. The compressor energy consumption is
calculated from a performance map as a function of the
inlet and outlet compressor saturated temperatures. The
water pump energy consumption is calculated assuming a
constant efficiency equal to 0.3. Pump work is required
for two purposes. The first is to pump the water through
the evaporator duct. The energy consumption required for
this is calculated from the basic fluid mechanics equation
for the water (Chapter 3). The second purpose is to pump
the water from a water reservoir to the heat pump. This
power is taken into account by assuming that the pump has
to overcome a total head of 50 m to pump the water into the

heat pump.
6.3 Irreversibility and Exergy Calculations

Two alternative methods to calculate irreversibilities
have been used in the past. The first method is to use the
Gouy-Stodola relation. This relation establishes that the
irreversibility is proportional to the rate of generation
of entropy, with the proportionality constant being equal
to the temperature of the dead state (see discussion
below). The second method consists of using an exergy
balance method. Since irreversibility represents the
destruction of useful work (exergy), the irreversibility

can be calculated as the difference between inlet and
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outlet exergies. While both the Gouy-Stodola and the
‘exergy balance methods are perfectly equivalent, the exergy
balance method has been applied extensively in the past to
heat pump analysis (Reistad, 1973; Tsaros et al., 1987;
Crawford, 1988), and is the method used in this analysis.

All exergy and irreversibility calculations require
the selection of a dead state. An appropriate dead state
temperature for a water-source heat pump is that of the
inlet water, since this acts as a low-temperature
reservoir. The water being fed into the heat pump is at
atmospheric pressure, and therefore this is used for the
dead state pressure. Wepfer and Gaggioli, 1980, recommend
the use of a dead state pressure equal to the saturation
pressure of the refrigerant at the dead state temperature.
However, the dead state pressure does not appear in the
irreversibility results, since it cancels out in the
exergy balances, and therefore the selection of a dead
state pressure has no effect on the results of this
analysis.

The irreversibilities in the heat pump components are

calculated by using the following expression (Crawford,

1988),
I =W+ S(mjp EXipn) - Z(Mgout EXout) + =(1-To/Ti)Qj (6.1)

in this equation, I is the irreversibility generation rate,
W is the work rate, m is the mass flow rate, Q is the heat

transfer rate, T, is the dead state temperature, and EX is
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the flow exergy, given as,

EX = (h-Tgs) = (hg-Tgsp) (6.2)

Equation (6.1) takes the following forms when applied
to the different heat pump components.

For the compressor,

Icomp = Weomp t Mr (EXcomp,in ~ EXcomp,out) (6.3)

For the condenser and fan,

Icond = Wean + My (EXcond, in ~ EXcond, out) (6.4)
+ Mair (EXair,in - EXair,out)

For the expansion device (considered adiabatic),

Iexp = My (EXexp,in ~ EXexp,out)
(6.5)
= My (Sexp,out ~ Sexp,in)

For the evaporator and connecting lines from the water

reservoir to the heat pump,

I = my (EXe,in - EXg out)

(6.6)
+ me (EXf pump,out ~ EXf,e,out)
For the water pump,
Ipump = Wpump + mf (Exf,pump,in - Exf,pump,out) (6.7)
= (1-n) Wpump
For the connecting lines,
Iiine = ®y (EXjine,in ~ EXline,out) (6.8)

in this last expression, the subscript line can represent
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either the suction, discharge or liquid lines.

Heat losses to the environment do not appear in the
equations, because energy losses to the environment are not
recoverable as work, and therefore are considered as
irreversibilities.

The present analysis also divides the
irreversibilities in the evaporator as pressure drop
irreversibilities and heat transfer irreversibilities.
Although the exergy balance method of irreversibility
calculation is not as convenient for separating both
irreversibility components as the Gouy-Stodola relation,
the separation can still be accomplished by using a method
outlined by Ranasinghe et al., 1989. 1In this method, the
total irreversibility is first calculated. Then, the
pressure drops are made equal to zero and the
irreversibility calculations are repeated. The
irreversibility calculated with no pressure drop is the
thermal irreversibility. Once the total and thermal
irreversibilities are calculated, the pressure drop
irreversibility can be calculated by using the following

expression,

Idp = I - Igr (6.9)

This method is expected to give exact results in the
case of incompressible fluids. However, when any of the
fluids is compressible, or if one of the fluids evaporates

or condenses, the results are only approximate. This is
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because there are two components of pressure drop.
Frictional pressure drop and acceleration pressure drop
(Chapter 3). The pressure drop irreversibility is only
caused by the frictional pressure drop, since the
acceleration pressure drop is recoverable as work. Making
equal to zero the total pressure drop is equivalent to
neglecting the acceleration pressure drop compared to the
friction pressure drop. Fortunately, this is not a bad
assumption in this case, since friction pressure drops were
found to be at least an order of magnitude higher than
acceleration pressure drops.

Heat transfer irreversibilities can also be calculated
by a method given by Tsaros et al., 1987. This method
calculates heat transfer irreversibility by evaluating the
exergy lost by the refrigerant due to heat transfer and the
exergy gained by the water due to the same heat transfer.
The difference between the exergy lost by the refrigerant
and the exergy gained by the water is the heat transfer
irreversibility in the heat exchanger.

The two methods were used to calculate the total heat
transfer irreversibility for the overall optimum water-
source heat pump (1=20 m, R,=0.01 m, N=8 and V=4.2x10"%
m3/s). The results are shown in Figure 6.1. The results
show a good agreement in the whole range, with small
differences caused by acceleration pressure drops and
errors in calculating average temperatures (the method by

Tsaros et al. requires the calculation of average heat
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transfer temperatures). Therefore, the two methods are

considered equivalent.
6.4 Second-Law Optimization of the Heat Pump Evaporator

This section shows an optimization of the water-source
heat pump evaporator described in the previous chapters.
Chapter 5 presented the optimization of the overall water-
source heat pump. All the decision variables used for the
optimization were selected as evaporator parameters.
Therefore, the results in Chapter 5 give a set of
evaporator parameters that maximizes the efficiency of the
overall heat pump.

This section shows a restricted (single degree of
freedom) optimization of the water-source evaporator. The
objective functions used in this section are not overall
heat pump performance factors, but rather evaporator
irreversibility generation rates. Therefore, this section
shows an "isolated" optimization of the evaporator. The
optimization is done with respect to two objective
functions, one of which does not take into account the
interaction of the evaporator with other components and
another one that does. The purpose of this section is to
present the methodology and compare the results of these
optimizations with the design fhat optimizes the overall
heat pump obtained in chapter 5. This section describes
first the objective functions used, the design variable and

other dimensions, and then the optimization results.
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6.4.1 Objective Functions: Two objective functions are

used for this optimization. Both of these are evaporator-
only irreversibility generation rates, and are presented
next.

a) Irreversibility generation rate: The first objective
function used here is the total irreversibility generated
in the evaporator. Since the evaporator duty (heat
transfer rate) is not constant, the total irreversibility
generation rate is scaled by dividing it by the evaporator
duty. This gives a non-dimensional irreversibility
generation rate, similar to that defined by Bejan, 1978, as
the number of entropy generation units.

Irreversibility generation in the evaporator includes
pressure drop irreversibilities in the water and
refrigerant sides, as well as a heat transfer
irreversibility. The heat transfer irreversibility in the
evaporator can be written as the result of substracting the
exergy dgained by the water from the exergy lost by the
refrigerant as both fluids circulate through the
evaporator. The total irreversibility generated in the
evaporator can then be written as,

I = Igpr * Tapr + (EXe,in ~ EXe,out) - EXf, out
(6.10)

In Equation (6.10), the initial exergy of the water 1is
zero. Therefore, the exergy gained by the water is equal
to the outlet water exergy. The objective function is

given by Equation (6.10) divided by the evaporator duty.
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As can be seen, all the parameters included in the

analysis are evaporator variables, and therefore this
method does not account in any way for interactions between
the evaporator and other components.

b) Weighted irreversibility generation rate: In this
method, the total irreversibility generation rate, given by
Equation (6.10) is modified by introducing weight factors,
as follows,

Iw = Igpr Wapr * Idapf Wapr + (EXe,in ~ EXe,out) Wdtr(6 11)

- EXf,out Wf,out

The weight factors have the purpose of taking into
account the interactions of the evaporator with the other
heat pump components. The weight factors have been used by
London and Shah, 1983, to take into account the cost of
each irreversibility in the overall system. The weight
factor associated with each type of irreversibility
represents the additional irreversibility generation in the
whole system caused by an extra unit of the given type of
irreversibility. Therefore, W3pr represents the added
irreversibility generation in the overall system caused by
a unit increase in Igpy, and the same applies for all the
other weight factors in Equation (6.11).

Some of the weight factors can be determined
immediately from the system structure. The pressure drop
irreversibility in the water side is overcome by a pump
that has an efficiency equal to 0.3. Therefore, an extra

unit of pressure drop irreversibility causes an increase in
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pumping power equal to 1/0.3 = 3.33. Since all this
pumping power is spent in overcoming pressure drops or
pumping heads, all the added energy fed to the pump
eventually becomes a system irreversibility. Therefore,
Wdpf=3.33. The exergy of the cold water that flows out of
the evaporator has some value because it could be used for
seasonal thermal storage, where the cold water is stored to
provide air conditioning during the summer months (Fischer
and Nephew, 1976). However, seasonal thermal storage
requires substantial extra hardware, like a big storage
tank and control instruments, and this option is not
considered here. Therefore, the value of this exergy is
considered equal to zero for this analysis, and Wg out=0.
The weight factors for the refrigerant pressure drop
and the refrigerant thermal exergy loss depend on
interactions with the rest of the heat pump components, and
therefore cannot be evaluated directly. However, the
existence of a simulation code for the overall heat pump
makes it possible to use the method presented by
Ranasinghe et al., 1989, to evaluate these weight factors.
This method is basically a numerical calculation of the
weight factors. To calculate Wapr by using this method, a
small additional pressure drop is introduced arbitrarily in
the simulation code. This causes an increase in the
refrigerant-side pressure drop irreversibility, and also an
increase in overall heat pump irreversibility. Dividing

the increase in overall heat pump irreversibility by the
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increase in refrigerant-side pressure drop irreversibility
yields the value of the weight factor for pressure drop.
Doing this calculation results in Wgpry=2.45.

Introducing a small pressure drop in the simulation
code causes an increase in pressure drop irreversibility in
the refrigerant side, and an increase in overall system
irreversibility. However, it also causes changes in the
thermal irreversibility and in the water-side pressure drop
irreversibility. The method used to calculate Wgypy,
described in the previous paragraph, assumes that these
changes in other irreversibility sources are small
compared to the changes in pressure drop irreversibility in
the refrigerant side and overall heat pump irreversibility.
Although this is true in the calculation of Wgpy, it is not
the case in the calculation of Wgty. The calculation of
Watr requires correcting the change in total
irreversibility generation to take into account the changes
in other irreversibility sources, as discussed next.

To calculate Wgty, the inlet water temperature is
reduced by a fraction of a degree. This produces a change
in thermal irreversibility and a change in total heat pump
irreversibility. However, reducing the water temperature
also produces an increase in pressure drop irreversibility
in the water side (an increase in pumping power). This
increase exists because reducing the water temperature
increases the duct blockage by ice in the duct. Therefore,

more power is required to pump the water through the duct.
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This increase in pumping power is not negligible. In this
case, the increase in overall heat pump irreversibility has
to be corrected by substracting to it the increase in
pumping power. The result of this substraction is then
divided by the change in thermal irreversibility to obtain
W3ty The resulting value for Wgtpy is 0.84. With these
values for the weight factors, the objective function
becomes,
Iy = 2.45 Igpy + 3.33 Igpr + 0.84 (EXe,in - EXe,out)
(6.12)
The objective function is Equation (6.12) divided by

the evaporator duty.

6.4.2 Decision Varjable and Evaporator Parameters: This

analysis presents a single-degree-of-freedom optimization
of the evaporator. The decision variable is the water flow
rate into the evaporator. There is necessarily an optimum
value of the water flow rate, because low water flow rates
produce duct blockage by ice and this increases
substantially the pressure drop. Increasing excessively
the water flow rate also causes a decrease in heat pump
performance, due to the high pumping power necessary to
pump the water through the 50 m head and through the
evaporator (see Chapter 5).

The other evaporator parameters are fixed at the
values obtained for the optimum evaporator, as calculated

in Chapter 5 and given in Table 5.5. These values are
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1=20 m, Ry=0.01 m, and N=8. Other heat pump parameters are

fixed at values given in Section 4.4.

6.4.3 Optimization Results: Figures 6.2 and 6.3 show

respectively the total irreversibility generation and the
weighted irreversibility, as given by Equations (6.10) and
(6.12). The curves have about the same shape. In the low-
flow range, ice blockage in the duct dominates, producing a
substantial increase in pressure drop. High flow rates
cause increases in pumping power. The optimum point is a
balance between these two factors. The optimum points are
equal for the two figures, and also coincide with the flow
that optimizes the overall heat pump (4.2x10~% m3/s).

Dividing Equations (6.10) and (6.12) by the evaporator
duty results in the non-dimensional irreversibility curves
shown in Figure 6.4. The evaporator duty is fairly
constant throughout the range of water flow rates, and
therefore dividing both equations by the duty does not
change the shape of the curves or the optimum point. The
optimum points again correspond with the design that
optimizes the overall heat pump.

Figure 6.5 shows the ratio between pressure drop and
heat transfer irreversibilities in the evaporator. This
ratio has been titled irreversibility distribution ratio by
Bejan, 1979. Bejan also pointed out that this ratio should
have a value close to unity at the optimum point. This is
true here. 1In additicn to this, the irreversibility

distribution ratio has its minimum value at the optimum
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point. This can be expected in a system like the one
analyzed here, where the trade-off that determines the
optimum is between two different sources of pressure drop,
and thermal irreversibility does not have much effect in
determining the optimum.

The results presented here show that both objective
functions yield an optimum evaporator that coincides with
the evaporator that optimizes the overall heat pump. This
result is expected for the weighted irreversibility
objective function, since this takes into account the
interactions with other heat pump components. The use of
the weighted irreversibility objective function should’
always yield designs that optimize the overall system for a
variety of complex systems. The use of the irreversibility
objective function also resulted in the design that
optimized the overall system. However, this is not the
case in most instances, because the irreversibility
objective function does not take into account any
interaction of the evaporator with other components. The
optimum design coincided in this case with the optimum for
the overall system because the operation conditions of the
heat pump are not greatly affected by changes in the water
flow rate, and therefore the interactions that would
deviate the irreversibility optimum from the overall
optimum are small.

Even though both methods were equally successful in

calculating the optimum for the overall system, Figure 6.4
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shows that the weighted irreversibility objective function
reflects more accurately the real cost of irreversibility.
Figure 6.4 shows that the irreversibility generated in the
evaporator increases very slowly for water flow rates
higher than the optimum. Therefore, a designer may think
that operating the heat pump with a very high water flow
rate, like 6x10™% m3/s, is almost as good as operating at
the optimum flow rate. The weighted irreversibility
objective function takes into account pump inefficiencies,
and therefore shows that operating the water at high water

flow rates produces a significant decrease in performance.

6.5 Irreversibility Analysis of the Optimum Heat Pump

This section shows the results of the irreversibility
analysis of the optimum heat pump obtained in the previous
section. The heat pump model (ORNL model) uses lumped
analyses for the compressor, condenser, expansion device,
and connecting lines. Therefore, only overall
irreversibility generation values are reported for these
components. The evaporator irreversibility calculations
include an evaluation of local irreversibility rates along
the circuits.

Table 6.1 shows second-law values for the heat pump.
The table includes energy input to components, exergy gain
rates and irreversibility values. All values are expressed
in Watts, and then as a percentage of the total work input.

The table also includes two different exergetic
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Table 6.1 Second-law values for the optimum water-source
heat pump. The table shows power consumption rates, exergy
gain rates, irreversibility generation rates, and two
different exergetic efficiencies for the system, one that
takes into account the exergy of the water, and another
that does not. All energy and irreversibility rates are
expressed both in Watts and as a percentage of the total
work input.

energy inputs W %
compressor 2600 66.4
fan 574 14.7
water pump 743 19.0
exergy gains W %
compressor air 821 21.0
evaporator water 82 2.1
irreversibility generation W %
compressor 978 25.0
discharge line 106 2.7
condenserl 934 23.8
liquid line 31.4 0.8
flow control device 60.8 1.6
evaporator? 391 10.0
water pump 522 13.3
suction line 4.7 0.2
exergetic efficiencies %
including water exergy 23.0
not including water exergy 21.0

1 Includes fan power

2 Includes irreversibility in the lines connecting the
water reservoir with the heat pump.
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efficiencies for the system. The first includes both the

exergy of the water and the air, and the second takes into
account only the exergy of the air. The results show that
using the exergy of the water for cool storage results in

an increase in efficiency of 2%.

As can be expected, the compressor is the main
contributor to the total irreversibility. The heat
exchangers also contribute substantially to the
irreversibility, with the condenser producing most of the
irreversibility (the irreversibility generation in the
evaporator is only about 40% of that generated in the
condenser). This is caused by the differences in
temperatures between these components and the dead state.
The evaporator interchanges heat at a temperature close to
that of the dead state, while the condenser temperature is
substantially higher than the dead state temperature. The
high irreversibility generation rate in the condenser calls
for increased condenser area.

For the evaporator, the irreversibility distribution
ratio, Iqp/IaT (Figure 6.5), gives valuable indications on
possible improvements. In general, a very low
irreversibility distribution ratio indicates that it is
convenient to use fins, or some other heat enhancement
device (Liang and Kuehn, 1988). However, in this case, the
ratio has a high value. This indicates that pressure drop
irreversibilities play the main role in the heat pump

performance. Therefore, it would be convenient to reduce
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pressure drop irreversibilities in the evaporator, either
by avoiding duct blockage due to ice or by reducing the 50
m head existing between the water reservoir and the
evaporator.

The irreversibility generated by the water pump is
also significant, and the possibility of using a pump with
a higher efficiency for this type of application should be
explored.

Figure 6.6 shows local pressure drop irreversibility
generation rates and thermal exergy losses in the
evaporator as a function of the position along the duct.
The thermal exergy loss in the refrigerant side shows a
sharp peak near the end of the duct. This peak exists
because at this point most of the refrigerant becomes
vapor. This causes a substantial decrease in the heat
transfer coefficient. The pressure drop in the
refrigerant side increases substantially near the end of
the duct, again because most of the refrigerant has boiled
into vapor. Vapor flows at a higher speed than liquid,
producing an increase in pressure drop. The pressure drop
irreversibility in the water side increases sharply at the
end of the duct (water and refrigerant flow
countercurrent, so the entrance of the duct for the
refrigerant is the end of the duct for the water). This
sharp increase is due to duct blockage by ice. The ice
profile inside the duct has been shown in the previous

chapter. The thermal exergy loss in the water side is
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negative, because the water gains exergy along the

evaporator.

6.6 Conclusions

This chapter has presented an irreversibility analysis
of the water-source heat pump described earlier in the
thesis. The chapter includes a second-law optimization of
the evaporator with respect to two different objective
functions. The purpose of this optimization is to
illustrate the methodology and compare the optimum results
with the optimum design obtained previously in an overall
heat pump optimization (Chapter 5). Once the optimum
design is obtained, irreversibility and exergy values are
calculated for the optimum heat pump system.

The two objective functions used for the optimization
are the total irreversibility generation in the evaporator
divided by the evaporator duty, and a weighted evaporator
irreversibility rate, also divided by the duty. While the
irreversibility objective function does not take into
account interactions of the evaporator with other heat pump
components, the weighted irreversibility objective function
takes into account these interactions through the use of
the weight factors. The weight factors are calculated
either directly from the system structure or by using the
heat pump simulation program, according to a procedure
shown in the chapter.

The results of the optimization yield optimum designs
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for both objective functions that coincide with the
optimum for the overall system. While this is expected for
the weighted irreversibility objective function, it is
unusual for the total irreversibility objective function,
since this does not take into account interactions with
other heat pump components. The reason for these two
optimum designs being equal is that the optimization is
restricted to a single decision variable, and changes of
this variable in the whole range do not change
substantially the operation conditions in other heat pump
components. This limits the interactions that would
otherwise deviate the minimum irreversibility evaporator
from the overall system optimum.

The results also show the ratio of pressure drop
irreversibility to heat transfer irreversibility in the
evaporator (irreversibility distribution ratio). This
ratio has a fairly high value for the whole range of
conditions. This high value exists because the trade-off
that determines the optimum is not between heat transfer
irreversibility and pressure drop irreversibility, but
rather between pumping power caused by duct blockage by ice
and pumping power due to excessive water flow. The high
ratio indicates that it would be very convenient to reduce
the ice blockage in the duct or the pumping head required
to pump the water from the water reservoir to the
evaporator. However, neither of these options may be

feasible in most cases.
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The irreversibility analysis of the optimum heat pump
indicates a very high condenser irreversibility and a
fairly low evaporator irreversibility. While this is due
partly to the temperature differences at which each of
these components interchange heat with respect to the dead
state, the result indicates that an increase in condenser
area may help improve efficiency. The water pump is also a
major source of irreversibility in the heat pump.
Therefore, there is a substantial potential for

improvement in this system by using a more efficient water

pump.
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VII. CONCLUSIONS AND RECOMMENDATIONS FOR FUTURE WORK

7.1 Conclusions

This thesis has presented a theoretical and numerical
evaluation of water-source evaporators with freezing. The
purpose of the thesis is to obtain improved heat pump
performance by using the flow reversal method and selecting
appropriate evaporator geometries. The thesis includes an
introduction and literature survey, a theoretical and
numerical evaluation of ice-maker evaporators, a
description of a water-source/ice-maker heat pump
simulation model, an optimization based on the heat pump
model previously described, and an irreversibility analysis
of the water-source heat pump. This section summarizes the
main conclusions reached in each one of the parts of this
thesis.

The theoretical analysis of the ice-maker evaporator
uses a simplified model of a flat-plate evaporator immersed
in a water reservoir. The purpose of this section is to
find the water temperature in the reservoir that minimizes
the total cost of operating the evaporator. The
optimization is carried out with the cost of deicing the
evaporator as a parameter. The calculation of evaporator
performance as a function of water temperature and deice
cost is then repeated for an overall heat pump system by

using a detailed heat pump simulation code. This heat pump
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simulation model is used to test the generality of the
conclusions obtained from the theoretical analysis.

Even though there are great differences between the
theoretical and the numerical evaporator models, the
results obtained from both analyses agree in three
important aspects. First, the heat pump simulation
results indicate that heat pumps operating with no penalty
for deicing should have a short operation cycle (operate as
an ice-maker heat pump), in agreement with the results
obtained from the evaporator analysis. Second, the heat
pump simulation results and the evaporator results show a
close relationship between water temperature and optimum
operation cycle length. Third, the results obtained from
both analyses indicate that the optimum heat pump
corresponds in almost every case to either an ice-maker
heat pump (frequent evaporator deicing) or to a water-
source heat pump (no evaporator deicing). Intermediate
conditions (heat pumps with a long operation cycle that
require deicing) should be avoided, because they only
rarely correspond to the optimum. In this way, all the
main conclusions obtained from the theoretical analysis
are true also for a detailed heat pump simulation.
Therefore, these conclusions are expected to have a very
extended validity.

Two evaporator geometries are analyzed for application
to the overall heat pump simulation. Both evaporators are

tube-in-tube heat exchangers with the water circulating in
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the annulus and the refrigerant circulating in the inner
tube. The difference between the two geometries is that
one evaporator has four fins uniformly spaced in the water
side, and the other evaporator has no fins. While the
finned duct is expected to perform better than the
evaporator with no fins, difficulties with the simulation
code make it impossible to use this model for the overall
heat pump model. Therefore, the heat pump simulation is
based on the evaporator model with no fins.

The heat pump simulation uses the evaporator model
previously described along with a steady-state model that
simulates the high-pressure side of the heat pump. The
steady-state model allows calculation of time-dependent
heat pump performance during normal operation, because the
heat pump can respond very fast to changes in evaporator
conditions, so that it operates practically at steady-state
all the time (quasi-steady-state). However, the model
cannot be used to predict heat pump performance in highly
time-dependent situations, such as deice cycles.
Therefore, the heat pump model used here cannot be used to
predict efficiency losses due to deicing.

The heat pump optimization calculations include an
extensive evaluation of the effect that evaporator
parameters have on heat pump performance. In addition, the
calculations evaluate the advantages of using the flow
reversal method. The results indicate that water flow

direction reversals have two major effects. The first
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effect is an increase in efficiency with respect to the no
reversal case, and the second is a delay in the evaporator
duct blockage by ice. This delaying effect may be of such
magnitude as to avoid blockage altogether for some water
flow rates. While an efficiency increase has a big
importance on its own, a delay in duct blockage is of
extreme importance for ice-maker heat pumps, because a
delay allows them to operate for a longer time without the
need for costly cycle reversals that reduce performance and
may damage the compressor. For water-source heat pumps,
reversing the water flow direction increases the
difference between the optimum water flow rate and the
flow rate that causes blockage. This is of great
importance, because in the no reversal case this difference
is so small (3x10'5 m3/s), that it would not be safe to
operate with the optimum flow rate, since small variations
in water flow rate or temperature could cause duct
blockage. So the efficiencies shown in Table 5.5 for
water-source heat pumps with no reversal cannot be reached
in a practical case. Higher flows have to be used to avoid
the possibility of blockage.

The irreversibility analysis performs two main tasks.
The first is an overall heat pump irreversibility analysis
that is helpful to indicate possible improvements in the
overall system. The second one is an evaporator
optimization. This optimization uses two objective

functions. One is the total evaporator irreversibility
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generation rate, and the other is a modified form of the
total irreversibility generation rate, where weight factors
have been included to take into account the interactions
between the evaporator and other heat pump components. The
purpose of this optimization is to illustrate the
methodology and compare the optimum results with the
optimum design obtained previously in an overall heat pump
optimization.

The results of the optimization yield optimum designs
for both objective functions that coincide with the optimum
for the overall system. While this is expected for the
weighted irreversibility objective function, it is unusual
for the total irreversibility objective function, since
this does not take into account interactions with other
heat pump components. The reason for these two optimum
designs being equal is that the optimization is restricted
to a single decision variable, and changes of this variable
in the whole range do not change substantially the
operation conditions in other heat pump components. This
limits the interactions that would otherwise deviate the
minimum irreversibility evaporator from the overall system

optimum.

7.2 Recommendations for Future Work

This thesis has shown that the flow reversal method
can be used to improve heat pump efficiency in low-

temperature water-source and ice-maker heat pumps.
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However, two additional tasks are still left to be
performed. The first task is to search for situations in
which the flow reversal method offers higher performance
improvements than those obtained here. The second is a
validation of the results presented here. These two tasks
warrant additional research. This thesis suggests the
following areas of research to accomplish these tasks.

1. Evaluate other evaporator geometries besides the tube-
in-tube evaporator with no fins used in this thesis. This
evaluation may include, but is not limited to, the finned
annulus model. Different evaporator geometries may prove
more advantageous for the fliow reversal method than the
tube-in-tube evaporator considered here.

2. Evaluate experimentally the flow reversal method. This
evaluation is useful for validating the results presented
here. Also, an experimental evaluation may be useful to
obtain improved conditions for the evaluation of the flow

reversal method.
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